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An Experimental Study of Fretting and Galling in Dental Couplings 


By F. EVERETT REED! and JOHN F. BATTER? 


Specimens of materials used in dental couplings were tested in a simplified wear test machine 

which duplicated as closely as possible the actual wear conditions existing in operating 

couplings. The wear patterns that were obtained by tests of short duration on this machine 

duplicated those found in service. The results of tests covering the variables load, speed, 

duration, amplitude of reciprocating motion, surface finish and hardness are presented, 
together with brief discussions of the effects of these variables. 


Nomenclature 


A = total actual contact area in?/in? nominal area 
a = general constant 
b = general constant 
BHN = Brinell hardness number 
F = surface finish, pin. rms 
H = hardness proportional to yield strength in a 
microscopic element 
P = nominal load, Ib/in? 
m = ratio of metal area to total area at a plane cutting 
a rough surface 
R = maximum radial displacement, in. 
rms = root mean square 
rpm = speed in cycles per minute 
n = total number of cycles 
t = time in hours 
L = weight loss, mg 
5 = compressional motion caused by a normal force 
oy = compressional yield strength 


Introduction 


DENTAL couplings, although they operate at tooth loadings 
significantly lower than those found in reduction gears, 
commonly exhibit a higher rate of wear. This wear process 
frequently exhibits the characteristic “worm tracks’ that 
are indicative of the advanced stages of a wear phenomenon 
known as fretting or galling. 

Wear of this type frequently occurs between materials 
which are poorly lubricated and oscillate through small 
motions relative to one another. Dental couplings, though 
they are usually flooded with lubricant, seldom establish a 
hydrodynamic film, as the relative motion is too small. For 
this reason, it is found that the contacting surfaces are 
subject to rapid failure even when the pressure between 
the surfaces is low. 





Contributed by the ASLE Gear Symposium held in Chicago, 
January, 1959. 

1The results presented in this paper were obtained in the 
course of research sponsored by the U.S. Navy, Bureau of Ships, 
under Contract NObs 72304 with Technical Operations, Inc. 

2 Technical Operations, Inc., Burlington, Massachusetts. 
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In order properly to understand the phenomenon taking 
place, it is necessary to investigate separately each of the 
variables affecting the wear process. Although this may be 
accomplished by the testing of large full-size couplings, it 
is a complicated, time consuming, and extremely costly 
process. It was, therefore, considered advisable to design a 
wear test machine to simulate the action of the coupling 
that was economical to operate, could perform accelerated 
tests, and was capable of allowing the investigation of each 
variable independently. 


Experimental equipment 


In order properly to design any piece of test equipment, 
an investigation must first be made of the variables expected 
to affect the tests. Briefly, the variables under investigation 
are: 


. Cyclic speed. 

Load. 

. Duration of test. 

Amplitude of motion. 

Hardness. 

Surface finish. 

. Material. 

Atmosphere. 

. Lubricant. 

. Load distribution (as determined by shape). 
11. Temperature. 

12. Type of motion (sliding or rolling). 


PRON AMAYNS 


The time requirements of the test program precluded the 
inclusion of all of the above variables in the study program. 
Therefore, it was necessary to assign a relative priority to 
the variables of interest. Variables 1 through 7 were chosen 
as the subjects of investigation while variables 8 through 12 
were held constant. 

A wear test machine was designed to give small relative 
motions between two loaded specimens. To obtain these 
motions without fretting in the machine, flexure plates were 
used as shown in Fig. 1. The specimens are clamped to 
surfaces 4 and 6. The upper surface, 4, is constrained to 
move vertically only by the flexure plate, 5, under the load 
imposed by the weighted lever, 1. The upper sample 











Fic. 1. Diagram of wear machine. 


1. Fulcrum arm. 7. Horizontal flexure pivots. 
2. Fulcrum arm support. 8. Machine base. 
3. Fulcrum support. 9. Oil diaphragm. 


4. Upper specimen holder. 10. Eccentric cam. 

5. Vertical flexure pivots. 11. Grinding spindle. 

6. Lower specimen holder. 12. Oil retaining box. 
13. Connecting rod. 


clamped to its surface, 4, rests upon the lower sample con- 
nected to the surface, 5. This lower surface is given small 
translational motions under the restraints of the flexure 
plate, 7, through the eccentric, 10, and the connecting rod 
and flexure plate, 13. The whole unit is submerged in an 
oil bath contained in the box, 12. The eccentric is mounted 
on the end of a precision grinding spindle, 11, and is 
driven through a V belt by a 1 hp 3450 rpm motor. 
Different speeds are obtained by varying the pulley 
diameter. 

The wear test machine was calibrated to determine the 
effect of the elasticity introduced by the structure on the 
load and displacement of the specimens. The spring 
constant of the upper flexure plates was found to be 1500 
nominal psi per inch. However, since the maximum motion 
of the upper flexure pivot between no load and 2000 psi 
nominal load on the specimens was less than 0.01 in. the 
total maximum error introduced by the elasticity of the 
upper flexure pivot was less than 15 psi. 

The effect of the elasticity in the lateral direction on the 
specimen displacement was determined for loads up to 
2000 psi nominal at all cyclic speeds up to 6060 rpm. The 
experimental measurement of lateral deflections was made 
by mounting a fixed electrical contact on the lower oscil- 
lating specimen holder and a double micrometer contact on 
the upper fixed specimen holder. By reading the micro- 
meter measurement when contacts were made at the maxi- 
mum displacement position, the total displacement of the 
lower specimen could be determined. The maximum total 
variation of displacement introduced by the elasticity of 
the wear test machine under test conditions of zero to 
2000 psi nominal load was +0.0010in. for the 0.015, 
0.0225, and 0.030in. radial displacement cams, and 
0.0005 in. for the 0.005 in. radial displacement cam. 

The wear test machine as presently evolved can reproduce 
the following values of each of the variables: 


AND JOHN F, BATTER 








TABLE 1 
Capable Range of Variables 
j | 
Variable 
No. Variable Range 
1 Cyclic speed 3030, 4640, 6060 rpm 
2 Load 100-2000 psi 
3 Duration Any 
4 Radial amplitude of motion | 0.005, 0.015, 0.0225, 
0.030 in. 
§ Hardness Any 
6 Surface finish 0 to 1000 pin. rms 
7 Material Any 
8 Atmosphere Any liquid 
9 Lubricant Any liquid 
10 Load distribution Any (limited by design 
of specimens) 
11 Temperature 60 F-200 F 
12 Type of motion Sliding 











Experimental procedure 


The upper specimen is 0.60 in. wide and 1? in. long and 
the bottom specimen 0.60 in. wide and 1} in. long. They 
are kept coated with grease to insure that no significant 
rust or oxidation is formed. Each specimen was washed 
thoroughly in carbon tetrachloride and weighed on a 
delicate analytical balance just before its test. The esti- 
mated accuracy of this balance is 0.0002 g. 

The test specimen is then carefully aligned in the wear 
machine, the load applied, and the test begun. After comple- 
tion of the test, the specimen is removed, washed in carbon 
tetrachloride and again weighed and the results recorded. 
Each specimen is then heavily greased and stored for 
comparison with other samples. 

After approximately every five to eight tests are run, the 
wear machine is assembled with a specimen pair, one of 
which has been coated with Prussian blue to insure that 
the machine has remained in alignment during the previous 
tests. During the progress of the tests, the lubricating oil 
bath exhibits a slight discoloration, necessitating that it be 
changed or filtered about every 20 to 30 hr of tests 
time. 


Experimental results 


The first series of tests investigating the effects of cyclic 
speed, load, displacement, test duration, hardness, and 
surface finish were conducted upon samples of 4140 steel 
using a 2190 TEP Lubricant bath at ambient temperatures 
of from 70 F to 100 F. All of the specimens tested in this 
series were milled from the same block of material in order 
that absolute uniformity of the specimens be controlled. 
The oil bath in which the specimens were tested was 
periodically drained (about every 20 to 30 hr of test 
time) filtered and returned or replaced (depending upon 
the color of the oil) to insure similar test conditions for 
each specimen. 
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(a) Duration of Test 

The first investigation was to find the effect of test 
duration upon the specimen’s weight loss. Specimens were 
tested at 500 and 1000 psi nominal load for various test 
times varying from 3 to 100 hours. The other test variables 
during this test were held constant at the following values: 


1. Speed 6060 rpm 

2. Lubricant 2190 TEP oil 
3. Maximum radial displacement 0.015 in. 

4. Surface finish 16 pin. rms 

5. Material 4140 steel 

6. Hardness 160-200 BHN 


The results of these tests are shown in Fig. 2, a graph of 


Weight Loss (grams) 
838882 ¢ 





° 10 20 30 40 50 60 70 80 90 100 
Duration of Test (hours) 


Fic. 2. Weight loss as a function of testing time (Reed and Batter, 
“Fretting and Galling in Dental Couplings’’). 
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Fic. 3. Specimens tested for various times at 500 psi nominal load. 








Material 4140 Steel, 183-207 BHN 
Lubrication 2190 TEP oil 
Speed .. ae 4 .. 6060 rpm 
Maximum radial deflection .. 0.015 in. 
Surface finish . . 16 win. rms 
Total weight loss | Test 
Specimen | per specimen pair, | duration, 
No. g hr 
202 0.0343 3 
111 0.0498 10 
105 0.0505 10 
106 0.0744 ae 
107 0.1192 | 100 
| 








the test results, and in Fig. 3, a picture of the samples 
tested at 500 psi nominal load, and in Fig. 4, a pieture of 


104. 


103 





201 


Fic. 4. Specimens tested for various times at 1000 psi nominal 








load. 
Material 4140 steel, 183-207 BHN 
Lubrication sa .. 2190 TEP oil 
Maximum radial deflection .. 0.015 in. 
Speed .. ne 6060 rpm 
Surface finish . . 16 pin. rms 
Total weight loss Test 
Specimen | per specimen pair, | duration, 
No. g hr 
103 0.0422 2 
104 0.0970 2.75 
103 0.1419 10 
201 0.1423 10 











the samples tested at 1000 psi load. It is significant that 
even after 100 hours at 500 psi load, the wear rate is still 
changing with time though at a decreasing rate. Both the 
tests performed at 500 psi and 1000 psi are well fitted by 
the equations: 

n 





b 
L = a = af 2<t<100hr [1] 


60 rpm 
where the constants: 


a = 24.4 for 500 psi tests 
= 67.0 for 2000 psi tests 
b = 0.333 for both 500 and 1000 psi tests 


(b) Test Speed 


The second variable that was tested was the effect of 
test speed upon specimen weight loss. Tests were con- 
ducted at various speeds holding the following other test 
variables constant: 


1. Duration of test 10 hr 

2. Lubricant 2190 TEP oil 
3. Maximum radial displacement 0.015 in. 

4. Surface finish 16 pin. rms 

5. Material 4140 steel 

6. Hardness 160-200 BHN 
7. Load 500 psi nominal 


Figure 5 is a graph presenting the experimentally 
obtained information. A picture of the specimens tested is 
presented in Fig. 6. Not only does the total weight loss for 
the 10 hr test run decrease with increasing speed, but so 
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Fic. 5. Weight loss as a function of cyclic speed. 


210 





Fic. 6. Specimens tested at various speeds. 











Material 4140 steel, 183-207 BHN 
Lubrication 2190 TEP oil 
Nominal load 500 psi 
Surface finish .. 16 pin. rms 
Duration of test .. 10hr 
Maximum radial deflection .. 0.015 in. 
| Total weight loss 
Specimen | per specimen pair, Speed, 
No. g rpm 
210 =| =~ 0.1009 3030 
209 0.0613 4640 
105 0.0505 6060 
111 0.0498 6060 








also does the weight loss per cycle. A possible explanation 
for this phenomenon may be that a thin partial lubricant 
film is established at higher speeds. However, at the 
present time, the existence of this film has not been estab- 
lished experimentally. 

The points in this series of tests do not fit a simple 
exponential curve. If the results of this test are expressed 
in terms of a functional relationship that also incorporates 
the variation of wear with time, the form of the resulting 
equation becomes: 


L = a( 





+ 
Dom) (Pm r) 


or more simply: 


L = an' (rpm) [3] 
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When the weight loss at 3030, 4640 and 6060 rpm are used 
to evaluate the constants, it is found that: 


a = 18,380, b= —1.44 


(c) Test Displacement 


The third variable that was tested was the effect of 
specimen displacement upon weight loss, Specimens were 
tested at maximum radial displacements of 0.005, 0.015, 
0.0225 and 0.030in. The other test variables were held 
constant at the following values during these tests. 


1. Duration of test 10 hr 

2. Lubricant 2190 TEP oil 
3. Surface finish 16 pin. rms 

4. Material 4140 steel 

5. Hardness 160-200 BHN 
6. Load 500 psi nominal 
7. Speed 6060 rpm 


Figure 7 illustrates the results obtained by this experiment 


Weight Loss (grams) 


No. 301 





Maximum Radial Displocement (inches) 


Fic. 7. Weight loss as a function of amplitude of motion. 


in graphical form. Figure 8 illustrates the individual speci- 
mens after the test. 

There is a significant difference in the amount and 
character of the wear when the radial displacement in- 
creases from 0.0225 to 0.030 in. At the smaller displace- 
ments the wear surface has the rough plowed surface 
characteristic of galling. The metal retains its normal 
color. However, when the larger displacement is reached, 
the wear is characterized by large fissures of roughly semi- 
circular cross section that extend across the specimens 
approximately perpendicular to the direction of motion. 
The samples are discolored indicating local heating. Fre- 
quently there are several of these fissures, which have 
been called “worm tracks”. 

The reason for the worm tracks is not known. In some 
samples, the material at the end of the track at the boundary 
has not yet been removed, and there are evidences of fatigue 
cracks having roughly the shape of the cavity. Therefore, 
it appears that elements of roughly semicircular shape 
having about the same diameter as the amplitude of motion 
are broken out of the samples by fatigue. The worm tracks 
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Fic. 8. Specimens tested at various displacements. 








Material 4140 steel, 183-207 BHN 

Lubrication 2190 TEP oil 

Nominal load 500 psi 

Duration of test 10 hr 

| Total weight 
Speci- loss per Radial Surface | Speed, 

men | specimen pair, | displacement, finish, rpm 
No. g in. pin. rms | 
203 0.0349 0.005 16 6060 
111 0.0498 0.015 16 6060 
105 0.0505 0.015 16 6060 
301 0.0527 0.0225 16 6060 
302 0.4933 0.030 16 6060 
205 0.5182 0.030 16 6060 
204 0.5937 0.030 16 6060 
209 0.0613 0.015 16 4640 
211 0.1377 0.030 16 4640 
322 0.0537 0.015 8 4640 
320 0.6883 0.030 8 4640 
321 01.3925 0.030 8 4640 

















on the lower specimen correspond to the adjacent worm 


of the smaller specimen. Since the specimens actually 
tracks on the upper specimen. It is believed that high 


touch only on a few high spots called asperities, the actual 





concentrated loadings carried by either hard contaminating 
particles rolling between the two surfaces or by thermal 
gradients set up by surface friction contact are the cause 
of the worm tracks. 


loads are much higher than these nominal loads. Tests 
were performed at loads ranging from 300 psi to 2000 psi 
nominal load under the following conditions: 


PEE . 1. Duration of test 10 hours 
Where worm tracking is not present, the weight loss : . 

points fall on a smooth curve, which appears to be repeat- 2. eee ; 2190 TEP oil 

able. Where worm tracking occurs very large weight 3. Surface finish 16 win. rms 

losses occur and these do not appear to be repeatable. It ‘. Material 4140 steel 

is possible to write an analytical expression for the weight ‘ rena i 160-200 BHN 
i f the radial displ t fi that F 6060 rpm 

oe ccepteteoierrghadbaabecre dion. reg rmaanipes thers 7. Maximum radial displacement 0.015 in. 


does not involve worm tracking. This equation takes the 
form: 


L = aR+b(1—e®°) [4] 
where the constants: 


a= 187, b= 48.7, and ¢ = —239.2. 


(d) Test Load 


Another of the important variables that was tested was 
specimen load. The nominal load is determined by the 
force applied to the specimen divided by the surface area 


Figure 9 illustrates the results of these tests in graphical 
form while Fig. 10 shows the individual specimens after 
the test. It may be noted from Fig. 10 that the character 
of the wear patterns seems to be the same no matter what 
the load. 

The best curve to fit the test results appears to be a 
linear function of the form: 


L=a+bP [5] 
where: 


a= —41.2, b = 0.1808 








Weight Loss (grams) 
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No S208 





Nominal Load (psi) 


Fic. 9. Weight loss as a function of load. 





Fic. 10. Specimens tested at various loads. 


Material 
Lubrication 


4140 steel, 183-212 BHN 
2190 TEP oil 











Maximum radial displacement 0.015 in. 
Surface finish .. 16 pin. rms 
Speed .. ss 6060 rpm 
Duration of test 10 hr 
Total weight loss Test 
Specimen | per specimen pair, | duration, 
No. g psi 
112 0.0207 300 
111 0.0498 500 
105 0.0505 500 
103 0.1419 1000 
201 0.1423 1000 
208 0.2310 1500 








(e) Effect of Specimen Hardness 

Another of the test variables was the effect of specimen 
hardness upon weight loss. Specimens were tested at 
various hardnesses ranging from 190 to 415 BHN keeping 
the other parameters constant at the following values: 


1. Material 4140 steel 

2. Lubricant 2190 TEP oil 
3. Maximum radial displacement 0.015 in. 

4. Surface finish 16 win. rms 
5. Speed 6060 rpm 

6. Duration of test 10 hours 

7. Nominal load 500 psi 


Figure 11 is a graph of the results of these tests. Figure 
12 is a picture of the samples after testing. 
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Hardness, Brineli Hardness Number 


Fic. 11. Weight loss as a function of hardness. 


This series covers ten specimens of the same material but 
hardened by different heat treatments. Hardening does not 
appear to reduce the wear significantly in this series. 
However, it will be noted that the hardest specimens are 
worm tracked. For the softer material, a radial displacement 
of 0.030 is required for worm tracking but hard materials 
appear to worm track at lower displacements. 

In the later tests using different material for the speci- 
mens, a wide range of hardness is obtained. From these 
tests it appears that hard specimens wear less than soft 
ones so long as the hardness does not result in wear in the 
form of worm tracking. With the hard specimens, several 
samples showed no wear but only a burnishing after the 
ten-hour test. From this, it would appear that a breakdown 
of the surface must be initiated in order to have wear and 
that this breakdown is not as apt to occur in hard surfaces 
as it is in soft. When the wear is initiated, it appears that 
the harder materials are more susceptible to worm tracking 
than the soft, and, therefore, may deteriorate more 
rapidly. 


(f) Effect of Surface Finish 

The last of the variables that was selected to vary, 
holding the others constant, was surface finish. Several 
tests were run on the effect of surface finish at different 
values of the other parameters. However, the only test 
results that were complete enough to draw conclusions 
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Fic. 12. Specimens of different hardness. 


Material a e .. 4140 steel 
Lubrication .. on .. 2190 TEP oil 
Maximum radial displacement 0.015 in. 
Surface finish .. 5 .. 16 pin. rms 
Duration of test a .. Ae 
Nominal load e .- 500 psi 
Speed .. an Va .. 6060 rpm 





Total weight loss Test 
Specimen | per specimen pair, | duration, 
No. g BHN 





se 0.0505 195-196 
11 | 0.0498 203-204 
303 0.0394 237-243 
304 0.0608 237-243 
305 0.0313 247-253 
306 | 0.0441 | 247-253 
307 | 0.0425 | 325-335 
308 | 0.0560 | 325-335 
335 | 0.0260 415-420 
336 | 0.0500 | 415-420 
a9 0.0021 534 

420 0.0926 | 534 








from were those tested at 6060 rpm and 0.015 in. displace- 
ment. The other test variables were held constant as 
follows : - ax 


1. Material 41410 steel 

2. Hardness 190-210 BHN 
3. Lubricant 2190 TEP oil 
4. Duration of test 10 hr 

5. Nominal load 500 psi 


°o 


Figure 13 is a graph of the results of these tests. Figure 
14 shows these test specimens after test. 

The investigation of surface finish covers two different 
series of tests. In the first tests, the roughness samples 
were numbers 312 through 318. In the later series, these 
roughness samples were numbers 429 through 434. In all 
cases, the samples were prepared by cutting on a lathe face 
with the roughness determined by the depth of the cut. A 
random orientation of tool marks was obtained by placing 
the centers of the cuts on opposite sides of the wearing 
surface. Top and bottom surfaces were cut at the same 
time. In the first series of samples, the roughness was 
obtained by cutting deep V grooves with a tool having 
approximately an 80° face in smooth samples. As a result, Fic. 13. Weight loss as influenced by surface finish. 


Weight Loss (grams) 


o 
318 


Surface Finish (u inches RMS) 
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Fic. 14. Specimens tested with different surface finishes. 


Material 


4140 steel, 193-213 BHN 








Lubrication 2190 TEP oil 

Nominal load 500 psi 

Duration of test 10 hr 

Total weight | Maximum 

Speci- loss per Surface | Speed, | radial 
men | specimen pair, | finish, | rpm | displacement, 
No. g | pin. rms | in. 
312 0.0625 8 | 6060 | 0.015 
111 0.0498 | 16 | 6060 | 0.015 
105 0.0505 | 16 | 6060 | 0.015 
429 0.0726 | 132 | 6060 | 0.015 
430 0.1063 | 140 | 6060 | 0.015 
313 0.0253 | 150 | 6060 | 0.015 
431 0.0380 | 250 | 6060 | 0.015 
432 0.0472 | 250 | 6060 | 0.015 
433 0.0373 500 6060 0.015 
434 0.0875 | 500 6060 | 0.015 
318 0.0165 | 575 6060 | 0.015 
315 0.0144 | 1000 6060 0.015 
314 0.5010 | ~ 6060 0.030 
302 0.4933 | 16 6060 | 0.030 
316 0.3977 | 150 | 6060 | 0.030 
319 0.2258 | 550 6060 | 0.030 
325 0.0415 15 4640 | 0.015 
326 0.0441 15 4640 | 0.015 
327 0.0376 65 4640 0.015 
328 0.0441 65 4640 0.015 











the surface was essentially a smooth surface cut with 
regular grooves. In the second series, the roughness was 
obtained by cutting away all the metal with a cutter having 
a 120° included angle. The depth of cut was established by 
the feed and, as far as the material would allow clean cuts, 
the grooves and peaks were sharp. The wear behavior of 
these two series of roughnesses was markedly different. 
The surface that retained its flat tops showed much less 
wear at high roughness than the smoothly finished sample. 
This is best shown by comparison between samples 315 
and 318 and samples 433 and 434. 


(g) Tests of Other Materials 


A series of eight specimen types were tested at 4640 rpm 
and 6060 rpm to give an indication of the relative merits 
of one material compared with another. The results of 
these tests are shown in graphical form in Figs. 15 and 17, 
and pictures of the test specimens are shown in Figs. 16 
and 18. Several general statements may be made from these 
results. First the reproducibility of the hard specimens was 
extremely poor at either 4640 or 6060 rpm. These tests 
show the same type of reproducibility as that of the 
hardened 4140 specimens. 
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Weight Loss (Grams) 
-O00! .@] 0.01 O02 003 004 Q05 O06 
L 











1 oe aa er 
Specimen No. Material Hardness 
it 4 Annealed 4140 BHN 204 
105 ° Annealed 4140 BHN 196 
I26 8 Annealed NitralloyN Re 33 
125 B Nitrided Nitralloy N Re 31.5 
T 
i248 Nitrided 4140 Re 37 
4238 Nitrided 4140 Re 37 
4238 Ist Rerun 
T 
423 B 2nd Rerun 
T 
113 4 4340-S BHN 388 
114 8 4340-S BHN 388 
115 8 Nitrided 4340 Re 55 
116 B Nitrided 4340 Re 55 
T 
419 8 Ind. Hrd. 4140 Re 55 
419 B Rerun 
T 
7 
q 4208 Ind. Hrd. 4140 Re 55 
T 
a7 8 Corb. 8620 Re 6I 
at Carb. 8620 Re 61 
418 B Ist Rerun 
T 
418 B 2nd Rerun 
T 
418 B 3rd Rerun 
T 
421 8 Nitrided 4340 Re 55 
T ind. Hrd. 4140 Re 32 
4228 Nitrided 4340 Re 55 
T ind. Hrd. 4140 Re 32 
‘ 1278 Brg. Bronze BHN 56 
bi Annealed 4140 BHN 207 
128 B Brg. Bronze BHN 56 
T Annealed 4140 BHN 207 
Fic. 15. Weight loss as influenced by material—6060 rpm. 

The lack of reproducibility indicates a degree of random- = showed a burnishing effect, and it was necessary to put 
ness increasing with hardness. On some of the harder them in the machine for further testing. On the second run 
specimens, namely specimens 418, 419, 423, 424, and 426, specimens 418 and 423 again were only burnished but not 
it was found that during the standard ten-hour test the | worn. Specimen 418 held up for yet a third run and 
samples did not wear to any significant degree but only _ exhibited galling on the fourth run. On all of these samples, 
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Fic. 16. Specimens of different types compared at 6060 rpm. 


Lubricant 
Nominal load 


Maximum radial displacement 


2190 TEP oil 
500 psi 
0.015 in. 





Total weight 





| Total weight 





Specimen | loss per 
No. | specimen pair, 
g 
111 | 0.0498 
105 0.0505 
126 | 0.0163 
125 | 0.0240 
124 | 0.0228 
423 0.0001 
| 
423. | 0,001 
1st re-run | 
425 0.0583 
2nd re-run 
113 | 0.0246 
114 0.0230 
115 | 0.0314 
116 | 0.0762 
| 





Specimen | loss per 
No. specimen pair, 
| g 
419 0.0021 
419 | 0.0227 
re-run | 
420 0.0926 
417 0.0429 
418 0.0051 
418 0.0001 
1st re-run 
418 0.0005 
2nd re-run | 
418 0.0167 
3rd re-run 
421 0.0277 
422 0.0295 
127 0.0382 
128 0.0486 








once wear was initiated, it was of the worm tracking type, 
and the wear rate was rapid. It is significant that sample 417, 
which was of the same material as 418 and subjected to 
identical heat treatment and grinding procedures, exhibited 
galling on the first run. 

One of the possible explanations of this somewhat 
random wear behaviour would be variations in the locked-in 
stresses induced by heat treatment and grinding. Another 
possible explanation is based upon the presence of contami- 
nants in the interface. It is assumed that with the normally 
finished surface the lubrication boundary layer film is 
adequate to separate the two surfaces. Some of the more 
conspicuous asperities might be ground off, but in general, 
they will be ground off in such small particles that they 
can be engulfed in the film. However, if too large an asperity 


is broken off, or if there is some particle that is caught 
between the two surfaces that is as hard or harder than the 
metal of the surface, then a wear sore is initiated. This sore 
may then supply further contaminants accelerating its 
growth. Hard materials are less apt than soft to have wear 
initiated because: 1, they are harder than most of the 
contaminating particles that are inevitably trapped bet- 
ween the surfaces; and 2, when the asperities are broken 
off, they are so small that they can be engulfed in the 
boundary film or be carried out of the surfaces. The grooves 
in the smooth surface that were so effective in reducing 
wear in the surface finish tests are effective because they 
constitute a sink for original and eroded particles and 
provide an oil reservoir for maintaining a boundary oil 
film. 
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Specimen No. Material Hardness 
123 6 Nitrided 4140 Re 37 
T 
424B Nitrided 4140 Re 44 
x 
424B Rerun 
Ey 
120 : Ind. Hrd. 4140 Re 55 
119 B Ind. Hrd. 4140 Re 55 
T 
425 B Hi Ni Steel Re 55 
T 
<ea8 Hi Ni Steel Re 55 
426 B Rerun 
T 
428B Bronze 4140 Rb 2 
ai Re 16.5 
4278 Bronze 4140 Rb 85 
é y Re 16.5 
118 B Carb. 8620 Re 48 
T Re 38.5 
117 B Carb. 8620 Re 48 
T Re 38.5 
121 B Nitrided 4340 Re 25 
T Ind. Hrd. 4140 Re 53 
122 B Nitrided 4340 Re 25 
T Ind. Hrd. 4140 Re 55 


-0.0! Oo 8 OO! 





Weight Loss (Grams) 


002 003 004 
ae i $. L t j 





Fic. 17. Weight loss as influenced by material—4640 rpm. 


The wear equation 


From the equations that have been developed from the 
various tests it is possible to formulate an empirical general 
wear equation for wear in 4140 steel of 160-200 BHN for 
small variations from the following test conditions: 


1. Time 10 hr 

2. Speed 6060 rpm and less 

3. Displacement 0.015 in. 

4. Load 500 psi nominal 

5. Surface finish 16 win. rms 

6. Lubricant 2190 TEP oil, 
flooded 


Equation [6] is a composite of those previously developed. 
Such an equation may be useful in developing an under- 
standing of the mechanism that causaes wer. This equation 
is: 


+ 
n 
L = a———— [R+0.26(1—e-*%8taR)] (P—228)F [6] 
rpm 1.44 
Because of its empirical nature, this equation can be used 
only within narrow application. 


General considerations 


Although, generally, wear cannot be categorized as of 
any one particular type, special tests can distinguish 
between four fundamental types of wear processes. These 
are designated as adhesive wear, fatigue wear, abrasive 
wear and corrosive wear. This program has been concerned 
with adhesive, fatigue and abrasive wear and the effects 
of such mechanical parameters as load, speed, hardness and 
surface finish on the wear. Corrosive wear, to the best of 
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Fic. 18. Specimens of different types compared at 4640 rpm. 











Total weight 
Specimen loss per 
No. specimen pair, 
g 
123 0.0324 
424 0.0009 
424 0.0199 
re-run | 
120 0.0224 
119 0.0238 
425 0.0350 
426 0.0006 








Total weight 
Specimen loss per 
No. specimen pair, 
| o 
426 0.0370 
re-run 
428 0.0199 
427 0.0407 
118 0.0196 
117 0.0231 
121 0.0066 
122 0.0203 
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Fic. 19. Metal area in a rough surface. 


our knowledge, is not an important factor. It is well to 
consider these types of wear in order to apply the available 
knowledge on wear to the coupling problem. 


(a) Adhesive Wear 

Adhesive wear occurs as the result of metallic contact 
between the wearing parts. It is characterized by local 
contact welding of the asperities, or crowns (where the 
metal surfaces touch under the normal pressure) and then 
the shearing off of these welded junctions under movements 
between the two surfaces. In its advanced stages, adhesive 
wear is recognized by galling when large sections of metal 
are transferred between surfaces. As might be expected, it 
is found that adhesive wear is more pronounced at high 
temperatures and between metals that are mutually soluble. 
The presence of substances that form protective compounds 


with exposed metallic surfaces, such as high pressure 
additives, soaps, etc., tend to reduce adhesive wear. Be- 
tween metals of different hardness in adhesive wear, the 
metal having the lower melting point will transfer to that 
having the higher melting point. 


(b) Fatigue Wear 


Fatigue wear occurs when the contact stresses in one or the 
other or both of the mating surfaces are greater than the 
fatigue strength of the material. For example, the pitting 
of bearing surfaces is usually caused by fatigue stresses. In 
ball bearings that are heavily loaded, fatigue stresses result 
in the removal of a shell on the surface of the balls and 
races because the maximum shearing stresses from the 
contact loads are under the surface. The particles that are 
broken from the surface may be quite large and may cause 
a breakdown of the surfaces between which they roll, but, 
generally, the damage is restricted to the broken out 
sections. The specimens that were tested in this program, 
because of the small reciprocating motion, were particu- 
larly prone to fatigue wear and the worm tracks present 
striking examples of this type of wear. Increasing load, 
speed and amplitude of motion will increase the fatigue 
wear. 


(c) Abrasive Wear 


Abrasive wear is that caused by the gouging of material 
from one surface by surface asperities, contaminants, etc., 
on the other surface. Grinding, lapping, polishing and 
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sandpapering are examples of abrasive wear. If the contam- 
inating particles are smaller than the oil film thickness or 
are of a softer material than the load surfaces, abrasion is 
not usually a problem. Some bearing materials, like the 
babbits, are able to absorb abrasive particles so that they 
present a nonabrasive surface to the mating surface and do 
not cause wear. Abrasion may polish the surfaces in some 
cases and actually improve the bearing surfaces. In other 
cases, abrasion will plough or roughen up the surfaces 
initiating adhesive and fatigue wear. Abrasion can also 
accelerate corrosive wear by cleaning the metal surfaces so 
that chemical action is accelerated. 


(d) Corrosive Wear 


Chemical effects, either by the formation of acids, bases 
or salts, or by electrolytic reactions, can cause deterioration 
of bearings. Sometimes these chemical reactions form 
protective films and actually reduce wear. Because of the 
short test interval, corrosive wear is not important in the 
tests and since both elements of the couplings are normally 
made of steel, it is not believed that corrosive wear is 
significant in the actual couplings. 


(e) Analytical Considerations 


A theory of wear between metal surfaces is not complete. 
For dry surfaces there is a theory that explains metallic 
friction and wear to a degree. For surfaces lubricated by 
oil films, theoretical explanations exist for resistance to 
motion and the wear is negligible. For sliding over partially 
lubricated surfaces, considerations of wear are generally 
nonexistent. 

By considering the action of the sliding between the 
surfaces where a film is not established, but there are some 
oil pockets to carry a portion of the load, it is possible to 
explain some of the terms in the empirical equation. 
Consider that the oil carries some limiting pressure, Ly. 
This limiting hydrodynamic loading might be set by 
surface tension, by the limiting size of an oil molecule or 
by the strength of the bond between the oil and the surface. 
The remainder of the load must be carried by metallic 
contact. It is this metallic contact that in fracturing causes 
the wear and galling. 

The surface of the metal consists of many peaks and 
hollows forming a randomly rough surface. Suppose that 
a graph is drawn of the amount of metal area that is cut 
by a plane parallel to the surface as it moves into the surface 
of the metal. This might look like Fig. 19. As the plane is 
moved down from the contact with the highest asperity 
into the base metal the area of metal will increase as shown 
in the figure. When the two plates are pressed together the 
area that is required to support the metallic carried load is 


P—Py 7) 
oy 


It is of interest to decide how closely the two surfaces 
will penetrate each other when this load is carried. Let the 
ratio between 6 and m in Fig. 19 be m = K8. When two 
identical surfaces are pressed together so that the total 


A* = 





motion between them after the plane of the peaks of the 
asperities are coincident is 25, then the area in contact will 
be m2. This is because a large number of the asperities on 
the upper surface will land in valleys in the lower surface 
so that only an mth part of the planar area of the upper 
surface will be available to contact the mth part of the 
lower surface that exists at this depth. Since this area must 
be the bearing area of the metallic contact: 


P-P; 


Oy 


m? = 





[8] 


When the one surface is moved relative to the other, the 
portion of the metal in each lying above the common 
bearing surface is swept off. The volume of this metal for 
each unit area of the surface is 


A EY) 


The total metal removed—assuming that the graph of 
metal area against distance remains unchanged in spite of 
the wear processes—is equal to the volume of metal lying 
above the interface on each of the two surfaces for each 
unit of surface area, times the distance traveled. This can 
be expressed by the equation: 


P-P; 


Oy 














L=C nR [10] 
To account for the effect of speed is more difficult. Because 
the asperities are minute, the strain rates in their fracture 
become very large, and it may be that the increase in tensile 
strength resulting from the high strain rates may become a 
factor. A proper consideration of these will require more 
tests to assure that the empirical equation is reasonable, and 
more study to explain the phenomenon. 


Conclusions 


Based upon the tests that have been run, the following 
conclusions are presented : 


1. The machine and samples give a good simulation of 
the wear occurring in service in dental couplings. 


2. A reliable indication of the type of wear and a quanti- 
tative measure of the amount of wear when the samples are 
subjected to varying load conditions can be obtained from 
tests running for as short a time as ten hours. 


3. With annealed steel, wear can be expected even at 
light loads and small amplitudes of motion. 


4. As the wearing surfaces are made harder, the wear will 
generally decrease. However, hard surfaces are more apt 
to fail under fatigue loading, and if so, at a high wear rate. 


5. It appears that grooves in the surface of wearing 
specimens, by forming pockets for oil and contaminants, 
are effective in decreasing wear. 


6. In soft materials wear seems to start extremely early 
in the tests (several specimens used to align the machine 
showed wear after only one or two minutes’ running time) 
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and it continues throughout the tests at a decreasing rate. 
It should be noted that the wear rate at high nominal loads 
has the same exponent as at the lower loads. 


7. Test speed affects the tests significantly. An increase 
in test speed decreases the wear rate both on a per hour 
basis and on a per cycle basis. This phenomenon may, in 
part, be explained by the establishment of a partial hydro- 
dynamic film between the specimens, but there is no direct 
experimental evidence as to the completeness of this film. 


8. As test displacement increases, the wear rate increases 
linearly until a critical maximum radial displacement of 
approximately 0.0225 in. is reached for soft materials. This 
critical displacement is somewhat less for hard materials. 
Thereafter, the character of the wear changes from ‘“‘scor- 
ing” wear to “worm track” wear. At these larger radial 
displacements, large amounts of power are absorbed by 
the specimens. This large amount of power causes sub- 
surface fatigue cracks allowing macroscopic sized metal 
chips to be broken free of the surface. 














Analytical Study of Surface Loading and Sliding Velocity of 
Automotive Hypoid Gears 


By D. L. POWELL! and H. R. BARTON! 


An experimental and analytical study has been undertaken to determine the lubrication 
environment of automotive hypoid gears under severe dynamic operating conditions. Results 
of an experimental investigation of gear loading and an analytical study of gear sliding under 
laboratory and field operating conditions in both automobiles and trucks are presented. The 
sliding relationships of four representative gears are discussed and the effects of changes in 
pinion offset and gear ratio on sliding velocity are studied. Increases in pinion offset and 
gear ratio both tend to increase the sliding velocity of hypoid gears. The present trends in 
automobile hypoid gear design are toward greater pinion offset and lower gear ratios. These 
two average trends are of opposite effect on gear sliding and tend to cancel each other. The 
sliding velocity of any particular gear set would have changed considerably in recent years 
if the design changes were primarily in one factor. 


Introduction 


In the nearly three decades since the introduction of the 
hypoid gear in this country, this unusual gear type has 
received almost universal adoption as the final axle drive 
for passenger cars and trucks. In spite of the wide adoption 
of these gears throughout the automotive industry the 
phenomenon of boundary lubrication, especially under 
conditions of rapidly changing load and speed, is still not 
fully explained. 

Excellent research has been conducted and reported on 
the general topic of extreme pressure lubrication. Much of 
the recent activity in this area has been influenced by the 
application of high speed aircraft gas turbine gearing. 
These studies have been instrumental in providing more 
basic data on the fundamentals of gear lubrication. Unfor- 
tunately, the application of these data to the hypoid gear 
lubrication system is complicated by the lack of knowledge 
of the lubrication environment of the hypoid gear. In a 
recent paper (1) the authors were concerned with the 
hypoid lubrication parameters which need to be investi- 
gated to provide a proper technical basis for applying the 
basic information available on extreme pressure lubrication 
to the hypoid gear system. The unknown parameters of 
hypoid lubrication listed were: 


1. Magnitude of tooth loading at normal and severe 
operating conditions. 

Tooth contact areas under such load conditions. 
Temperature of tooth contact areas at instant of con- 
tact and between contact times. 

Chemical behavior of lubricant—-metal combinations 
at pressures and temperatures existing at instant of 


tooth contact. 


a 
3. 


4. 





Contributed by the ASLE Gear Symposium held in Chicago, 


January, 1959. 
1 Armour Research Foundation of Illinois Institute of Tech- 
nology, Chicago 16, Illinois. 
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5. Physical properties of extreme pressure films at 
instant of tooth contact. 


It is apparent that the investigation of these parameters is 
not easily accomplished by either experimental or analytical 
means. 

The work at the authors’ laboratory has been primarily 
concentrated on the measurement of transient loadings 
produced by the shocking of automotive drive systems and 
on the calculation of the appropriate sliding velocities of 
the gears under these same conditions. These conditions 
were particularly interesting because of the widespread 
practice by gear and vehicle manufacturers in utilizing 
shock-type procedures to differentiate between acceptable 
and unacceptable lubricants in the hypoid rear axles. 

During the course of the studies reported herein the 
drive systems used were similar to those employed widely 
in gear lubricant test procedures or in field test work at 
the Yuma Test Station under sponsorship of the Army 
Ordnance Corps. The four hypoid gears studied were: 


1. A light passenger car axle gear (4.11:1 ratio) used in 
the CRC L-19 test. 

A light passenger car axle (3.92:1 ratio) used in the 
CRC L-42 test. 

The axle gear from the Army M-37 4x4 truck 
(5.83:1 ratio) used in the CRC L-20 and L-37 tests. 
The axle gear from the Army M-211 6x6 truck 
(6.17:1 ratio). 


The measurement of dynamic torque in all of the above 
listed axles was accomplished by using electric resistance 
strain gages which were mounted on the axle shaft of the 
vehicles. The signal from the strain gages was carried to a 
light-beam type oscillograph through slip ring assemblies. 
A detailed description of the instrumentation involved in 
these measurements has previously been published (1) 
by the authors. 

The method of computing the sliding velocities was one 
which has been in use for several years and is described in 


2. 


. 5 


4. 








references (2) and (3). This computation method was 
employed with minor changes to facilitate the adoption of 
the system to a high speed digital computer. The compu- 
tation of sliding velocity was programed for the digital 
computer with an interpretive system which provides for 
programing in a simplified code language using the floating 
decimal point. The interpretive system then translates the 
program instructions and data into the basic machine 
language. A computation time penalty results when this 
system is used but for a program of this size the extension 
of running time is of little importance when compared with 
the convenience of programing. 


Discussion of results 


The computation of sliding in automotive hypoid gears 
has provided pertinent information in four general areas. 
It has provided: (a) a more detailed understanding of the 
sliding relationships in these gears; (b) data on the sliding 
velocities of gears under standard test conditions; (c) data 
on sliding velocities of gears under the conditions of the 
Yuma Ordnance field tests; and (d) an understanding of 
the effect of gear design changes on sliding velocity. In the 
discussion that follows, each of these topics will be con- 
sidered separately. It should be remembered that the 
calculation of the sliding velocity of these gears is based on 
the sliding at the mean radius of the ring gear. The compu- 
tation of sliding on other planes is greatly complicated by 
the intricate geometry involved. It is reasonable to suppose 
that the sliding velocity at the heel root of the tooth is 
greater than at the root on the mean diameter, but the 
values presented herein should provide an approximate 
average of the sliding velocities which occur on the teeth. 


Sliding Relationships 

The direction of slide on the mean radius varies across 
the profile of the teeth. At the bottom of the tooth contact 
pattern on the gear the angle between the horizontal and 
the direction of slide is a maximum and decreases to zero 
at the pitch line. As an example of the sliding of these 


gears, a vector plot of sliding at various points on the mean 
radius of the M-37 truck gear is shown in Fig. 1. It will 
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Fic. 1. Direction and velocity of sliding on M-37 truck ring gear. 
View looking at face of tooth, centerline of ring gear at right. 
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be noted that the direction of sliding in either the addendum 
or dedendum tends to become parallel to the pitch line as 
the pitch line is approached. Since the vector component 
of sliding is approaching zero and the horizontal component 
is also decreasing as the pitch line is approached, the vector 
sum of the relative sliding velocity is decreasing. 

The direction of sliding of a hypoid gear is graphically 
shown by the pattern of “ridging” failure. Figure 2 is a 





Fic. 2. Ridging failure on M-37 truck ring gear. 


photograph of “‘ridging” failure on the same gear as is 
described in Fig. 1. The similarity in pattern between the 
ridging lines on the gear teeth and the direction of slide 
shown in Fig. 1 is self-evident; during ridging, the metal is 
caused to flow in the direction of slide. Figure 3 shows the 
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Fic. 3. Comparison of angle of slide across profile for four auto- 
motive gears. 
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angle of slide across the profile on the mean radius of the 
four gear sets studied. It may be noted from Fig. 3 that for 
these gears the angle of slide decreases (i.e. the longitudinal 
component of slide becomes relatively more effective than 
the vertical component) as the gear ratio is decreased. 
However, the gear sets from the L-42 and L-19 tests failed 
to fall in order of their gear ratio. It is evident that the 
sliding angle is affected by a number of other factors in 
addition to the gear ratio. From an analysis of the geo- 
metry of gears it may be seen that some of the other design 
factors which influence relative sliding are mean gear 
radius, spiral angles, pressure angles, and offset. It is a 
variation of some of these factors which explains the greater 
angle of slide with the L-42 gear than with the L-19 gear. 
The sliding velocity of hypoid gears is directly propor- 
tional to the rotational speed of the gears. Therefore, in 
this analysis the term “specific sliding velocity” denotes 
the rate of sliding of contact points for each revolution per 
minute of the ring gear. The units of this expression are 
feet per second per revolution per minute of ring gear. 
The specific sliding velocities of each of the four gears 
studied are plotted in Fig. 4. The gears were aligned in 
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Fic. 4. Comparison of specific sliding velocity for four automotive 
gears. 


order of decreasing specific sliding velocity as follows: the 
M-211 truck gears, the M-37 truck gears, the gear from 
the CRC L-19 test, and the gear from the L-42 test. It 
will be observed that as the gear ratio increased the specific 
sliding velocity increased. It would seem reasonable to 
expect a greater sliding velocity with a higher gear ratio. 
The relationship between gear ratio and sliding velocity 
will be discussed in more detail later. However, the factors 
of mean gear radius, spiral angles, pressure angles, and 
pinion offset affect the rate of sliding as well as the angle of 
slide. 


Comparison of Sliding and Loading in Full-scale Lubricant 
Tests 
The computation of sliding velocities and the measure- 
ment of dynamic torque loadings of the four gears selected 
for this program provided interesting comparisons between 


the loads and sliding velocities in well-known gear lubricant 
test procedures. Table 1 gives the unit loadings and 


TABLE 1 
Comparison of High Speed Shock Test Gear Conditions 

















| Axle Axle Sliding 
Operating condition | torque, | speed, Load, | velocity, 
| Ib/ft* rpm_ | lb/in.-face| ft/sec 
CRC L-42 
Sequence 1 
10 min. | 80d 600 202d 15.5 
20 min. | 104d 850 262d 21.9 
Sequence 2 
Cycling between | 
min. speed | 1250d | 550 3152d 14.2 
max. speed | 820c | 1100 2068c 28.4 
Sequence 4 | 
Cycling between 
min. speed 1950d 550 4917d 14.2 
. max. speed 1470c 650 3707c 16.8 
CRC L-19 
Run-in (25 mph) 79d 312 211d 9.2 
Cycling between 
10 m.p.h. 625d 125 1671d a7 
40 m.p.h. | 760c 500 2032c 14.7 
Cycling between 
60 m.p.h. | 950d 750 2567d 22.0 
80 m.p.h. | 770c 1000 2059c 29.4 








* “qd”? indicates loading on drive-side of gears, ‘“‘c’’ indicates 
loading on coast-side of gears. 


maximum sliding velocities under important conditions of 
the CRC L-19 and CRC L-42 high speed shock tests. For 
comparative purposes, the data on dynamic torques in 
this table have been reduced to unit loadings in terms of 
pounds per inch of gear face. This term tends to remove 
the variable of gear size and permit more accurate compari- 
sons of loading directly from one gear to another. Although 
this method of expressing gear load does not account for 
the differences in gear tooth contours or the elasticity of 
the material, it is the most representative expression 
available at this time. Figures 5 and 6 present comparisons 
of loading and sliding velocity, respectively, for the two 
procedures. A brief description of the operating procedures 
of these tests is included in the Appendix. 

During the development of the CRC L-42 test the speed 
of the run-in was found to be of great importance. A number 
of variations in run-in were used but the best repeatability 
and reproducibility were obtained with a run-in in the 
speed range of the test sequences. In addition, the repro- 
ducibility and repeatability of the L-42 test were consid- 
erably better than those of the L-19 test. In an effort to 
explain this difference, it may be observed from Fig. 5 
that the tooth loading in the run-in of both procedures is 
similar. However, in Fig. 6 it may be noted that the sliding 
velocity in the L-42 run-in is considerably higher in both 
portions than the L-19 run-in. It would therefore appear 
that the improvement in the L-42 test repeatability is 
attributable to the speed of its run-in. The reason for this 
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Fic. 5. Comparison of unit gear loading of CRC L-19 and L-42 
high speed gear lubrication evaluation procedures. 
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Fic. 6. Comparison of maximum gear sliding velocity in CRC 
L-19 and L-42 high speed gear lubrication evaluation procedures. 


effect is not obvious; however, it seems possible that the 
extreme pressure films produced under low load and low 
speed conditions may not be as resistant to abrasion as are 
the films formed under higher speed conditions. Loeser 
et al. (4) reported a similar effect with EP films formed 
from zinc dialkyl dithiophosphate on valve lifters and cams. 
They explained that it was “probable that a greater portion 
of the film formed under high speed and high load condi- 
tions has been converted in an inorganic compound which 
would be expected to be more resistant to abrasion”. 
They further showed that an essentially stabilized film will 
be established under a set of load and speed conditions. 
When these conditions are suddenly increased the first 
result is a sudden rapid decrease in film thickness followed 
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by a recovery and a rapid build-up to an even thicker film 
than the original one. The work of Borsoff and Wagner (5) 
tends to agree with these findings when applied to high 
speed spur gears. 

If the film formed on hypoid gears under a low speed 
run-in is less persistent and more susceptible to attrition 
by abrasion than the film formed by a higher speed run-in, 
the former film would deteriorate more rapidly under the 
first shock loads of the first sequence of the test. Being less 
persistent, these films may be abraded erratically causing a 
wide spread in the gear scoring results of the test. Presently 
no directly applicable data are known which would either 
substantiate or disprove this supposition. Therefore, it 
would seem advisable to investigate this point further to 
provide a better understanding of the existing gear lubricant 
test methods and to provide a firmer technical basis for 
any future test method development. 

In the first shocking sequence of the L-19 and L-42 
tests the coast-side loadings are essentially equal. How- 
ever, the drive-side loadings in the L-42 test are approx- 
imately twice as great as those in the L-19 test. From 
Fig. 6 it may be observed that the sliding velocities in this 
portion of the L-42 test are at least twice as great as those 
in the comparable portion of the L-19 procedure. The 
higher sliding velocities and drive-side loadings of the 
L-42 procedure would indicate a more severe lubricant 
requirement for this test as compared with the comparable 
portion of the L-19 test. Laboratory experience with both 
procedures on a large number of lubricants has proved 
this to be true. 

In the final portion of the shocking sequence of the 
procedures the L-42 test produces drive-side loadings 
approximately 91° greater than those produced in the 
L-19 test. The L-42 coast-side loadings are approximately 
80% greater than the coast-side loadings of the L-19 test. 
However, as may be seen from Fig. 6, the sliding velocities 
of the L-19 test are higher in this portion of the test. 

A comparison of the loading and sliding velocities of the 
CRC L-20 and L-37 high torque low speed tests is given 
in Fig. 7. Table 2 tabulates the loads and sliding velocities 


TABLE 2 


Comparison of High Torque Steady Speed Test 
Gear Conditions 








| | 
Axle Axle | Sliding 
Operating conditions| torque, | speed, | Load, | velocity, 
Ib/ft*J | rpm _ | Ib/in.-face | ft/sec 
L-37 | 
100 min high speed 
sequence 788d 440 1501d 16.6 
24 hr low speed 
sequence 3483d 80 6633d =| «3.0 
L-20 
Run-in 500d 62 952d 2.3 
30 hr low speed run | 2693d 62 5129d 2.3 














* <q’ indicates loading on drive-side of gears. 
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Fic. 7. Comparison of maximum gear sliding velocity and load in 
CRC L-20 and L-37 evaluation procedures. 


of the gear teeth under the two portions of each of the 
tests. A brief description of both of these test procedures is 
also included in the Appendix. It is evident from Fig. 7 
that both the sliding velocity and loading of the L-37 test 
result in a considerably more severe lubrication require- 
ment under that procedure than under the L-20 test 
procedure. This is certainly to be expected since in the L-20 
procedure the first portion is a relatively lightly loaded, 
low speed run-in whereas in the L-37 procedure the first 
portion of the test is designed to be equivalent to the 
operation of a heavily loaded truck traveling at 50 mph 
over gently rolling country. In our laboratory experience 
with the L-37 test, ridging failure of the gears has been 
noted after the initial portions of the test under these 
conditions on numerous occasions. As observed in the 
development of the L-42 test, the design of the initial 
portion of the test is a highly important factor in deter- 
mining the severity level and repeatability of a full-scale 
gear lubricant test. In the second sequence of both the L-37 
and L-20 tests it may be observed that the sliding velocities 
are somewhat higher for the L-37 than for the L-20 test. 
In addition, the loading of the L-37 test in the second 
sequence is approximately 29°, greater than the loading of 
the L-20 test. 


Loading and Sliding Velocity of Army Truck Gears in Yuma 
Field Tests 


For several years the Ordnance Corps of the Army has 
sponsored gear lubricant field tests in heavily loaded trucks 
towing trailers under high ambient temperature conditions. 
The field tests were operated in two parts: a high speed 


portion run over rolling desert country near the Yuma 
Test Station, Yuma, Arizona, and a high torque portion 
run on the grades of Death Valley, California. 

The two main vehicles used in these studies have been 
the 4x4, ? ton M-37 and the 6x6, 24 ton M-211 trucks. 
In a study previously published (1) by the authors, dynamic 
torque loadings of both of these vehicles were recorded and 
analyzed. In this paper the loading of the gears will be 
considered only in its relationship to the gear sliding 
velocity and their combined effect on the lubrication 
requirement of the gears. 

Average gear loading and sliding velocity values from 
representative portions of the test course for both vehicles 
are tabulated in Tables 3 through 6. The unit gear loadings 


TABLE 3 


Average Gear Loads and Sliding Velocities on M-37 Vehicle 
—Yuma Highway Portion Test Course 





Sliding | 








| Gear® | 
| load, | velocity, Gear 
| lb/in.-face ft/sec | range 
Maximum steady load on hill at 
north end of course: 
uphill | 64474 | 9.130 | H3 
downhill 17ic | 17.689 | H-4 
Typical bumps in pavement | 844c 16.966 | H-4 
| 3588d —- | -— 
Typical dip in pavement | 3009d 16.358 | H-4 
Steady speed level road load 177d 5.896 H-4 
491d 11.450 H-4 
632d 15.293 | H-4 
| | 








«eee 


* “qd”? indicates loading on drive-side of gears, “c’’ indicates 
loading on coast-side of gears. 


TABLE 4 


Average Gear Loads and Sliding Velocities on M-2I11 
Vehicle— Yuma Highway Portion Test Course 





Intermed. | Rear axle | Sliding 
gear load,*; gear load,*| velocity, | Gear 
Ib/in.-face | lb/in.-face | ft/sec | range 














Max. steady load on } 

hill at north end of 

coursef—uphill 2003d 1517d 6.643 | H-2 

downhill 143c 465c 18.506 | H-4 

Typical bumps in 

pavementt 1142d 609d 18.911 | H-4 
Typical dip in 

pavementt 808d 258d 18.774 | H-4 








* “‘q’’ indicates loading on drive-side of gears, “‘c’’ indicates 
loading on coast-side of gears. 
+ Towing trailer of 5500 lb gross weight. 








TABLE 5 


Average Gear Loads and Sliding Velocities on M-37 Vehicle 
—Death Valley Portion Test Course 








} 
Gear Sliding | 
load,* velocity, | Gear 
Ib/in.-face | ft/sec | range 
Average gear loadings: - | 
Daylight Pass | 
uphill 3714d 6.353 | L-3 
downhill 381c 10.461 | L-4 
‘Towne Pass 
uphill 2857d 6.201 L-3 
downhill 267c 15.559 H-4 
Maximum steady axle loadings: 
Maximum slope on: 
Daylight Pass 
uphill 7142d 5.326 L-3 
downhill 190dt 7.038 L-3 
Towne Pass (east side) 
uphill 4133d 5.630 L-3 
downhill 714c 7.798 L-3 
Towne Pass (west side) 
uphill 8427d 3.234 L-3 
downhill 2476c 7.608 L-2 














* “4” indicates loading on drive-side of gears,‘ ‘c’’ indicates 
loading on coast-side of gears. 
+t Brakes applied steadily to both trailer and truck. 


TABLE 6 


Average Gear Loads and Sliding Velocities on M-2I1 
Vehicle—Death Valley Portion Test Course 








Intermed. | Rear axle | Sliding 
gear load,*| gear load,*| velocity, | Gear 
Ib/in.-face | Ib/in.-face | ft/sec | range 
Average gear loads :t 
Daylight Pass 
uphill 515d 587d 5.632 L-4 
downhill 250c 300c 7.002 H-3 
‘Towne Pass 
uphill 2647d 2146d 5.182 L-4 
downhill 1316c 1145¢ 5.375 L-4 
Max. steady gear loads :¢ 
Maximum slope: 
Daylight Pass 
uphill 4636d 4306d 3.110 L-2 
downhill 2246c 1216c 5.002 L-4 
Towne Pass 
(east side) 
uphill 2847d 2819d 3.712 L-3 
downhill 1538c 730c 5.182 L-4 
Towne Pass 
(west side) 
uphill 1538d 1753d 3.148 L-3 
downhill 544c 901ic 4.870 L-4 























* “‘d”’ indicates loading on drive-side of gears, “c’’ indicates 
loading on coast-side of gears. 
+ Towing trailer of 5500 Ib gross weight. 
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from the two trucks under steady operating conditions are 
compared in Fig. 8. It will be observed that on comparable 
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Fic. 8. Comparison of steady unit loading of M-37 and M-211 
truck gears in Yuma field tests. 


portions of the test course the unit loadings of the M-37 
truck were considerably greater than those of the M-211 
truck even though the gross load of the latter vehicle was 
about 2.8 times as great as the former. This lower unit 
gear load for the M-211 was due to the distribution of 
loading on two axles instead of one and the larger gears 
used in the M-211. 

Figure 9 compares the maximum gear sliding velocity 
under the same conditions as the loads of Fig. 8 were 
recorded. Except during the high speed operation on the 
highway near Yuma and on one slope in Death Valley, the 
gear sliding velocities of the M-37 truck were greater than 
those of the M-211 truck. Since the loading and usually 
the sliding velocity of the M-37 gears were higher than 
those of the larger vehicle, it would be assumed that the 
lubrication requirement of the M-37 truck gears would be 
the more severe. The results of the summer field tests have 
verified this conclusion since the frequency and intensity of 
lubrication failure have characteristically been greater in 
the M-37 vehicle. 

The highest gear loadings recorded in the field tests 
were the result of gear shifting on the grades of Death 
Valley. In several cases gear shifting produced sizable 
shock loadings on both the drive- and the coast-side of the 
gears. Tables 7 and 8 show the gear shock loads and sliding 
velocities of the M-37 and M-211 trucks under a variety 
of gear shifts. The greatest shock loading in the M-211 
truck occurred on down-shifting from high second to low 
fourth while traveling downhill. Unit loadings of about 
8084 Ib/in.-face and 7218 lb/in.-face were measured on 
the coast-side of the intermediate and rear axles, respec- 
tively. The gear sliding velocity was approximately 2.7 
ft/sec when this shock occurred. The maximum shock load 
measured for the M-37 also occurred during down-shifting. 
However, the greatest shock was recorded in uphill travel 
rather than downhill as with the M-211 truck. In this 
gear shift a 3989 Ib/in.-face load was first applied to the 
coast-side of the teeth and then the loading reversed to 
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TABLE 7 


Average Gear Shock Loads and Sliding Velocities in M-37 
Truck Due to Gear Shifting 




















Slope Gear Sliding 
Gear shifts of load,* velocity, 
road Ib/in.-face ft/sec 
Low gear range: 
from low 3 to low 4 Uphill 1209c 8.483 
6494d — 
Downhill 2438c 7.342 
from low 4 to low 3 Uphill 3989c 7.418 
10494d 
Downhill 6618d 7.418 
1923c 
* “4”? indicates loading on drive-side of gears, “‘c’’ indicates 


loading on coast-side of gears. 


TABLE 8 


Average Gear Shock Loads and Sliding Velocities in M-211 
Truck Due to Gear Shifting 











| Intermed.| Rear Max. 
Slope gear axle gear | sliding 
Gear shifts* of road | load,t load,t | velocity, 
Ib/in.-face| Ib/in.-face| ft/sec 
High gear range: 
from high 1 tohigh 2| Level 4113d 3255d 5.375 
from high 2 to high 3| Level 4378d 3505d 8.096 
Uphill 4042d 3259d 8.173 
from high 4 to high 3} Level 4163c 3047c 3.810 
from high 3 to high 2| Uphill 3223c 3180c 6.025 
4268d 3381d == 
from high 2 to high 1| Level 2332c 1645c 2.882 
Low gear range: 
from low 3 to low 4 | Uphill 5384d 4983d 3.598 
from low 4 to low 3 | Uphill 6908d 6487d 3.187 
Shifting between high 
and low range: 
from low 4 to high 2 | Uphill 3291d 2325d 4.879 
from high 2 to low 4 | Down- 8084c 7218c 2.699 
hill 
| 














* Towing trailer of 5500 lb gross weight. 


t “d” indicates loading on drive-side of gears, “‘c’’ indicates 
loading on coast-side of gears. 


apply a 10,494 Ib/in.-face load on the drive-side of the 
teeth. At the time of this load application the sliding vel- 
ocity of the gear is approximately 7.4 ft/sec. Both the load 
and sliding velocity are greater on the M-37 gear than the 
greatest load of the M-211 gear and must have placed a 
severe requirement upon the lubricant. 


Present Gear Design Trends and their Effects on Sliding 


As. mentioned above, the sliding velocity is affected by 
several gear design factors including mean gear radius, 
spiral angles, pressure angles, gear ratio, and pinion offset. 
It is evident that in practical gear design these factors are 
not independent variables but, to a great extent, the 
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Fic. 9. Comparison of sliding velocity of M-37 and M-211 truck 
gears in Yuma field tests. 


selection of a value for one of these parameters is mutually 
dependent upon the values selected for the other para- 
meters. The gear designer has a certain amount of freedom 
of selection but only within fairly restricted limits imposed 
by the over-all design concept of the gear assembly. 

Since the design of an automotive hypoid gear is so 
highly dependent upon the rest of the engine transmission 
system and is strongly influenced by the space available to 
the axle and drive shaft due to body styling, it is believed 
that the two most nearly independent design factors are 
the pinion offset and the gear ratio. A study of the trends 
in automotive hypoid gear design reveals definite trends in 
the industry in both pinion offset and gear ratio in post- 
war automobiles. 
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Fic. 10. Pinion offset of American passenger automobile hypoid 
gears. 
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A comparison of pinion offset of 1958 passenger cars 
with those of 1946 is shown in Fig. 10. Whereas the lowest 
offset in use has not changed from 1.375 in., the greatest 
offset used has increased from 1.75 in. to 2.375 in. in the 
twelve-year period. An average value of pinion offset was 
computed, weighted on the basis of the automobile popu- 
lation. It may be observed from Fig. 10 that this weighted 
pinion offset has increased from 1.54 in. in 1946 to 1.77 in. 
in 1958. During this same period there has been very little 
change in the gear diameter. 

A study of the trends in gear ratios in passenger auto- 
mobiles is shown in Fig. 11. The maximum and minimum 
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Fic. 11. Trend in gear ratio of passenger cars. 


gear ratios for each model year are plotted along with a 
weighted average gear ratio. It will be observed that the 
trend of the average gear ratio has been consistently down- 
ward. This trend has progressed at an accelerated rate 
since 1952. At about that time the vehicle designers began 
to use a significantly lower ratio for cars equipped with 
automatic transmissions than for those equipped with 
standard transmissions. The torque multiplying function 
of automatic transmissions has resulted in a desire for a 
lower rear axle gear ratio. The predominance of automatic 
transmissions (estimated to be nearly 80% of the 1958 
automobiles) has brought the average gear ratio much 
closer to the minimum than was true in 1952 or 1953. The 
gear with the maximum ratio for each year has been on 
automobiles equipped with overdrive. The gradual decrease 
in the quantity of automobiles equipped with overdrive 
(estimated to be about 3.5% in 1958) has meant a smaller 
influence of these higher gear ratios on the average. 

With the present trends in both pinion offset and gear 
ratio, it was important to determine the effect of changes 
in these parameters on the sliding velocity of hypoid gears. 
Selecting the gear set used in the CRC L-42 test as being 
fairly representative of current automotive practice, 
computer runs were made to determine the effect of these 
two design factors. Keeping all other factors constant a 
series of runs was made to determine the sliding velocity 
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of this gear set when employing a series of pinion offsets 
ranging from 1.25 in. to 2.50 in. As will be noted from 
Fig. 10, this range covers all values of offset in use from 
1946 to the present. 

The relationship of pinion offset to sliding velocity is 
plotted in Fig. 12. It may be observed that the maximum 
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Fic. 12. Effect of pinion offset on sliding velocity. (Hypothetical 
gear set.) 


specific sliding velocity varies directly with pinion offset. 
An increase of offset in this gear from 1.25 in. to 2.50 in. 
resulted in a change of specific sliding velocity from 
0.0233 ft/sec rpm to 0.0359 ft/sec rpm, or doubling the 
offset resulted in approximately 54% greater sliding 
velocity in this gear. 

It should be remembered that these calculations would 
not represent a practical gear since any sizable change in 
the major design factors would doubtless be accompanied 
by changes in other design factors which would also tend 
to affect the sliding velocity. These calculations were per- 
formed to provide basic data on the trend in sliding 
velocity to be expected by further design changes in hypoid 
gears. It is apparent from Fig. 10 that, barring a radical 
departure in automotive styling and drive systems, the 
trend will be toward higher offset gears. It is equally 
apparent that this design trend will tend to increase the 
sliding velocity of automotive hypoid gears and thereby 
increase the lubrication requirement. An accurate deter- 
mination of the relative importance of sliding velocity in 
gear loading is not available at this time and remains a 
highly important deficiency in our knowledge. Unfortu- 
nately, the accurate determination of this relationship is a 
most difficult and complicated task by either analytical or 
experimental means. Therefore no numerical expression 
can currently be made of the increase in lubrication require- 
ment which can be expected as a result of an increase in 
pinion offset. 
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A study of the effect of gear ratio on sliding velocity 
was conducted similarly to the study on pinion offset. 
With all other design factors of the CRC L-42 test gear 
held constant, the gear ratio was changed and sliding 
velocities computed. Gear ratio values ranging from 2.60 
to 4.09 were used. This range covers the average gear 
ratios from about 1946 to the present and also includes the 
smallest ratio presently in use. The results of these compu- 
tations are plotted in Fig. 13. The specific sliding velocity 
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Fic. 13. Effect of gear ratio on sliding velocity. (Hypothetical 
gear set.) 


was also found to vary directly with ratio. As the gear 
ratio was increased from 2.6 to 4.0 the maximum specific 
sliding velocity increased from 0.0221 to 0.0262, or about 
18.6%, 

With this hypothetical gear a change in gear ratio equal 
to the change in average gear ratio from 1946 to 1948 
would decrease the specific sliding velocity about 8.1%. 
By referring to Figs. 10 and 13, it may be seen that a change 
equal to the change in average pinion offset from 1946 to 
1958 would cause an increase of approximately 8.9% in 
specific sliding velocity of this gear set. Therefore, based 
upon the hypothetical case used herein, a net effect of the 
changes in average pinion offset and average gear ratio on 
gear sliding velocity has been very small in the period since 
the end of World War II. Of course, this would not be 
true of individual gear sets which have been changed 
predominantly in either gear ratio or offset. 


Conclusions 


1. The velocity of relative sliding for hypoid gears is a 
minimum at the pitch line and increases for contact points 
farther from the pitch line. 


2. The direction of slide at the pitch line is parallel to 
the pitch line. The angle between the direction of slide and 
the direction of the pitch line increases with the distance 
from the pitch line. 


3. The sliding velocity and angle of slide are affected by 
the gear ratio, pinion offset, mean gear radius, spiral 
angles, and pressure angles. 


4. Present automobile hypoid gear designs tend to have 
greater pinion offset. The average offset in passenger cars 
from 1946 to 1958 has increased from about 1.54 in. to 
1.77 in. In the same period the maximum offset in use 
has increased from 1.75 in. to 2.375 in. 


5. An increase of pinion offset increased the sliding 
velocity. In a hypothetical case an increase in pinion offset 
equal to the average change in pinion offset in passenger 
cars since 1946 has resulted in approximately 8.9% in- 
crease in sliding velocity. 


6. Present automobile hypoid gear designs tend to have 
lower gear ratios. The weighted average gear ratio of 
passenger automobiles has decreased from about 4.11:1 
in 1946 to about 3.31:1 in 1958. 


7. A decrease in gear ratio results in a decrease in 
sliding velocity. In the hypothetical case used in this study 
a decrease in gear ratio equal to the average decrease in 
ratio in post-war gears resulted in a decrease of about 
8.1% in sliding velocity. 

8. The gear sliding velocities in the CRC L-42 high 
speed procedure are higher than those of the CRC L-19 
in all comparable portions of the test except the final 
sequence. During the run-in and the first sequence the 
L-42 sliding velocities are about twice those of the L-19 
test. 


9. The sliding velocities in the CRC L-37 high torque 
procedure are higher than those of the CRC L-20 procedure 
in both portions of the tests. In the initial portion of the tests 
the sliding velocity of the L-37 is about seven times as great 
as the L-20. In the high torque portions the L-37 sliding 
velocity is about 1.3 times as great as that of the L-20. 
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APPENDIX 
Summary of full-scale gear lubricant procedure 


CRC L-19. High Speed Gear Lubricant Test Procedure 


1. After assembly of a new third member, run for 12 
min at 1300 engine rpm with 15 lb load on each dynamo- 
meter scale. 


2. Inspect the gears for proper tooth contact pattern. 


3. Engage the clutch in high gear and accelerate (full- 
throttle) to 2075 engine rpm. Upon reaching this speed 
close the throttle and coast to 520 engine rpm with clutch 
engaged. Repeat for a total of four times. 


4. Inspect gears for evidence of scoring. 


5. Gradually accelerate in high gear to 3150 engine rpm. 
Upon reaching this speed open the throttle wide and 
accelerate to 4150 engine rpm. Immediately close the 
throttle completely and coast to 3150 engine rpm with 
clutch engaged. Repeat for a total of ten times. 


6. Drain lubricant, disassemble, and inspect gears for 
evidence of scoring. 


CRC L-42. High Speed Gear Lubricant Test Procedure 


Sequence 1 

1. Bring the ring gear speed to 600 rpm in fourth gear. 
Apply 40 lb-ft load to each dynamometer and run for 10 
min under these conditions. When the bulk oil temperature 
reaches 225 F water cooling should be applied to control 
the temperature to 225+5 F. 


2. After running for 10 min the following cycle should 
be operated: 


a. Close throttle slowly (5 sec to close), decelerate to 
400 ring gear rpm. 

b. Open throttle slowly (5sec to open), accelerate 
ring gear speed to 600 rpm. 

c. Repeat cycles for a total of four times. 


3. Bring the ring gear speed to 850 rpm, apply 52 lb-ft 
load to each dynamometer and run 20 min under these 
conditions. Provide cooling as outlined in paragraph 1 
above. 


4. Run four cycles between 850 and 700 wheel rpm 
using the techniqueoutlined in paragraph 2, a and b above. 
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Sequence 2 

1. Bring to 550 ring gear rpm in fourth gear. 

2. Open throttle rapidly and accelerate to 1100 ring 
gear rpm. 

3. Close throttle rapidly and decelerate to 550 ring gear 
rpm. 

4. Repeat this cycle for a total of five times. 


Sequence 3 
1. Inspect ring gear teeth through suitable inspection 
port in housing cover, noting results. 


2. Allow oil temperature in housing to drop to 280 F 
under static conditions. 


Sequence 4 
1. Bring to 550 ring gear rpm in third gear. Apply 
131 lb-ft load to each dynamometer. 


2. Open throttle rapidly and accelerate to 650 ring gear 
rpm. 

3. Close throttle rapidly and allow to decelerate to 550 
ring gear rpm. 

4. Repeat the operations outlined in 3 and 4 above for 
a total of ten cycles. Examine the drive- and coast-sides 


of ring gear and pinion and observe and record any surface 
disturbance. 


CRC L-20. High Torque Low Speed Gear Lubricant Test 
Procedure 


1. Run-in. 


a. Start dynamometer and apply initial load of 
6000 in.-lb ring gear torque at 62rpm with no 
cooling water, continue operation until oil tem- 
perature reaches 140 F. At this point stop dynamo- 
meter. 

b. Record total ring gear revolutions and inspect ring 
gear for proper tooth contact pattern. 


2. High torque portion. 


a. Start dynamometer and apply load of 32,311 in.-lb 
ring gear torque at 62 rpm. 

b. By means of spray head and a water pan around 
differential assembly the oil temperature shall be 
cycled between 250 F and 200 F for the duration 
of the test. 

c. Continue under operating conditions above for 
30 hr. 

d. Stop dynamometers, drain lubricant, disassemble, 
and inspect gears for evidence of surface fatigue. 


CRC L-37. High Torque Low Speed and Low Torque High 
Speed Gear Lubricant Test Procedure 


Sequence 1\—High speed low torque 
1. With a new test axle assembly bring the axle to 
440 rpm and apply 9460 in.-lb load to the ring gears. 














Analytical Study of Surface Loading and Sliding Velocity of Automotive Hypoid 183 


2. No cooling of the test axle during the 100 min high 
speed run should be applied unless the gear oil temperature 
reaches 300 F. 


3. After 100 min of operation the throttle is closed and 
the equipment brought to a stop. 


4. Inspect ring gear for proper contact area and evidence 
of surface distress. 


Sequence 2—High torque low speed operation 

1. Bring the test axle to 80+1 rpm and apply 41,800+ 
150 in.-lb torque on the ring gear. The oil temperature is 
to be controlled at 275+3 F for the duration of 24 hr. 

2. At the completion of 24 hr. stop the axle, drain 


lubricant, disassemble and inspect gears for evidence of 
surface failure. 
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The Effect of Lubricants on Gear Tooth Scuffing 


By P. M. KU! and B. B. BABER? 


This paper discusses the effect of some lubricant variables and other relevant factors on gear 
tooth scuffing. Scuffing is defined as any form of scoring or abrasion of the tooth surface due 
to metal-to-metal contact. The scuff-limited load is defined as the tooth load at which an 
arbitrary amount of the working tooth area is scuffed. The factors considered include lubricant 
bulk viscosity, lubricant type and deterioration, test gear and test machine variables, gear 
speed, the location and rate of lubricant supply, lubricant supply temperature, and the presence 
of inert gas atmospheres. The results are compared with, and examined in the light of, other 
published data. 


Introduction 


Tue fact that different lubricants provide the gear teeth 
with different degrees of protection against surface failure 
has been observed by many investigators (1-12). Gear 
tooth surface failure may be broadly classified under two 
categories: scuffing and pitting. The present paper dis- 
cusses the effect of some lubricant variables and other 
relevant factors on gear tooth scuffing. Some observations 
on the effect of lubricants on gear tooth pitting have been 
reported in a recent paper (11). 

In the present discussion, pitting refers to a surface 
fatigue failure whereby small particles break away from 
the tooth surface. Scuffing refers to the scoring or abrasion 
of the tooth surface due to metal-to-metal contact. Although 
scoring and abrasion cannot always readily be distinguished 
one from the other, the underlying causes are quite dif- 
ferent. In general, scoring involves local melting, tearing 
apart and smearing of the metal over the affected surfaces, 
while abrasion is a mechanical process caused by the 
presence of solid particles between the rubbing surfaces. 
It should be noted that scuffing is the result of a breakdown 
of the lubricant film between the tooth contact surfaces 
and takes place at the instant film breakdown occurs. On 
the other hand, the development of pitting does not require 
lubricant film breakdown, but it takes time for pitting to 
develop. 

Small emounts of scuffing and pitting can usually be 
tolerated in practical service. However, if sufficiently 
severe, either scuffing or pitting interferes with the smooth 
and efficient transmission of power through the gear 
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system. Because of the steady demand to operate gears at 
ever-increasing loads, speeds and temperatures, there has 
been generated a pressing need for a basic understanding 
of the effect of the lubricant on gear tooth surface failure. 
As stated before, many investigators have noted that the 
lubricant plays a very important role in this respect. Some 
of the investigators (1, 7, 9, 12) have attempted to probe 
into the reasons for the effects noted. There is no question 
that significant advances have been made in recent years, 
and the importance of hydrodynamic and boundary 
lubrication is, in a general way, fairly well established. 
However, there are still many missing links, and the 
problem cannot be said to be really well understood. 

It is perhaps well to recognize at the outset the very 
complex conditions that prevail in the lubricant and on the 
mating teeth during the period of engagement. For the 
sake of argument, consider first the problems associated 
with hydrodynamic lubrication. As is well known, viscosity 
is the only pertinent lubricant variable involved in hydro- 
dynamic lubrication under steady-state conditions. But 
what really counts is the actual working viscosity of the 
lubricant in the contact zone, which is quite different from 
the lubricant bulk viscosity. In fact, the lubricant bulk 
viscosity may provide no clue whatsoever as to the working 
viscosity of the lubricant in the contact zone. Clearly, even 
under idealized steady-state conditions, the effect of 
viscosity cannot be correctly assessed without answering 
some important questions: What are the effects of pressure 
and temperature on viscosity? What is the effect of the 
rate of shear? Now, add to these questions the complica- 
tions which arise from the unsteady aspect of gear teeth 
action: What is the relaxation behavior of the lubricant? 
What lubricant properties control the establishment of the 
squeeze film? Knowledge of such basic lubricant properties 
is woefully inadequate, especially for lubricants of practical 
interest. Quite apart from the lubricant variables, certain 
mechanical and thermal factors must also be considered. 
These include tooth deflection, local surface deformation, 
heat transfer, etc. The net result is that there is at present 
a lack of precise knowledge of the actual distributions of 
pressure and temperature in the contact zone, both of 
which vary with time during the period of contact. 
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Now, consider the regime of boundary lubrication. In 
boundary lubrication, viscosity is no longer the only 
lubricant property of interest. Other lubricant properties, 
notably those affecting the surface action between the 
lubricant and the metal surfaces, have been found to be 
of paramount importance. In addition to the lubricant, 
consideration must also be given to the physical and 
chemical properties of the surfaces in contact with the 
lubricant. Again, the picture is complicated by the local 
pressure and temperature conditions, a precise knowledge 
of which is lacking. 

In view of the above complications, a thoroughly rigorous 
discussion of the effect of lubricants on gear tooth surface 
failure is clearly not possible at present. Basically, they also 
explain why actual gears are the preferred test specimens in 
gear lubrication investigations. 


Test equipment 


The basic equipment used in the work reported herein 
employs the principle first outlined by Ryder (14, 15). 
Three variations of this basic equipment were used. For 
the sake of convenience, they will be referred to as the 
SwRI-Ryder gear machine, the standard Ryder gear 
machine, and the research Ryder gear machine. The 
standard Ryder gear machine, which is available commer- 
cially, is the machine called for in Military Specifications 
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MIL-L-7808C, MIL-L-9236A, MIL-L-17331A (Ships), 
MIL-L-25336, etc., for determining the gear load-carrying 
ability (or the scuff-limited load) of lubricants. The SwRI- 
Ryder gear machine is a prototype model constructed and 
used at Southwest Research Institute prior to the advent 
of the standardized machine. The research Ryder gear 
machine, recently designed and built by Southwest 
Research Institute, is currently being used at SwRI for 
advanced research applications. 

The standard Ryder gear machine is shown in cross- 
section in Fig. 1. As indicated, two parallel shafts (P and 
Q) are connected by two slave gears (R and S) and two 
test gears (T and U) to form a closed loop, so that the 
power required to operate the machine is only that required 
to overcome the friction losses in the gears and bearings. 
The slave gears are helical gears made integral to the 
shafts. The test gears are spur gears and are replaceable. 
The load on the test gears is obtained through the applica- 
tion of a controlled oil pressure in the two load chambers 
(Y and Z), which causes a slight axial movement of one 
shaft relative to the other. On account of the helical slave 
gears, a torsional load is applied upon the shafts, thereby 
loading the test gears against each other. An important 
feature of this machine is that it can be brought up to speed 
at no joad, and the load on the test gears can be applied 
and changed while the machine is running. The standard 
Ryder gear machine is driven by an electric motor through 
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Fic. 1. Cross-section of standard Ryder gear machine. 
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Fic. 2. Cross-section of research Ryder gear machine. 


an eddy-current type coupling. The machine is attached 
to an adaptor block, and is not rigidly supported at the 
base. 

The SwRI-Ryder gear machine is identical to the 
standard Ryder gear machine except for the supporting 
structure and driving mechanism. This machine is rigidly 
bolted to a bedplate which is part of a massive pedestal. 
It is driven by an electric motor through a mechanical 
coupling. 

The research Ryder gear machine is similar to the 
standard machine in basic operating principle. However, 
improvements in material and design details permit its 
operation at speeds and temperatures beyond the capa- 
bilities of the standard machine. Figure 2 presents a cross- 





Fic. 3. Research Ryder gear machine with cover removed. 


section of this machine, and Fig. 3 shows a photograph of 
this machine with cover removed. This machine uses a 
case made of tool steel to improve structural stability at 
elevated temperatures (up to 800 F). In contrast to the 
standard machine, only two bearings are used to support 
each shaft, and these are double-row roller bearings instead 
of journal bearings. The load chamber is located on the 
end of the driven shaft. Screw-thread type nonrubbing 
seals, rather than elastomer seals, are used to separate the 
test oil and support oil chambers. The machine is driven 
by a standard drive system, except that a step-up gear box 
of higher speed ratio is used. With this drive system, a 
speed exceeding 30,000 rpm has been attained. 

Table 1 shows the essential characteristics of the standard 
Ryder test gears used in the work reported in this paper. 
A photograph of the test gears as installed is shown in Fig. 3. 


TABLE 1 
Essential Characteristics of Standard Ryder Test Gears 





Narrow (drive) gear | Wide (driven) gear 





Pitch diameter, in. 34 34 

Tooth face width, in. | 4 R 

Number of teeth 28 28 

Diametral pitch 8 8 

Tooth height, in. 0.245 0.245 

Pressure angle, deg 22.5 22.5 

Tip relief, in. None None 

Material AMS-6260 steel AMS-6260 steel 


Core hardness Rockwell C-30-40 | Rockwell C-30-40 

Case hardness Rockwell A-81-84 | Rockwell A-81-84 
(0.025-0.040 in. (0.025-0.040 in. 
depth) depth) 

Surface finish, rms, in.| 20-35 x 10-® 20-35 x 10-6 
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Test procedure 


For all tests except those to study the effect of operating 
variables, the standard load-carrying ability test proce- 
dure (16) was used to determine scuff-limited load. This 
test procedure is summarized in Table 2. The test lubricant 


TABLE 2 
Summary of Standard Load-carrying Ability Test Procedure 





Test gears Standard Ryder test gears 
Operating conditions 

Test gear speed, rpm 10,000 + 100 

Test oil flow rate, ml./min 270+5 

Test oil in temp., F 165+5 

Support oil in temp., F 165+5 
Method of loading Load oil pressure increased in 
steps of 5 psi of 10-min duration 
each, until at least 40% of the 
working tooth area is scuffed. 
Tooth load at which 22.5% of 
working tooth area is scuffed. 


Criterion of lubricant rating 





was supplied by means of a single jet to the unmeshing 
side of the test gears. The flow rate was 270 ml./min. The 
machine was operated at 10,000 rpm, with the test oil 
temperature maintained at 165F. To insure thermal 
equilibrium, the test oil and support oil were first circu- 
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Fic, 4. Enlarged photograph of a scuffed tooth. 


lated and heated, with the gear machine not running, until 
both attained a steady temperature of 165 F. The gear 
machine was then started and brought up to speed at no 
load, after which all operating conditions were checked. 

The test consisted of loading the test gears first to 
5 psig load oil pressure, and then at successive increasing 
increments of 5 psi, until an average scuff of at least 40% 
was attained. A 5-psi step is equivalent to 370 Ib/in. tooth 
load on the SwRI-Ryder gear machine and standard 
Ryder gear machine, and 230 Ib/in. on the research Ryder 
gear machine. The duration of each loading period was 
10 min. At the end of each loading period, the machine 
was stopped and each tooth on the narrow test gear 
examined by means of a microscope to determine the 
percentage of working area that had been scuffed. The 
average of the percentage scuff area was then plotted 
against the load oil pressure. The scuff-limited load (or 
load-carrying ability) was defined as the tooth load on the 
narrow test gear at which an average of 22.5% of the total 
working tooth area was scuffed. This was determined 
graphically from the plot of average percentage scuff area 
versus load oil pressure. 

As stated earlier, scuffing is defined herein as any form 
of scoring or abrasion of the tooth surface due to metal-to- 
metal contact. As shown in Fig. 4, scuffing can easily be 
determined on the test gears used, because it obliterates 
the axial grinding marks on the tooth surface. 


Test precision 


On the basis of extensive data available at Southwest 
Research Institute, the repeatability standard deviation of 
the load-carrying ability (scuff-limited load) test is known 
to be 9% of the average rating. At 90% confidence level 
and on the basis of four determinations, the uncertainty 
involved is 245 lb/in. for an average rating of 2000 Ib/in., 
and 370 lb/in. for an average rating of 3000 lb/in. At 90% 
confidence level and on the basis of eight determinations, 
the uncertainty is 130 lb/in. for an average rating of 
2000 Ib/in., and 195 Ib/in. for an average rating of 3000 
Ib/in. 

Practically all of the data reported in this paper are 
based on the average of at least four determinations. The 
number of determinations used in each instance is indicated 
in the tables, but not in the figures. Where the number is 
not indicated, it can be assumed that a minimum of four 
determinations, and in many cases more than eight deter- 
minations, were used. 


Test lubricants 


A brief description of the lubricants used in the work 
reported herein is presented in Table 3. These lubricants 
fall into four broad classes, as follows: 


Class R. This class designates mineral oils containing 
no EP additives, and are used mainly for reference purposes. 

Class S. This class represents experimental synthetic 
lubricants which are not produced in large quantities. These 
oils are included as a matter of general interest. 
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TABLE 3 
Description of Test Lubricants 
Oil | Viscosity, cs oh 
Code | 100 F 210 F Description 
R-1 oo 0.78 | Kerosene 


R-2 | 237.8 20.3 | Mineral oil, MIL-L-6082B, Grade 1100 
R-3 10.3 2.50} Mineral oil, MIL-O-6081B, Grade 1010 
R-4 | 103.4 11.2 | Mineral oil, MIL-L-6082B, Grade 1065 
R-5 31.1 5.34.| Mineral oil, turbine oil base stock 

R-6 | 526.0 32.6 | Mineral oil, turbine oil bright stock 
R-11 | — 8.4 | Mineral oil, MIL-L-17331A type, but 
without EP additive 

S-8 33.1 6.8 | Synthetic oil, MIL-L-9236A type 

S-11 | 43.0 14.0 | Silicone-diester blend (SD-17) 

S-12 | 29.0 5.3 | Synthetic oil, MIL-L-9236A type 

S-13 | 62.0 8.9 | Synthetic oil, MIL-L-9236A type 


S-14 | 65.0 11.0 | Synthetic oil, MIL-L-9236A type 

T-1 13.9 3.5 | MIL-L-7808C oil 

T-2 13.9 3.5 | MIL-L-7808C oil (earlier batch of T-1) 
T4 13.9 3.5 | MIL-L-7808C oil (later batch of T-1) 
T-5 17.2 4.6 | MIL-L-7808C oil 

X-1 _ 9.4 | MIL-L-17331A oil 

X-2 — — | MIL-L-17331A oil 

X-3 — — | MIL-L-17331A oil 











Class T. This class designates qualified MIL-L-7808C 
lubricants. 


Class X. Qualified MIL-L-17331A lubricants are placed 
under this classification. 


Virtually all of the test lubricants are of proprietary 
makes. It is not possible to further identify the lubricants, 
or provide more detailed descriptions on them, because of 
the proprietary interests involved. 


Results and discussion 


Effect of Lubricant Variables 


Lubricant bulk viscosity—The scuff-limited loads of a 
typical kerosene and six mineral oils were determined 
under the standard test conditions, using both the SwRI- 
Ryder gear machine and the standard Ryder gear machine. 
These fluids contain no EP additives, and cover a viscosity 
range of 0.78 to 32.6 cs as measured at 210 F, or 1.6 to 
526 cs as measured at 100 F. 

The results obtained are presented in Fig. 5, where the 
scuff-limited load is plotted against the lubricant bulk 
viscosity. It is seen that the two test machines gave two 
distinctly different curves, and this problem will be dis- 
cussed in a subsequent section. Of special interest is the 
fact that the two curves are similar in shape, indicating 
that scuff-limited load was similarly affected by lubricant 
bulk viscosity in the two machines. The relationship ob- 
tained here is in fact almost identical to that reported by 
Hutt (3), Mansion (4), and Borsoff (12). 

It appears from the above that, where the lubricant 
composition is not drastically varied, the scuff-limited load 
is a function of lubricant bulk viscosity. The fact that the 
relationship is nearly linear over a wide bulk viscosity 
range suggests that hydrodynamic lubrication must be an 
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Fic. 5. Effect of lubricant viscosity on scuff-limited load. 


important factor. At high scuff-limited loads, the scuff- 
limited load is seen to be progressively less influenced by 
a given increase in bulk viscosity. This is not surprising 
because at higher tooth loads the viscous heating effect 
becomes increasingly more important, thereby tending to 
lower the working viscosity in the contact zone. 

Lubricant type and lubricant deterioration—Table 4 


TABLE 4 
Effect of Lubricant Deterioration on Scuff-limited Load 











Scuff-limited load, Ib/in.* 
Oil code New sample Deteriorated samplet 
R-11 1250 (4) 2430 (4) 
X-1 2320 (6) 2570 (4) 
X-2 2660 (7) 3390 (4) 
X-3 3120 (4) 2910 (4) 











* Determinations made with standard Ryder gear machine. The 
number in parentheses indicates the number of determinations 
used in obtaining the tabulated scuff-limited load. 

+ Neutralization number = 1.0 mg KOH/g (approx.). 


shows the results of a program conducted to compare the 
scuff-limited loads of several new lubricant samples and 
deteriorated samples. The lubricants were all of MIL-L- 
17331A type—one containing no EP additive, and the 
others being qualified- MIL-L-17331A lubricants of 
proprietary makes. As expected, different lubricant types 
gave greatly different scuff-limited loads. 

The deteriorated lubricant samples were produced by a 
method quite similar to the standard ASTM oxidation 
test method (17), except that it was necessary to modify 
the equipment to obtain larger quantities of the samples 
required by the tests. Briefly, the lubricants were put in 
separate steel cylinders into which copper tubing was 
immersed. Air was constantly bubbled through the copper 
tubing at a controlled rate, and a controlled amount of 
water was added to each cylinder at frequent intervals. The 
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TABLE 5 
Effect of Gear Material and Design on Scuff-limited Load 








Gears ‘“‘X’”’ Gears “‘Y”’ Gears “‘Z’’ 
Narrow Wide Narrow Wide Narrow Wide 





Standard gears Gears ‘‘W”’ 
| Narrow Wide Narrow Wide 
Test gears | 
specifications | 
Material 
Hardness | RA 81-85 RA 81-85 Bn 327 Bn 246 
Tooth height, in. | 0.245 0.245 
Pres. angle, deg 22.5 22.5 
Surface Ground Ground 
Scuff-limited load, 
Ib/in.* 
Oil R-11 1410 (4) 1140 (4) 
Oil X-1 | 2270 (8) 2600 (4) 
Oil X-2 | 2840 (12) 2520 (4) 





| AMS-6260 AMS-6260 | AMS-6260 AMS-6260 | MOV-30 SAE-4340 | MOV-30 SAE-4340 | SAE-4340 MOV-30 


Bn 246 Bn327 | Bn246 Bn327 | Bn327 Bn 246 


0.245 0.224 _ 

22.5 14.5 20.0 

Ground | Ground Hobbed and shaved 
850 (4) 870 (4) 840 (4) 

1460 (4) 1340 (4) 1850 (4) 

1410 (4) 1560 (4) 2000 (4) 














* Determinations made with SwRI-Ryder gear machine. The number in parentheses indicates the number of determinations used 


in obtaining the tabulated scuff-limited load. 


cylinders were immersed in a boiling-water bath. The 
oxidation process was continued for 4 to 21 weeks depend- 
ing on the lubricants, until a neutralization number (18) of 
approximately 1.0 mg KOH/g was obtained. It is interest- 
ing to note that deterioration or oxidation had a favorable 
effect on the load-carrying ability of the lubricants tested, 
particularly for those of relatively poor performance. 
However, lubricant deterioration produces other undesir- 
able effects so that it is not a practical means of enhancing 
load-carrying ability. 


Effect of Equipment Variables 


Test gear variables—Table 5 presents the results of a 
program to study the effect of test gear variables on scuff- 
limited load. This program was limited in scope because of 
the difficulty and high cost of manufacturing the special 
test gears. Briefly, two qualified MIL-L-17331A lubricants 
were used, along with a MIL-L-17331A type lubricant 
containing no EP additive. There were five different 
combinations of test gear designs and materials. In the 
first case, standard Ryder test gears with characteristics 
described earlier were used. Test gears ““W” were exactly 
the same as the standard test gears, except for changes in 
hardness. Test gears ““X’’, ““Y” and “Z” were supposed 
to be identical except for changes in pressure angle and 
surface finish. However, a mistake was made in the manu- 
facture of test gears ““X”’ and “‘Y’’, so that the material and 
hardness for the narrow gear and those for the wide gear 
were reversed. Note also that all test gears used in this 
program were ground (as were the standard test gears), 
except for gears ““Z’”’ which were hobbed and shaved. 

It is not advisable to read too much into the data pre- 
sented in Table 5. In addition to the difficulties noted 
above, the quality of manufacture of some of the gears 
was not such as to inspire great confidence. However, 
allowing for these uncertainties, it is believed that the 
following general observations are in order: 


Cc 


1, Pressure Angle—By comparing the results from test 
gears “X’”’ and “‘Y”’, it is seen that the effect of pressure 
angle, at least within the range of practical interest, was 
not large. 


2. Gear Material—Comparing the results from test 
gears ““W” and “Z” which were of the same surface hard- 
ness, with only minor differences in pressure angle, it may 
be noted that a change in material caused a definite change 
in the scuff-limited load. 


3. Surface Hardness—Considering the large variation in 
hardness between the standard test gears and test gears 
“‘W”’, it will be noted that the effect of surface hardness on 
scuff-limited load was not very large. These results, it will 
be noted, are in general agreement with the findings of 
other investigators (4, 12). 


After completion of the above program, another batch 
of test gears “Z” (but with ground tooth surface) were 
ordered. Tests were run on a number of lubricants to 
compare the rating level of these gears with that of the 
standard Ryder test gears, using the standard Ryder gear 
machine. The results are shownin Fig. 6. The linear 
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relationship obtained is of interest. It means that the test 
gears ‘‘Z” rated the lubricants in the same order as the 
standard Ryder test gears. This shows that for purposes of 
lubricant rating where it is the relative rather than the 
absolute rating that is of concern, it may not be necessary 
for the test gears to duplicate the design or materials of 
the gears used in actual service. 

Test machine variables—Figure 7 compares the calibra- 
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Fic. 7. Scuff-limited load obtained with different test machines. 





tion of the SwRI-Ryder gear machine and the research 
Ryder gear machine with that of the standard Ryder gear 
machine. It is interesting to note that the relationship was 
linear in both instances. The higher rating level of the 
SwRI-Ryder gear machine, as compared with the standard 
Ryder gear machine, could be due to the differences in 
supporting structures and driving systems mentioned 
earlier. It is believed that these differences might lead to 
different vibration conditions on the two machines, and 
thus different manners of tooth contact or hydrodynamic 
film buildup, sufficient to result in the different rating 
levels noted. 

The fact that the research Ryder gear machine had 
almost identical rating level as the standard Ryder gear 
machine might have been fortuitous. As explained pre- 
viously, the two machines use the same supporting structure 
and the same driving system (but with different speed 
ratios in the step-up gear box). However, many detail 
design features are quite different. 


Effect of Operating Variables 

Gear speed—The effect of gear speed on scuff-limited 
load was investigated on two test machines, using lubri- 
cants of different types. The results are shown in Fig. 8 
for the SwRI-Ryder gear machine, and Fig. 9 for the 
research Ryder gear machine. It will be observed that the 
curves are of similar shape. In all instances, the scuff- 
limited load decreased with increasing speed in the low- 
speed range. This trend was continued until a minimum 
point was reached at an intermediate speed, beyond which 
further increase in speed resulted in an increase in scuff- 
limited load. 
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Fic. 8. Effect of gear speed on scuff-limited load (SwRI-Ryder 
gear machine). 
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Fic. 9. Effect of gear speed on scuff-limited load (research Ryder 
gear machine). 


The relationship shown in Figs. 8 and 9 is not in agree- 
ment with the observations of Hutt (3), Mansion (4), and 
Hughes and co-workers (6, 8). These latter investigators 
all found that the scuff-limited load decreased continuously 
with increasing speed, without a reversal of trend at high 
speeds. On the other hand, the results obtained here are 
confirmed by experiments conducted by Borsoff (12). It is 
believed that the basic trend reported here and by Borsoff 
is sound, and can possibly be explained by the relaxation 
effect of the lubricant (7, 12), or by the squeeze film action 
(13)—both of which become more pronounced at higher 
speeds. Actually it is the decrease of the scuff-limited load 
with increasing speed that is rather difficult to explain. As 
pointed out by Borsoff (12), this decreasing trend might be 
due to the adverse heat dissipation and dynamic effects 
produced by increasing speed. 

Location and rate of lubricant supply—The effect of the 
location and rate of lubricant supply is shown in Fig. 10. 
In this figure, the average percentage scuff on the gear 
teeth is plotted against the lubricant flow rate for two 
different jet locations: on the meshing side of the test 
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Fic. 10. Effect of lubricant flow rate and jet location on average 
scuff. 


gears (entrance lubrication), and on the unmeshing side of 
the test gears (exit lubrication). Note that scuffing was 
lower with entrance lubrication and with increased flow 
rate. In either case, the decreased scuff is believed to be 
due to the greater amount of lubricant present over the 
contacting surfaces, which resulted in increased working 
viscosity of the lubricant through increased cooling. 

The effect of lubricant flow rate is further illustrated by 
Fig. 11. Note that the sensitivity of scuff-limited load to 
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Fic. 11. Effect of lubricant flow rate on scuff-limited load. 


lubricant flow rate was different for the two lubricants 
tested. 

Lubricant supply temperature—The effect of lubricant 
supply temperature on scuff-limited load was investigated 
for a number of lubricants over the temperature range of 
165 to 400 F. As shown in Fig. 12, the scuff-limited load 
of all the lubricants except T-5 decreased, in some cases 
severely, as the temperature was increased. The increase in 
the scuff-limited load of T-5 (a MIL-L-7808C lubricant) 
at temperatures above 350 F finds confirmation in Borsoff’s 
recent work (12), and may be explained by deposit forma- 
tion on the tooth surface at high temperatures. This was 
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Fic. 12. Effect of lubricant temperature on scuff-limited load. 


not noted with all other lubricants, which are either mineral 
oils or MIL-L-9236A type oils, and are presumably more 
stable at high temperatures. 

Note that the reduction in scuff-limited load of the 
mineral oil R-2 with increasing supply temperature was 
very modest. This may well be so, because changes in the 
supply temperature would have rather little effect on the 
working temperature or viscosity in the contact zone. For 
this reason, the very drastic reduction in scuff-limited load 
obtained with some of the lubricants at high temperature 
cannot be fully accounted for by the viscosity effect. It is 
likely that the EP additives used in these instances were 
adversely affected by high temperatures. 

Inert gas atmospheres—An investigation of some practical 
and theoretical interest was that undertaken to study the 
effect of inert gas atmospheres on scuff-limited load. The 
lubricants used in the program were a mineral oil (R-5), 
and the same oil to which was added, respectively, 5°, of 
tricresyl phosphate, 5% of a sulfur type additive, and 5% 
of a chlorine type additive. 

Table 6 presents the results obtained. The column 
designated “‘Static air” shows results of tests made with 


TABLE 6 
Effect of Inert Gas Atmospheres on Scuff-limited Load 





Scuff-limited load, lb/in* 





Flowing 
argon 


| 

| 

| 

‘ina i P 

| Static | Flowing | Flowing 

air air nitrogen 
! 





! 





810 (6) | 1060 (6) | 2000 (8) | 1650 (4) 

R-5+5% TCP | 1630 (4) | 1740 (2) | 3420 (5)t) 3250 (2) 

R-5+5% sulfur | 1370 (4) | 1910 (2) | 2480 (6) | 2540 (2) 
type additive | 

R-5+5% chlorine | 2880 (4) | 2940 (2) | 3950 (5)T, 4050 (2) 
type additive | 


| 


| | 








* Determinations made with standard Ryder gear machine. The 
number in parentheses indicates the number of determinations 
used in obtaining the tabulated scuff-limited load. 

+t Determinations not made on “B’’ side of test gears due to 
excessive scuffing and plastic flow of metal obtained on “‘A’’ side. 








the gear case vented to the surrounding atmosphere as in 
the standard test, and with the tests conducted in strict 
accordance with the standard procedure. The columns 
designated “Flowing air”, ‘Flowing nitrogen”, and 
“Flowing argon” present, respectively, the data obtained 
with laboratory compressed air, commercial bottled nitrogen 
and commercial bottled argon flowing through the gear 
case. In all instances, the air or gas was bled into the gear 
case and exhausted through the vent located on the test 
oil sump, thereby insuring that no residual air or gas was 
present in the test oil system during test. In the tests with 
flowing air or gas, some early tests were made without 
controlling the conditions of flow. However, tests were 
also run in each case with the conditions of flow carefully 
controlled. For these latter tests, the gas was led through 
a heated tube filled with copper shavings to remove oxygen, 
a drier filled with anhydrous calcium sulfate to remove 
moisture, a heat exchanger to control temperature, and a 
flowmeter to control the flow rate, before being admitted 
into the gear case. The same circuit was used in runs with 
air, except that the deoxygenator was disconnected. The 
air or gas was supplied to the gear case at a pressure of 
about 1 psig and a temperature of about 105 F. The 
corresponding flow rate was approximately 10 liters/min. It 
was found that there was no significant difference between 
the data obtained with the flow conditions controlled or 
uncontrolled. For this reason, the data from the two test 
series were combined and averaged together in Table 6. 

Table 6 shows that, for the four lubricants investigated, 
the scuff-limited load obtained with static air and flowing 
air was substantially the same. Further, the scuff-limited 
load obtained with flowing nitrogen and flowing argon was 
substantially equal, and decidedly higher than that obtained 
in the presence of air. Since the data from static air and 
flowing air were practically equal, any difference in heat 
transfer in the two cases must have been negligible. 
Consequently, the increase in scuff-limited load in the 
presence of the inert gases must have been due to the 
removal of air from the system. Although the reason for 
this dramatic increase has not yet been established, it 
appears likely that the exclusion of oxygen from the metal 
surface enhanced the surface action of whatever load- 
carrying contaminants or additives present in the lubricants 
in question. Whether the same beneficial effect can be 
realized with other types of lubricants is not yet known. 
Work is in progress to study this effect on typical synthetic 
lubricants. 

The practical importance of the above findings is obvious. 
The nitrogen blanket offers the twofold advantage of in- 
creasing gear load-carrying ability and minimizing oxidative 
degradation of the lubricant. Thus in applications where 
nitrogen is readily available, the benefits to be derived 
from the nitrogen blanket can be very substantial. 


Conclusions 


1. The important part played by hydrodynamic action 
in providing gear lubrication is confirmed. However, the 
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precise mechanism involved is still essentially not under- 
stood. Valid information on properties of lubricants under 
extreme conditions of temperature, pressure, rate of shear, 
rate of application of pressure, etc., is needed to clarify the 
concept. 


2. The increased scuff-limited load obtained with some 
lubricants in the presence of inert gas atmospheres has 
both practical and theoretical interest. Theoretically, it 
points toward the need for a better understanding of the 
surface action involved. Practically, data on lubricants of 
widely different types, using different EP and perhaps 
antioxidative additives, are needed. 


3. Better knowledge of the mechanical and thermal 
effects which take place during gear teeth engagement is 
needed to round out an understanding of the over-all 
problem. Without this knowledge, a precise understanding 
of neither hydrodynamic nor boundary lubrication appears 
possible. 
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THE EFFECT OF LUBRICANTS ON GEAR 
TOOTH SCUFFING 


Discussor: A. R. Black 
Shell Oil Company 
50 West 50 Street 
New York, N.Y. 


I wish to compliment the authors on their well organized 
paper summarizing a great deal of interesting investigation 
in both aircraft and marine gears. Their findings and 
conclusions are in good agreement with those of Borsoff 
and others using different gear testing equipment, particu- 
larly as to the effects of controlled variables such as viscosity, 
speed, etc. 

Let me comment briefly on the increase in load-carrying 
ability attending the deterioration of oils. Most probably 
the test oils were nearing the end of their induction period 
where the increase in viscosity and oxidation products 
(acids and sludge) is rather rapid. The enhanced load- 
carrying capacity is attributable to this fact. I am glad that 
the authors quickly concluded that the idea lacked practic- 
ability. May I reach into the past for an analogy. When 
rust and oxidation inhibited turbine oils were first intro- 
duced, it was known that badly deteriorated straight 
mineral oils exhibited better rust inhibiting properties 
than new oils. However, when they had reached such a 
condition they were ready to be discarded. 























A most interesting finding is the effect of inert gas 
atmospheres on scuff-limited loads. No doubt the authors 
will investigate the effectiveness of this method with other 
types of lubricants and at higher temperatures. While the 
economics of the use of nitrogen might militate against its 
continuous use in a large system, would it be possible and 
practical to reserve its use for periods of high power output 
or overload? Have the authors determined that a completely 
inert gas is necessary or could a scrubbed flue gas or 
exhaust gas be employed? 

The authors wisely call for a better understanding of the 
mechanisms involved and the behavior of lubricants as 
they play their part in the transmission of power through 
gearing. 


Discussor: Mr. R. E. Smallwood 
Dominion Engineering Company 
Montreal, Canada 


The difference in values obtained for gears ““W” and 
“Z”” was likely due to the type of surface rather than the 
material. Another possibility would be that the gears were 
not actually the same hardness on the tooth flanks them- 
selves. 

Naval gear sets with hardened and ground teeth have 
been known to scuff at less than half load and have since 
operated successfully for many years under full load with 
EP lubricants. 

On applications where the slide-roll ratio can be varied 
it is possible to eliminate scuffing by changing this ratio. 
There is a need for test work on this aspect in order to 
establish values for design. 

The results in Fig. 12 are most interesting and present 
a new concept that could obviate the need for close oil 
temperature control. 

The paper is a worth-while contribution to gear tech- 
nology and the authors are to be congratulated. 


AUTHORS’ CLOSURE 


The authors are deeply appreciative of the discussions 
presented by Mr. Black and Mr. Smallwood. 

With reference to the effect of oil deterioration on load- 
carrying ability, Mr. Black is correct in stating that “most 
probably the test oils were nearing the end of their induc- 
tion period where the increase in viscosity and oxidation 
products (acids and sludge) is rather rapid”. This was 
actually found to be the case. As is well known, deterior- 
ation of the type of oils under discussion here is usually 
quite insignificant during the initial period. However, 
once deterioration is started it usually proceeds at an 
accelerating rate. In the present instance, it was found 
that the viscosity increase was only modest for all four oils. 
However, the neutralization number was increasing sharply, 
for all four oils, when the deteriorated samples were taken. 
The authors recognize, and have so indicated in the paper, 
that oil deterioration is not a practical means of enhancing 
load-carrying ability. The added note of caution by Mr. 
Black is most fitting and appreciated. 


The Effect of Lubricants on Gear Tooth Scuffing 193 


Since the paper was written, considerable additional 
work has been done by the authors’ laboratory in studying 
the effect of inert gas atmospheres on load-carrying ability. 
Results of the entire inert gas program will be the subject 
of a future publication. For the purpose of the present 
discussion, it is sufficient to remark that the experiments 
with the solvent-extracted turbine oil bright stock (R-5) 
have been repeated using a USP grade white mineral oil 
of slightly higher viscosity, under very carefully controlled 
conditions. Results of identical trend were obtained with 
this oil. Tests were also made on six aviation type synthetic 
lubricants, but the response to inert gas blanketing was 
found to be not necessarily similar. In fact, only one of the 
six synthetic lubricants tested exhibited a significant in- 
crease in scuff-limited load when the gears were operated 
in a nitrogen atmosphere. 

In answer to Mr. Black’s questions on the effect of inert 
gas atmospheres, the authors have no information on 
whether a completely inert gas is necessary, or whether a 
scrubbed flue gas or exhaust gas would produce a similar 
effect. In the authors’ program, special pains have been 
taken to remove oxygen both from the bottled inert gas 
(nitrogen or argon) and from the oil (by deaeration). This 
precaution was taken in an effort to ascertain whether the 
observed effect was associated with the exclusion of oxygen. 
The authors agree that the questions raised by Mr. Black 
are worthy of careful consideration. 

In commenting on the difference in load-carrying ability 
of gears ““W” and “Z”, Mr. Smallwood suggests two 
alternative explanations. The authors agree that the type 
of surface may play a part. The authors do not believe that 
the effect of surface hardness is very important, and this 
view is shared by Mansion (4) and Borsoff (12). The 
importance of materials was also emphasized by Mansion 
(4). Unpublished work at SwRI shows that for several 
lubricants under identical conditions, changing gear 
materials could affect the scuff-limited load in ratios far in 
excess of two to one. 

The authors are pleased to note that Mr. Smallwood 
concurs that relatively small amounts of scuffing are not 
serious. Scuffed and pitted gears often “heal’’ themselves 
as long as the scuffing and pitting are not severe. However, 
excessive scuffing or pitting may result in a “runaway” 
condition, which is detrimental. 

The authors are particularly pleased to note Mr. Black’s 
endorsement of their plea for further research on the 
subject of gear lubrication. Mr. Smallwood’s suggestion 
for more work on the effect of slide-roll ratio, and Mr. 
Black’s suggestion for further study on the effect of inert 
gas atmospheres, are but two such examples. In addition 
to these, such topics as the effect of shear elasticity of the 
lubricant, the anomalous viscosity behavior of thin lubricant 
films induced by solid boundaries, the surface chemistry of 
EP additives, etc., are those which particularly merit 
attention. 
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A Theory of Boundary Lubrication 


By A. CAMERON! 


The mechanism of boundary friction is assumed here to be due to the molecular forces between 
hydrocarbon molecules adsorbed on the surfaces rather than to welding and tearing of the 
opposing surface roughness. On this assumption the frictional force, which arises when two 
orientated layers are moved over each other, can be calculated. The formulae for the Van 
der Waals and the repulsion forces are those successfully used by Miiller for paraffins. The 
different values of the kinetic and static frictions can be explained by the forces being due to the 
tails of the chains in kinetic and the sides of the chains in static lubrication. 

The value of the coefficient of friction, as calculated by this method, is of the correct order of 

magnitude. 


Nomenclature 


E, = potential energy of chain at equilibrium 
Ez = minimum potential energy of chain 
F = mean frictional force 
P = normal stress 
R = separation of X-ray scattering centers 
R! = distance between hydrogen atoms 
x = distance between positions corresponding to EF} 
and Ee (Eq. [1]) 
y = setting angle 
¢@ = Van der Waals potential of chain 
or = repulsion energy 
a, b, s, d, e and k = cell dimensions tabulated on page 196 
m, c, « and x = constants for Eq. [2] 


Introduction and assumptions 


THE exact mechanism of boundary friction is unknown. It 
is usually assumed to be due to the welding of the rough- 
ness of the opposing surfaces, and excellent photographs 
have been published (1) to show that this welding does 
occur. However, the surface forces between the hydro- 
carbon molecules adsorbed on to the rubbing surfaces are 
ignored, though it is reasonable to suppose they make a 
contribution to the total frictional force. 

In this paper these surface forces are considered, and it 
is shown that they are sufficient in themselves to give a 
reasonable value of the frictional force, which suggests 
that the term due to the welding and tearing may, in fact, 
be small. This is clearly an important point. Up to now, 
the contribution of Van der Waals forces to the frictional 
force has been virtually ignored, though its importance was 
clearly stated by Hardy (2) after his early researches. 





Contributed by the ASLE Technical Committee on Lubrication 
Fundamentals and presented at the Annual Meeting of the 
American Society of Lubrication Engineers held in Buffalo, 
April, 1959. 

1 Lecturer, Mechanical Engineering Department, Imperial 
College of Science and Technology, London, $.W.7. England. 


195 


The main emphasis has been placed on the welding and 
tearing of opposing surface asperities. While this is not to 
be ignored, it is suggested that it may be secondary to the 
Van der Waals attractive forces. 

The coefficient of friction is defined as frictional stress 
or force divided by normal stress or force, which latter is 
taken to be the yield stress of the material. Therefore, in 
order to calculate the coefficient of friction, the surface 
forces per unit area at high values of normal stress (the 
yield stress) are required. 

First the Van der Waals surface forces at atmospheric 
pressure will be calculated, then at high pressures (up to 
120 tons/in?). These will be combined with the plastic— 
normal—stress to obtain values of the coefficient of friction. 

Two monolayers consisting of orientated long chain 
hydrocarbon molecules pressing against each other are 
postulated. When one layer moves relatively to the other, 
and parallel to it, the forces between the opposing molecules 
will give rise to the frictional force. The frictional compo- 
nent, due to welding and tearing, is assumed to be an order 
smaller than the Van der Waals forces, and is neglected. 
Also the forces necessary for any mechanical distortion of 
the surfaces are considered small, and neglected. 

Alexander (3) will be followed in assuming that the 
chains are vertical. If they are tilted at 90° it will lead to a 
cosine correction, which is within the probable error of 
the calculations. Thus they may be considered vertical. 

Germer and Storks (4) have shown that the primary 
hydrocarbon layer is unaffected by the movement of one 
lubricated surface over the other. 

For this work, ideally smooth surfaces will be assumed 
without roughness or with the asperities squeezed flat by 
plastic deformation. 

Let £, be the potential energy of one chain attached to 
one surface with respect to all the other chains on the 
other surface, at equilibrium. This is taken to be the same 
as the potential energy of a chain in one layer of molecules 
in a hydrocarbon crystal, with respect to all the other 
chains one level down. When one surface is moved from 
the stable equilibrium position to the next equilibrium 
position, there must be one point between these two 
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positions where the total attraction energy is a minimum. 
Let the energy at this point be Ee. Then if the distance 
between the two positions associated with the energies FE; 
and Ep» is x, the mean force F needed to move one chain 
from the position corresponding to FE; to that corresponding 
to Es is: 

E,— Ey = Fx [1] 
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Fic. 1. Arrangement of molecules in hydrocarbon crystal as 
determined by Miiller. 


The value of the frictional force F 


In Fig. 1 the arrangement of molecules in a hydrocarbon 
crystal as determined by Miiller (5) is shown. Both the 
elevation and plan of the two layers are drawn. The bonds 
of the lower layer are shown as full lines, and dotted lines 
are used for the upper layer. The positions of the scattering 
centers are shown by circles. The gap, shown by “d”, is 
the smallest vertical distance between the planes containing 
the scattering centers of the two layers of chains. The 
setting angle is shown by y, and the shift of chains in one 
layer relative to the corresponding ones in the other layer 
is marked “‘e”’, 

In two siteanamiiel papers Miiller shows how the attrac- 
tion or Van der Waals forces may be calculated (6) and also 
the repulsion forces (7). It is shown that the Van der 
Waals forces may be calculated without introducing 
appreciable error by using the X-ray scattering centers of 
the —CHg groups instead of using the atoms themselves 


and this procedure has been adopted here. In this work it 
is assumed that the positions of all the scattering centers 
of a chain are regularly spaced, up to and including the 
terminal—CHg group. The substitution of a hydrogen atom 
for the C-H linkage is assumed to have negligibly small 
effect on the position of the scattering center of the terminal 
—CHs group. 

The distances used in these calculations are taken from 
Miiller’s three papers and are tabulated as follows (and 
shown in the figure): 


a = 7.426 A, the “‘a’”’ axis of cross-section 
b = 4.956 A the “py axis of cross-section 


s = 2.51 A, double the distance between two consecu- 
tive CH2 groups (measured in the direction 
of the chain axis) 

d = 3.09 A, the gap 

e=1.0A, the transverse shift of layers 

k = 1.203 A, projected separation of scattering centers 


(see page 631, Table II, Miiller (6)). 


The values for the separation of the atoms in the chains 
are not repeated here (see Miiller (6)). The expression for 
¢, the Van der Waals potential, is given as: 


3 1 
$= 5miex > = [2] 


where m = mass of the electron = 9.108 x 10-°8 g 
¢ = velocity of light = 3 x 101° cm/sec 
®% = polarization constant for scattering centers 
= 1.777 x 10-*4 cm? 
x = diamagnetic susceptibility scattering centers 
= 18.94 10-30 cm3 


whence 


"2 
¢ = 41.3 x 10-22 > ne {3] 


where R is in Angstroms. The value of (1/R®) must be 
worked out for a number of values of d, the vertical gap, 
to take into account the compression of the gap caused by 
the large normal force found when two surfaces are pressed 
together under these conditions. To begin with, the values 
of the uncompressed gap are computed. 

The total energy of one chain with respect to the other 
layer is the attraction energy less the repulsion energy ¢p. 
The repulsion energy is almost entirely due to the forces 
between the hydrogen atoms which are closest together. 

The relation for ¢ x is: 


¢r = 7.70 x 10-10 x 10-2-00R' ergs [4] 


where R! is the distance between two hydrogen atoms (page 
233, Miiller (7)). 

The attractive energy was determined by summing all 
the scattering centers of chains within a radius of 8 Ang- 
stroms of the chain (in the other layer) under consideration, 
and this involved a summation of about 120 terms. The 
contribution of centers above and below the terminal 
groups was found to be considerable. The value of 
£(1/R®) for a gap of 3.09 A was 1.35 x 10-3, which gives a 
value of the attractive force of 5.54 x 10-14 ergs per chain. 














The repulsion energy is very simple to calculate, as it is 
accounted for by the hydrogen atoms that approach closest. 
The nearest distance of approach of two pairs of hydrogen 
atoms for a 3.09 A gap is 2.58 A and the next nearest set 
of pairs is 3.15 A. The total repulsion energy, taking the 
angles into account, is (3.05—0.20)x 10-4 ergs. The 
equilibrium distance for hydrogen atoms between one 
kerosene chain and its next door neighbour, as op to 
the one above it, was found by Miiller to be 2.4 A, which 
gives a repulsion energy a little over double that found 
here. The possible experimental error in the determination 
of the gap constants may, however, account for the dif- 
ference. 

The total attraction energy, therefore, for a single chain 
with zero external compression, is: 


$—dr = (5.54—0.33) x 10-4 ergs 


Alexander (3) gives the cross-sectional area of a hydro- 
carbon chain as 20 square angstroms whence the attraction 
energy of one monolayer for the other is 26 ergs/cm?. The 
calculation of the values of the minimum attraction and 
maximum repulsion forces is not easy, as the end groups 
will probably also rotate relative to each other when they 
move. If the geometry of the molecule is considered, it is 
seen that the hydrogen atoms get quite close together at 
some point between one equilibrium position and the 
next. It is seen from Eq. [4] that ¢z increases very rapidly 
with decreasing R! and in fact if two hydrogen atoms were 
to approach within 2.0 A, the repulsion potential would be 
of the same order or larger than the attraction potential. 
The actual value of EZ: is not required, only its magnitude 
relative to E;. The following considerations show that it 
must be small with respect to Fi. 

If E> was of the same order as £), a molecule could move 
from one position to another in the middle of the surface, 
and only when it reached the periphery would there be 
any energy required to take it over the last energy barrier. 
The system is, in fact, independent of length of the peri- 
phery, and depends only on the area, therefore Eec an be 
taken as small with respect to Z;. The same argument 
applies also to Miiller’s case. 

We can therefore calculate the mean frictional force 
from the formula 


Ei = F.x [5] 


The average value of x, the distance between the posi- 
tions of maximum and minimum attraction energy will be 
half the square root of the area of the chain. The square 
root is taken as there is presumably random orientation of 
crystallites on the surface, and so there will be complete 
uncertainty as to the direction of movement of the upper 
chain relative to the axes of the crystallites of the lower 
surface. 

We have then that F = £,/x and as the values of E; and 
x have both been determined, it is possible to calculate F. 


E, = 26 ergs/cm? and x = 2.23 x 10-8 cm, 


therefore F = 26/2.23 x 10-8 = 1.2x10® dynes/cm?, or 
1.2 x 108 kg/cm?. 
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Effect of yield stress on frictional force 


Next, the effect of normal stress on this figure must be 
calculated. We have assumed that the gap between the 
terminal -CHg groups is that found by X-ray data. The 
very large pressures existing between the contact surfaces 
must cause the gap to close. Take the normal stresses to 
be the values of yield points of steels normally used, that 
is, say, 40, 80, 120 tons/in?2. 

When the gap decreases, the attractive forces are in- 
creased as the terminal groups come closer together. There 
are several difficulties in the way of calculating the net 
attractive forces accurately. A semi-quantitative figure can, 
however, be achieved if the following assumptions are 
made. The first is that the linear compressibility of the gap 
is equal to the linear compressibility of the cell in the a 
and 5b directions. The second is that the compressibility 
stays constant with pressure, and the third is that the 
repulsion potentials remain constant. This latter is not a 
serious matter as they are small. The reason for assuming 
that they will stay the same is that when the gap decreases, 
the setting angle y of the chains will slightly alter, and so 
the hydrogen-hydrogen distance will probably remain 
constant. 

The net attractive forces were calculated with gap 
distances of 2.89, 2.69, and 2.49 A. Taking the linear 
compressibility as 10 x 10-12 dyne/cm? (Miiller (7)) these 
correspond to normal pressures of 40, 80 and 120 tons/in? 
or 6.5, 13 and 19.5 thousand atmospheres. 

The results of the calculations give the total attractive 
forces as 34, 43 and 51 ergs/cm? respectively, that is, for a 
threefold increase in normal pressure (from 40 to 120 
tons/in?) the frictional force is increased by a factor of 1}. 

These calculations are only approximate as the change 
in the size of the gap can only be approximate. They are 
included here to show that the decrease in the gap leads to 
an increase in the frictional force. 


Value of the coefficient of friction 


Using these values, we can now calculate the coefficient 
of friction at normal stresses equal to the yield stress of 
the material, viz. at 40, 80 and 120 tons/in? or 6.5, 13, 
19.5 x 103 atmospheres. 


Normal pressure, P 40 80 
os. 


120 tons/in? 

19-5 thousand atms. 
Attractive energy, Ei 34 43 51 ergs/cm? 
Frictional force, F 1-52. 1-93 2-29 thousand kg/cm? 
Ratio, F/P 0:24 O15 0-12 


The ratio, F/P, is of the same order as published values 
for coefficient of friction. 

There are no detailed results available showing the 
effect of hardness of steel on coefficient of friction. It is 
usually assumed that the harder the steel the lower the 
coefficient of friction, which is in accordance with the 
present theory. 

These calculations show, however, that the surface forces 
are enough in themselves to account for the major part of 
the frictional force. 
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Static friction 


An extension of this theory gives a reasonable explana- 
tion of static friction. Bristow (8) shows that nonpolar 
hydrocarbons give a friction-speed curve with the friction 
decreasing with increasing speed till it falls to a given 
value, and then remains constant. Fatty acids give this 
constant value whatever the speed. This suggests that 
where the long chain hydrocarbon molecules are not 
orientated, as in the case of a plain hydrocarbon, the 
coefficient of friction is higher than for the orientated long 
chain molecules. In the nonorientated case the chains will 
be orientated at random and so instead of the frictional 
force being due to the interaction of the tails of the mole- 
cules, it will be mainly due to the molecular forces between 
the —CHg groups along the length of the chains. The forces 
between the —CHg2 groups have already been published 
and the equilibrium energy EF is 1 x 10-18 erg/CHe group 
(Miiller (7)). Eg will be neglected as before. This gives a 
total attraction energy about double the previous figure, 
that is, 1.0x 10-1 ergs instead of 0.52 x 10-1 ergs. If the 
intermolecular distances are the same, we get FE) to be 
50 ergs/cm2, giving a frictional force nearly double the one 
previously calculated. 

Thus the ratio static/kinetic friction (i.e. the ratio non- 
orientated/orientated) is 2.0, which is approximately the 
observed figure. 


Frictional force determined from surface tension 
In the analysis above we have taken the energy involved 
in the friction process as being equal to the energy required 
to move one square centimeter of surface from the equi- 
librium position to a position of zero attraction. The 


energy of cohesion of a liquid is the energy required to 
separate a column of liquid 1 cm? in cross section, and is 
equal to double the surface tension, as 2 cm? of surface are 
formed. The value of the cohesion energy and the frictional 
energy (as calculated above) for nonorientated surfaces 
should be the same, as in both cases the surfaces are 
moved from the equilibrium position to a position of zero 
attractive energy. In fact this is seen to be so, as the surface 
tension for hydrocarbons varies between 20 and 35 ergs/cm?, 
lubricating oil having a surface tension of 30-35 ergs/cm2, 
and so the cohesion energy is 40-70 ergs/cm*, which 
agrees well with the 50 ergs/cm? calculated above. 
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Cam and Tappet Lubrication. IV—Radioactive 
Study of Suifur in the EP Film 


By E. H. LOESER!, R. C. WIQUIST! and S. B. TWISS? 


A radioactive tracer, sulfur-35, synthesized into zinc dialkyl dithiophosphate molecules, 
was used to study the EP film formed on cast iron cams and tappets run in motor oils con- 
taining this additive. The sulfur content of static films increased with immersion time and 
temperature, and the presence of phosphate-coated metal surfaces. The bound sulfur of films 
formed during dynamic tests increased with running time, load, and with the use of phosphate- 
coated surfaces. These conditions also influenced the ratio of Zn:P:S contained in both static 
and dynamic films. Zinc, and particularly phosphorus, in the films increased more rapidly 
than the sulfur with increased temperature and/or pressure. The dynamic films are not easily 
worn off by running in nonadditive oil. The mechanism of action of zinc dithiophosphates 
appears to be related to chemical reactions of additive decomposition products with the metal 
surfaces to form tightly-bound solid films which reduce damage under extreme pressure 
conditions. Radioactive counting and X-ray spectroscopy were used to obtain the amount of 
sulfur and zinc on tappets. Densitometer traces of the autoradiographs were utilized to 





determine the distribution of the sulfur on cam and tappet surfaces. 


Introduction 


EXTREME pressure additives, such as zinc dialkyl dithio- 
phosphate, have been used for some time in motor oils to 
protect cams and tappets from the excessive wear caused 
by scuffing. Recent studies (1, 2, 3, 4) support the theory 
that under proper conditions the additive or additive 
decomposition products react chemically with the metal 
surfaces to form a solid lubricant film. Thus, controlled 
corrosive wear occurs in the engine where this film is worn 
from the rubbing surfaces and reformed by the oil additive. 
This is the probable explanation of the results of earlier 
work (5, 6) which showed that the additive moderately 
increased the smooth wear of the cams and tappets and thus 
provided a rapid run-in before scuffing could occur. 
Radioactive tracers in oil additives are valuable tools for 
analyzing EP films and determining the mechanism of 
their formation and removal under engine conditions. An 
earlier paper (7) reviewed the various investigations in 
which radioactively tagged elements, carbon-14 (C-14), 
phosphorus-32 (P-32), and sulfur-35 (S-35), were used to 
analyze lubricant films on metal surfaces. More recently, 
Larson (1) reported briefly the results of static and Larson 
single cylinder engine experiments in which radiotracers 
Zn-65, P-32 and S-35 were used to study the film formed 
by zinc dithiophosphate on copper-lead bearings. A more 
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thorough investigation, using oils containing P-32 labelled 
zinc di(Cg)alkyl dithiophosphate in laboratory multi- 
cylinder gasoline engine tests, is described by Furey (3). 
Radiotracer techniques were used by Loeser, Wiquist and 
Twiss (2) to obtain data on the phosphorus content and 
distribution in EP films formed statically and dynamically 
on cams and tappets. 

The object of this paper is to report the results of a 
similar study in which radioactive sulfur was used to 
investigate the film. The zinc content of the film was 
determined by X-ray spectroscopy. The combined data 
for sulfur, phosphorus and zinc should increase our 
knowledge of the composition and properties of the anti- 
scuff film. 


Apparatus and procedures 
Apparatus 


The static tests were carried out in a bank of 150 cm% 
test tubes immersed in high temperature oil baths main- 
tained at 200, 250 and 300 F. The temperature of these 
baths was controlled to +5 F. 

The Tappet Tester described in reference (5) was used 
to study film formation under dynamic conditions. 


Test Specimens 


The test pieces for both the static and dynamic runs 
were of standard tapered (alloyed chill cast iron) camshafts 
and spherical-faced (hardenable alloy iron) tappets used in 
V-8 automotive engines. Tappet sections cut } in. away 
and parallel to the tappet face were used in the static tests. 
The faces of treated tappets were coated using a com- 
mercial manganese phosphate process to give a lubricating 








and wear resistant surface. The original surface rough- 
nesses of the various tappet surfaces are given in the 
results and discussion section. 


Lubricant Preparation 


The zinc dialkyl dithiophosphate additive (Z) was 
comparable to that used in earlier studies (2, 5, 6), except 
that it contained the radioisotope, S-35. Phosphorus 
pentasulfide, which contained S-35, was used in the 
synthesis of Z. The phosphorus pentasulfide was prepared 
by heating stoichiometric quantities of red phosphorus 
and sulfur (containing twenty millicuries of S-35) in an 
inert atmosphere. In both static and dynamic experiments, 
additive Z (1% weight) was blended with a refined SAE 10 
motor oil (A). 


Test Procedures 


In static tests, the tubes each containing 25 cm? of the 
tagged oil and a test specimen were immersed in the 
constant temperature bath. After specified time intervals, 
the individual test pieces were removed from the oil, 
cooled, and rinsed in 150 cm? of cold benzene. Each piece 
was transferred to 200 cm’ of fresh benzene and boiled 
for 15 min. The tappet faces were then counted. The oil 
samples of the 200 and 250 F tests were used throughout 
the runs, while in the 300 F run, the test pieces were 
placed in fresh heated oil every two hours. Three tappets 
of each of the three finishes were used, making nine speci- 
mens at each temperature. The order of placing the pieces 
in the oil and of counting were randomized. 

Since the dynamic test procedures varied, they will be 
described in the results and discussion section. 


Radioactive Tracer Measurements 


The amount of S-35 on the tappet face was determined 
by the use of a gas flow Geiger counter fitted with a very 
thin window. Both tappet sections and whole tappets 
could be placed in the brass holders designed to fit in the 
manual sample changer of the detection instrument. All 
test specimens were automatically centered and a screw 
adjustment enabled accurate vertical positioning. Further 
information on measurement of radioactivity and stability 
of the additive is given in the Appendix. 

Autoradiographs of the cam and tappet surfaces furnished 
information about the amount and distribution of S-35 on 
these surfaces. The tappets were placed face down on a 
sheet of type K or KK X-ray film. Strips of film were 
wrapped around the cam surface, backed by paper and 
tightly held in place by rubber bands. The S-35 decay 
correction regulated the exposure time which was used for 
the various cams and tappets. By this means, all auto- 
radiographs of cams and tappets are comparable, regardless 
of when exposed, and their optical density can be related 
to the amount of S-35 on the surfaces. 


Results and discussion 


Static Tests 


The counting measurements showed that a tightly 
bound, sulfur-containing film was formed on the metal 
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pieces. The 200 F static immersion results are shown in 
Fig. 1, in which the average weight of bound sulfur per 
unit geometric area was plotted against immersion time. 
Initially, the film formed rapidly and then the rate of 
formation decreased, although a steady-state was not 
reached even after 605 hours. The curves in Fig. 1 showed 
that the phosphate-coated surfaces A (roughness of 10 to 
20 win.) bound more sulfur than either of the untreated 
iron surfaces. As to the untreated surfaces, the rougher B 
(15 to 25 pin.) bound slightly more than the smoother C 
(2 to 4in.). A statistical analysis of the data at 200, 250 
and 300 F showed that at each temperature three factors 
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Fic. 1. Rate of film formation as a function of surface treatment. 

Static immersion, 200 F. A, phosphate-treated tappets, roughness 

10 to 20 win. B, untreated tappets 15 to 25 pin. finish. C, un- 
treated tappets, 2 to 4 pin. finish. 


significantly affected the amount of bound sulfur: the 
immersion time, the surface finish and the finish-time 
interaction. The data from a separate study of phosphate- 
coated tappets immersed at 300 F for four hours indicated 
that in the case of the treated surfaces also, the amount of 
bound sulfur was enhanced by the roughness of the surface. 
In Fig. 2, the effect of temperature on the sulfur content 
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Fic. 2. Effect of temperature on film formation with phosphate- 
treated tappets. Static immersion. 














of the film is shown for treated tappets; earlier data (2) 
for phosphorus are included for purposes of comparison. 
The amount of bound sulfur increased with temperature; 
at 300 F the increase for sulfur was much less than for 
phosphorus. After about 50 hours at 250 or 300 F, the 
film formation rate increased suddenly, creating discon- 
tinuities in the curves. This apparent autocatalytic reaction 
was probably caused by the gradual buildup of very 
reactive fragments from the thermal decomposition of the 
additive. 


Dynamic Tests 


From a practical standpoint, the antiwear films formed 
by oil additives under dynamic conditions are of greater 
interest. Several runs, which simulated high speed auto- 
motive engine conditions, were made in the tappet tester 
using both treated (phosphate-coated) and untreated 
tappets. An oil containing one weight per cent of zinc 
dialkyl dithiophosphate tagged with S-35 and maintained 
at 200 F was used in all runs. The camshaft speed was 
1750 rpm. At periodic intervals the tappets were removed 
from the tester, cooled, washed in boiling benzene and the 
tappet faces counted. Autoradiographs were made of cams 
and tappets at the completion of a run. 

In spite of efforts to select similar test pieces and to 
control the operating conditions of the tappet tester, 
there were small but statistically significant differences in 
the sulfur content of the films formed in duplicate runs. 
Engine tests would be expected to be far less reproducible 
than the bench tests. 


Effect of Load on Film Formation 
The bar graphs in Fig. 3 show that, during the early 









































LOAD T ' T 
Untreated (10) | 
225 Ibs. 
Treated (10) 
Untreated (2) | 
310 Ibs. 
Treated (2) 
Untreated (2) 
400 Ibs. 
Treated (2) 
| N N ! 








6) 1 2 3 4 
BOUND SULFUR, MICROGRAMS PER SQ. CM. 


Fic. 3. Sulfur in film formed on tappets in dynamic test, showing 
effect of load (24 hr, 1750 rpm, 200 F). Untreated, 15 to 25 pin. 
finish. Treated, 10 to 20 vin. phosphate coated. 


stages of the use of the additive oil, the amount of sulfur 
in the film increased with load. This effect was one of load, 
since the 24-hour runs are too short to cause any significant 
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depletion of additive concentration. Therefore, high unit 
loading and the consequent high surface temperatures 
appear to have enhanced film formation. Statistical analysis 
of the five runs at 225 lb load showed that the treated 
surfaces bound significantly larger amounts of sulfur than 
did the untreated ones. The data at 310 and 400 Ib loads 
were too few for similar statistical treatment. 

The curves in Fig. 4 show the interrelation of several 
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Fic. 4. Sulfur in film formed on tappets in dynamic test, showing 

effects of load and running time (1750 rpm, 200 F). Open circles, 

untreated tappets. Solid circles, phosphate-coated tappets. Per- 

centage figures indicate amount of original radioactivity remaining 
in the oil. 


important variables: duration of run, load and additive 
concentration. The plotted values are averages of severel 
runs and include four tappets for each type of surface. 
At a constant load of 225 lb, the amount of sulfur in the 
film increased with running time. There was a seven-fold 
increase in the amount of bound sulfur in the dynamic 
film after 130 hours, as compared with the sulfur in the 
130 hour static film formed at the same oil temperature 
(200 F). (This was much less than the 100-fold increase 
obtained for bound phosphorus under similar conditions.) 
After 130 hours, the load was increased to 320 lb. There 
was an initial drop in the sulfur content, due to rapid 
abrasion of the film. As soon as the surface reactions 
associated with the higher pressures and frictional tem- 
peratures became established, the sulfur built up to higher 
levels. The sulfur content attained a maximum during the 
415 lb load stage and then began to drop off. The sulfur 
content of the oil during this later stage of the run de- 
creased, as shown by radioactive counting. Apparently, 
some of the active sulfur in the oil required for film replen- 
ishment was lost by the formation of gaseous products and 
insoluble sludge. 

Since this EP film contains phosphorus as well as sulfur, 
it was of interest to compare the amounts of these two 
elements in the film. Figure 5 reproduces a portion of the 
sulfur curves of Fig. 4, along with phosphorus data from 
a similar run. In general, the phosphorus showed the 
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Fic. 5. Sulfur and phosphorus in film formed in dynamic test, 
showing effect of load, with untreated and phosphate-treated 
tappets. 


same effects of running time, load, and tappet surface 
treatment; the film contained about eight times more 
phosphorus than sulfur. 


Effect of Tappet Surface Treatment on Film 


Again referring to Fig. 4, it will be noted that more 
sulfur-containing film was formed on treated than on 
untreated tappets. During the late stages of this long run, 
however, the amount of film remaining on the untreated 
surfaces was larger. A statistical analysis of the data for 
four runs after 130 hours at 225 lb load showed that the 
use of phosphate coating significantly increased the amount 
of sulfur film formed dynamically on tappet surfaces. This 
heavier film concentration on the phosphate-coated tappets 
is probably due to both the higher area and greater chemical 
activity of the treated surface. 


Stability of the EP Film 

Another question frequently encountered in lubrication 
studies involves the stability of additive films during 
subsequent running in nonadditive oil. The results in Fig. 
6 indicated that the film formed by oils containing zinc 
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dithiophosphate was fairly stable. In this run, the radio- 
active additive oil was drained and thoroughly flushed 
from the tester after 130 hours. The run was then con- 
tinued at the former load with nonadditive oil. There was 
an immediate drop in the radioactivity of the tappets, 
indicating a rapid removal of part of the film. However, 
equilibrium in radioactive counts was reached in about 
22 hours, at which point 60% of the sulfur remained in 
the antiwear film on the treated and untreated tappets. 
Comparable data for phosphorus showed 80% of it was 
retained, Continued running up to 68 hours did not change 
significantly the sulfur content of the film. These results 
were confirmed by autoradiographs, which showed appre- 
ciable amounts of sulfur in the wear areas of the cams and 
tappets after running in the nonadditive oil. 


Composition and Thickness of the Film 


The original tappet and cam surfaces cannot be con- 
sidered as clean iron surfaces, since upon exposure to the 
air they rapidly acquire an oxide layer. Therefore, the film 
formed on untreated tappets in the static tests probably 
contained some iron oxide; manganese and iron phosphates 
due to the phosphating treatment possibly influenced the 
composition of the film formed by the additive on treated 
tappets. In the case of surfaces after the dynamic tests, 
the film composition is further affected by the mechanical 
working of the contacting surfaces. It is apparent, therefore, 
that the following discussion of film composition and 
thickness presents a simplified picture of the nature of the 
rubbing surfaces. 

Available evidence indicates that chemical reactions 
occurred in the additive oil and at the metal surfaces, 
which resulted in the formation of a film with antiscuff 
properties. This film which contains zinc, phosphorus and 
sulfur was chemically, rather than physically, bound, 
since it was not removed by solvents or evacuation and was 
fairly resistant to abrasion. It is easier to make a direct 
comparison of the number of atoms of sulfur, phosphorus 
and zinc in the films by expressing the data in terms of 
gram atoms of each element. This has been done in Fig. 7 
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Fic. 7. Effect of temperature on average amount of bound phos- 
phorus, sulfur and zinc in the tappet film. Static immersion, 45 
hr. 














for tappet specimens (weighted mean for both treated and 
untreated surfaces) which were immersed for 45 hours. 
These curves show not only the relative amounts of ele- 
ments in the static films formed at the three temperatures, 
but also the rapid enrichment of the zinc and, particularly, 
of the phosphorus in the film between 250 and 300 F. 
This type of temperature dependence is a further indication 
of a chemical reaction mechanism. 

Although no definite chemical compounds have been 
identified in the films, the proportions of the elements have 
been calculated and listed in Table 1 in terms of gram atoms 
per cm?. The quantities of zinc, phosphorus and sulfur 
obtained by the counting technique, represent the average 
amount of each element per unit tappet area. It should be 
noted in Table 1 that the film composition varied with 
environmental conditions of temperature, time and load. 
In all cases, the relative number of three types of atoms in 
the films differed from that of the additive, Zn[(RO)2PSS]e, 
where the ratio of Zn:P:S is 1:2:4. The films were all 
lower in sulfur content than the additive, and the dynamic 
films showed enhanced phosphorus content. This appears 
to confirm the theory, mentioned earlier in this paper, that 
reactions of additive decomposition products determine the 
composition of the antiscuff film. 

The thickness of the films formed by the additive would 
be more meaningful if the actual compounds and their 
distribution in the films were known. Nevertheless, some 
approximations of film thickness may be made if it is 
assumed that the zinc, phosphorus and sulfur are present 
in elemental form or that the film contains phosphides or 
sulfides of iron. There are undoubtedly a number of com- 
pounds present which have not been identified; sulfur 
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printing (9) showed the presence of metal sulfides in the 
films. A sample calculation is as follows: the counts from 
the tappets of the static 200 F run indicated 0.16 ug of 
sulfur per cm? of apparent geometrical area. If the effective 
density of the sulfur atom is assumed to be 1.957 g/cm3, 
the volume of a sulfur atom is then 34.25 x 10-24 cm3/atom 
and one monolayer would contain 5.05 x 10-8 g of sulfur 
per cm*, Therefore, if the sulfur-containing film was in 
the form of sulfur alone, then the amounts of radioactivity 
found represent an average thickness of 3 monolayers. In 
the case of compounds, such as iron sulfide, a calculation 
was made on the basis of the available sulfur content. 

The actual number of monolayers in each of the films is 
smaller than those listed, since the true area of the tappet 
surfaces is greater than the geometric area. According to 
King (10), the ratio of true to geometric area (roughness 
factor) of common metals is seldom greater than 10. If 
the roughness factors of the tappet faces were as great as 
10, the estimated average thicknesses of the films ranged 
from about 1 monolayer for the static 200 F film to more 
than 50 layers for the film in Dynamic Run 3. In addition, 
the autoradiographs, discussed in the following section, 
showed distinct localization of radioactivity on the tappet 
faces from the dynamic runs. The localized film thicknesses 
on these tappets are probably greater than the calculated 
values based on the average activity per unit of estimated 
area. 


Distribution of the Film 
Counting techniques provided quantitative data of the 


amounts of zinc, phosphorus and sulfur on the tappets, 
but since these were average values they do not show the 
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} 
Run | Conditions g/cm? | g atoms/cm? monolayers 

| | Zn Pp | s_ | zaps | zn | P S | FesP | FeS 
Static 1* 200 F, 20 hr | 058 | 017 | 016 | 1/0606 | 3 | 3 | 3] 4] 3 
Static 2 250 F, 45 hr | 2.20 | 086 | 1.03 | 1/08/1 | 12 14 | 20 18 | 19 
Static 3 | 300 F, 4hr | og2 | 1.20 | 037 | 1309 | 5 | 19] 7 | 2 | 7 
Static 4 | 300 F, 45 hr 6.01 | 6.36 | 1.51 | 1/22/05 | 34 | 100 | 30 | 135 | 27 
Dyn. it | 200 F, 24hr, 225 Ib | 3.66 | 8.60 | 1.39 | 1/5/0.76 | 21 | 136 | 28 | 183 | 2s 
Dyn. 2 | 200 F, 130 hr, 225 Ib | — | 1430 | 198 | x/5/064 | — | 230 | 37 | 303 | 34 
Dyn. 3 | 200 F, 130 hr, 225 Ib | — | 2008 | 3.76 | 570.94 | — | 320 | 74 | 427 | 68 

| 19 hr, 320 Ib | | | | 

21 hr, 415 Ib | | | 
Dyn. 4 | 200 F, 130 hr, 225 Ib | 5.79 — | 386 | te | 33 | — | 7 | — | 7 

| 19 hr, 320 Ib | | | | | 

| 104 hr, 415 Ib | | | | | 

| 48 hr, 225 Ib | | | | | | | 
Dyn. 5 | 200 F, 130 hr, 225 Ib | 281 | 13.26 | 0.98 | 1/10/0.7 | 16 | 210 19 | 280 | 18 

Base oil, 68 hr, 225 Ib | | | | | | 

{ 








* Static runs are for treated tappets. 
+ Dynamic runs contain treated and untreated tappets. 











distribution of the elements on the surfaces. The use of 
autoradiographs made possible the determination of the 
distribution of the radioactive elements in the antiscuff 
film and also gave a measure of the radioactivity of the films 
on the curved cam surfaces. Figure 8 shows the auto- 





Fic. 8. Autoradiographs of tappet and cam surfaces after dynamic 
run in §-35 oil (24hr, 225 1b, 1750 rpm, 200 F). 1 and 4 un- 
treated; 2 and 3 phosphate-coated tappets. 


radiographs of the cam and tappet surfaces after 24 hours 
of running at 225 lb load in the tappet tester with an 
oil tagged with S-35. Tappet surfaces 1 and 4 were un- 
treated, 2 and 3 phosphate-coated. The small dark areas in 
the center of the four tappets indicated sulfur concentration 
in the high pressure contact areas. These autoradiographs 
represented an early stage of running, and fine details of 
the additive film structure were visible. Thus, on the cam 
nose, striations in the film indicated the possibility of 
tappet bouncing. Similarly, the irregularity of the radio- 
active film on the cam flats suggests that chattering had 
occurred, since the buildup of the film records pressure 
differences around the cam circumference. The major 
portion of the tappet travel around the cam circumference 
is on the cam flat. The load on the cam nose, which pro- 
trudes above the smaller-diametered cam flat, is about 
seven times the load on the flat. 

The autoradiographs in Fig. 9 are of the cams and tappets 
after 277 hours of dynamic running under more severe 
operating conditions (load ranged from 225 to 415 lb). 
The dense film areas in the tappet centers were much larger 
than those of the less severe run. The center area was 
bounded by two concentric rings; the first was light, 
indicating a relatively low activity. The dark outer ring 
extended to the edge of the tappet face. The wear areas on 
the cam noses were larger and much denser than in the 
case of the 24 hour run and extended across the cam 
width. The cam nose wear patterns of cams 3 and 4 
(operated against phosphate-coated tappets) were denser 
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Fic. 9. Autoradiographs of tappet and cam surfaces after dynamic 
run in §-35 oil (277 hr, 225 to 415 lb, 1750 rpm, 200 F). 1 and 2 
untreated ; 3 and 4 phosphate-coated tappets. 


and larger than those operated against untreated tappets. 
It should be noted when comparing cam nose and flat 
densities that the spring load on the flat was about + the 
load on the nose. 

It is difficult with the eye, however, to determine even 
semiquantitatively the relative activities from the density 
patterns in these autoradiographs. An improved technique 
was employed to obtain a relatively precise determination 
of the distribution of the radioactive film. This was the use 
of a densitometer with automatic traverse and recording. 
Typical densitometer traces based on the S-35 autoradio- 
graphs are shown in Fig. 10 for a typical phosphate-coated 
tappet from the 24 hour run and one for the 130 hour run, 
both at a load of 225 lb. In the 24 hour test, the highest 
activity was in the center of the tappet, indicating a rela- 
tively narrow, high-pressure contact area. Continued 
running to 130 hours gave a broadening of the center area, 
indicating an increase in contact area produced by wear. 
However, the level of activity in the center area has not 
increased and in some cases actually became lower as the 
contact area increased. This is in agreement with the 
chemical polishing theory of the action of antiwear addi- 
tives. At 24 hours, there appeared a small peak at ‘“‘dk” of 
Fig. 10, which became denser after 130 hours. This ring 
is believed to be due to the static buildup of additive film 
at the outermost edge of the tappet which is a noncontacting 
area. Its buildup is accelerated by heat flow from the high 
pressure contact area. At a smaller radius than the ring 
dk, there is a valley, It, where the activity is low. This 
ring is thought to be at the edge of the wear area, where 
wiping can occur, but the unit pressure is quite low. 

Certain of these features of distribution of the additive 
film on the tappet surface became more striking by com- 
paring the buildup of film after long periods of running at 
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Fic. 10. Densitometer traces of autoradiographs, showing effect 
of time on additive film distribution—sulfur in tappet film. 


higher loads (Fig. 11). In this figure, the densitometer 
trace at A is the same as 10B; the trace 11B represents 
277 hours at loads ranging from 225 to 415 lb. The out- 
standing characteristic of this densitometer pattern is the 
increased buildup of film at the edge dk. This indicates 
that, in the absence of abrasive wear and at high loads, in 
time the static film buildup in this area can actually exceed 
the activity of the film formed in the center wear area 
where formation and removal occur simultaneously. 

According to the results of radioactive counting, there 
was a continual increase in activity for longer running 
times and at higher loads. It is apparent from the densito- 
meter traces that a relatively high proportion of this 
activity was contributed by the static film buildup at the 
edge of the tappet, whereas the level of activity of the film 
in the center wear area has not been increased appreciably. 
This suggests that radioactive counting may lead to spurious 
results unless the pressure distribution and extent of reac- 
tion is uniform. The use of autoradiographs, particularly 
the interpretation of these by densitometer measurement, 
eliminates this problem by giving a fairly exact representa- 
tion of the distribution of the antiscuff film. 

Densitometer traces for cams run for various periods of 
time against phosphate-treated tappets are shown in Fig. 
12. After 24 hours of running, the wear area on the cam 
nose was relatively narrow, but this area widens after 130 
hours and is still wider at 277 hours. At the earlier stages 
of running, namely 24 and 130 hours, the film on the cam 
flat appeared to be nonuniform. This is evidence of 
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Fic. 11. Densitometer traces of autoradiographs, showing effect 
of load on additive film distribution—sulfur in tappet film. 


chattering or cyclic change in pressure on the cam flat. 
Finally, the level of activity of the film on the cam flat was 
slightly higher at 130 hours and about twice as much at 
277 hours. The most uniform film occurred on the flat at 
the longest running time. 

Methods of calibration relating the density of the 
autoradiographs to the quantity of radioactive element in 
the film will be described in a subsequent paper. With the 
aid of this type of information, it might be possible to 
correlate the autoradiographic density of the additive film 
to the wear conditions which produced the film. 


Conclusions 


One hypothesis of the antiscuff action of EP additives 
involves the formation of solid lubricant films on the 
rubbing surfaces. Previous work (2) showed that a stable 
film containing zinc and phosphorus was rapidly formed 
on cams and tappets exposed to an oil containing zinc 
dithiophosphate. The present radiotracer study showed 
that the sulfur content of this film was lower than phos- 
phorus and was enhanced by high load and temperature, 
but not as markedly as the phosphorus content. Localized 
areas of high load and temperature, characteristic of 
incipient scuff, are particularly frequent during the early 
stages of engine operation. Thus, a tightly adhering 
chemical film having antiwelding properties is produced 
when and where it is needed most. Further operation with 
a nonadditive oil did not appreciably remove the film. 
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Fic. 12. Densitometer traces of autoradiographs, showing the effects of time and load on additive film 
distribution—sulfur in cam film. 


Although no definite compounds were identified in the 
film, the relative amounts of zinc, phosphorus and sulfur 
were found to depend upon the conditions of film formation. 
It was estimated that the films could be as much as 50 
molecular layers thick. 

Autoradiographs of the cams and tappets indicated that 
the sulfur content of the film was heavily localized in 
contact areas which had been subjected to high pressures. 
Methods are being established for measuring the relation 
between autoradiographic density and quantity of radio- 
active elements on the surface; more work will be required 
to relate quantitatively contact pressure with autoradio- 
graphic density. With the aid of this type of information, 
it should be possible to determine the contact pressure at 
a lubricated surface from the amount of the film formed. 
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Appendix 


The counting rates were found by measuring the time 
required for 12,800 counts of the low energy S-35. The 
background rate (approximately 17 counts per minute) 
was subtracted and a decay correction for the 87.1 day 
half-life of S-35 was made. Since the tappet measurements 
were alternated with measurements of the disintegration 
rate of a C-14 standard sample, a factor was found to 
correct for small detector sensitivity changes. The resulting 
data gave the average amount of S-35 on each tappet face 
in terms of counts per minute. Measurements on the radio- 
active oil were used to convert this value to micrograms of 
sulfur per cm?. The amount of absorption of the sulfur 
radiation by the oil itself was determined by (a) spreading 
known weights of the additive oil blend uniformly on tappet 
faces, and (b) by micro-pipetting a 1% solution of the 
additive oil in benzene on tappet faces and allowing the 
benzene to evaporate. The activity of these tappets with 
varying weights of uniform oil films was determined in the 
gas flow Geiger system. The use of tappets for the oil 
activity measurement eliminated the need for making back- 
catter and geometry corrections in this calibration. As 
plot of the observed specific activity per milligram of oil 
versus oil thickness was made and extrapolated to zero 
thickness, whereby a value of 400 counts per minute per 
milligram for an “infinitely thin” sample was found. Since 
the percentage of sulfur in the zinc dithiophosphate and the 
percentage of the additive in the oil were both known 
the observed count per minute per tappet face could be 
calculated in terms of micrograms of sulfur for infinitely 


thin films. The error in assuming that the film is infinitely 
thin would be at most 5% if the film weight was 0.1 mg 
per cm?, This calibration agreed qualitatively with results of 
a sulfur analysis on the tappet faces by X-ray spectro- 
metry. 

It was reported in an earlier paper (2) that extended 
heating of the additive oil caused precipitation of a solid 
which is rich in radioactive phosphorus. All the static 
immersion experiments were carried out in oil which had 
not reached this bulk decomposition stage. Although no 
definite compounds were identified in this precipitate, it 
was determined that its P/S ratio was about 6/1, whereas 
the P/S ratio of the original additive is 1/2. The super- 
natant oil after precipitation appeared to be active in terms 
of forming a sulfur-containing film under static conditions. 
The time-temperature conditions for precipitation from the 
oil were about 4.5 hours at 300 F. It was observed that 
after the first hour at 300 F a gas was evolved which reacted 
with lead acetate test paper to form a black precipitate. 
This lead sulfide precipitate was found to be radioactive. 
Hydrogen sulfide and the lower mercaptans are known to 
give a positive lead acetate test. These data indicated that 
chemical changes in the additive occurred before precipi- 
tation took place and the additive fragments are probably 
the active EP film formers, since film formation increased 
with temperature. These observations of the reactions in 
the oil support the statement of Larson (1): “The end 
results of zinc dithiophosphate decomposition involves 
stripping three or more of the alkyl groups and 14 sulfur 
atoms from the molecule leaving a largely inorganic 
residue’’. 





A Low-temperature Study of the Relationship between 
Engine Cranking Speed and Lubricant Viscosity 


By THEODORE W. SELBY! 


The viscosity of motor oils at low temperatures strongly affects the cranking speed of the 
motor. In a previous paper the author has shown that the viscosity characteristics of motor 
oils at low temperatures may be unusual, especially when they contain Viscosity Index 
Improvers. 

In this paper the author has analyzed the results of 250 cranking tests on two different V-8 
engines conducted at temperatures from +3 to —35 F, using three fluids, two of which 
contained Viscosity Index Improvers. The data seem to indicate an exponential relationship 
between the cranking torque M, and the cranking speed, N, and viscosity, », such that 
M = c(uN®) in which b and ¢ are constants and b~0.5. Further results of this study 
strongly indicate that the correlation is significantly better between cranking speed and 
viscosities measured at shear rates of approximately 2000 sec! than the correlation between 
these cranking speeds and viscosities determined by the ASTM extrapolation technique 

(Walther equation), or by a recent empirical modification of this technique. 


Introduction Viscometric difficulties 


As almost any motorist knows, success in starting an engine 
in cold weather depends primarily on battery power and 
motor oil viscosity. The battery power may be measured 
easily by well-established and accurate methods, but the 
measurement of motor oil viscosity and its relation to 
cranking speed has been a source of much discussion in the 
past and will probably remain so as long as low-temperature 
starting is a problem. 

Considering the heavy dependence on automotive power 
in many of the colder portions of the world, the problem Aes 
of low-temperature starting is of no little importance. The a : 
numerous failures of military equipment during the war : 
years underscore this fact. Today, instead of the lives of 
men, the life of commerce is dependent on automotive 
mobility. 

For example, on February 14, 1958 in Detroit, Michigan 
during a virtually snowless, near-zero, cold snap, the 
temperature fell to —5 F. The next morning it was esti- 
mated that more than 50,000 motorists—better than 15% 
of those requiring the use of their cars—could not start 
their cars without help. Such incidents are a poor reflection 
on the respective products of both the automotive and 
petroleum industries. 700 210 


Just where is the difficulty? In Fig. 1 are shown the 
viscosity-temperature curves of four commercial motor oils 


---#OiIL A (10W-30) 
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VISCOSITY, CENTISTOKES 





Usually before a problem can be solved it must be 
understood. At this time, the problem of determining and 
improving the relationship between cranking speed and 
viscosity hinges on understanding the low-temperature 
viscometry of motor oils. 
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TEMPERATURE, DEGREES FAHRENHEIT 


Fic. 1. Viscosity-temperature curves for four commercial oils 
from low-shear Cannon-Fenske reverse flow viscometer. 


as determined in the relatively low-shear Cannon—Fenske 
reverse-flow capillary viscometer. It is readily apparent 
that Oil C, at temperatures from 20 to 0 F, has a much 
greater increase in viscosity with decreasing temperatures 
than the other three lubricants. Is this then an example of 
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a motor oil with poor low-temperature properties? Not 
necessarily! If the oil is considered from the standpoint 
of oil supply to the engine’s bearing surfaces the answer is 
most likely ‘“‘yes”; but from the standpoint of low- 
temperature cranking the answer is ‘“‘perhaps not”’. 

In this case, when Oil C is put into an engine for a 
cranking test at 0 F, it is found to crank at a speed only 
slightly lower than that of Oil B. Apparently the viscosity 
of Oil C is similar to Oil B from the engine’s viewpoint. 
And so, doubt is thrown on the validity of determined 
viscosities when applied to engine cranking speeds. 


Extrapolated viscosities 


If Fig. 1 is studied more closely it is seen that a straight 
line extrapolation of the kinematic viscosities at 100 and 
210 F on the graph! intersects the 0 F ordinate at points 
which indicate that Oil C should have a viscosity relatively 
close to that of Oil B. This, in general, is the same kind of 
answer that the engine gave and thus it would seem extra- 
polated viscosities may be a way of anticipating engine 
needs. Arter (2), in his 1949 paper reporting on low- 
temperature engine cranking tests, stated that the use of 
extrapolated values rather than measured values was to be 
preferred. David et al. (3) in their work on the cranking of 
turboprop and turbojet engines at low temperatures agreed 
with him, although they noted that when a falling ball 
viscometer was used, the determined viscosities were, 
interestingly enough, somewhat more in agreement with 
the extrapolated values. They suspected, since the falling 
ball viscometer applied a slightly higher shear rate than the 
capillary viscometer, that when the oil was subjected to 
the much higher shear rates occurring in the bearings of 
the jet engines it would have the extrapolated viscosity 
value. In other words, the engine oil seemed to exhibit non- 
Newtonian shear dependence; the higher the shearing 
forces applied, the lower the viscosity would become until 
it approached the extrapolated value as a limit. This point 
of view was in agreement with Georgi (4), who in 1955 at 
the Fourth World Petroleum Congress discussed the 
relationship between shear rate and viscosity of straight 
engine oils and polymer-containing engine oils at high and 
low temperatures. Using an ASTM Pressure Viscometer 
at low temperatures and shear rates up to 105 sec~! he 
showed that as the shear rate increased, the straight engine 
oil viscosity approached the extrapolated value until at 
104 to 105 sec-! they became identical. However, he felt 
from his experience and calculations that the average shear 
rate in a cranking engine was in the order of a few hundred 
reciprocal seconds, and viscosity determinations at such 





1 This graph, which permits the viscosity-temperature relation- 
ship of Newtonian mineral oils to be plotted as straight lines, was 
constructed from an equation developed by Walther (1). 

log log (v+0.6) = mlog+a 
in which v = kinematic viscosity in centistokes; T = absolute 
temperatures, degrees Rankine; m and a = slope and intercept 
constants. 


moderate rates of shear should correctly predict engine 
response. 

In partial summary, then, very low shear viscometric 
measurements on a straight engine oil at low temperatures 
did not correlate well with the cranking engine, and the 
measured viscometric relation between Oils B and C 
shown in Fig. 1 does not correspond to engine cranking 
performance. Moreover, viscometric values obtained from 
the extrapolation of high-temperature data by Walther’s 
empirical equation for Newtonian mineral oils seemed to 
exhibit the desired correlation with cranking speed. It was 
later indicated that this lack of correspondence of measured 
viscosities at low shear was due to the non-Newtonian 
nature of the oils at low temperatures and that, at suffi- 
ciently high shear rates, measured viscosities would show 
the proper correlation. Thus, when the commercial 20 W 
oils B and C of Fig. 1 are analyzed by a higher shear 
instrument, the curves shown in Fig. 2 are not unexpected. 
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Fic. 2. Viscosity vs. shear rate curves for commercial motor oils 
B and C. 


It is to be noted that these curves are in the correct order, 
considering the cranking speed relationship previously 
mentioned, while the extrapolated values at 0 F are in 
reverse order. Figure 2 also shows the large low-shear 
viscosity value at 0 F which might be expected from Oil C 
according to Fig. 1. The higher shear instrument used in 
this analysis was the Forced-Ball Viscometer shown in 
Fig. 3. (This viscometer has been mentioned in several 
past publications [e.g. references (5) and (6)] and an 
article specifically treating the subject of the Forced- 
Ball Viscometer and its operation is now in prepar- 
ation.) 
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Fic. 3. Forced-ball Viscometer. 


Multigrade motor oils 


In 1953 multigrade motor oils came into prominence as 
the oil industry tried to improve oil consumption and 
reduce combustion chamber deposits without increasing 
low-temperature starting problems. It was shown that an 
engine oil could be made having a better Viscosity Index if 
several per cent of polymer-containing “‘Viscosity Index 
Improvers” were incorporated. The addition of certain 
types of these polymers has been shown actually to improve 
the viscosity-temperature relationship of the base oil in 
addition to raising its Viscosity Index (5). 

An enigma arose, however, when it was indicated that 
the extrapolated viscosity of a base oil plus several per cent 
of a viscous polymer might be lower than the extrapolated 
viscosity of the base oil alone at 0 F. If true, this meant 
that one could lower the 0 F viscosity of a base oil by add- 
ing several per cent of an extremely viscous polymer solution. 
Georgi showed, in his previously mentioned paper, that 
the viscometry of these polymer-oil blends was quite 
complex. In essence, he showed that these motor oils 
were non-Newtonian over the whole temperature range 
studied (—20 to 210 F). At high shear rates and tem- 
peratures a viscosity loss occurred in a polymer-containing 
oil which increased with increasing shear, approaching the 





base oil viscosity as a limit. He stated that the use of the 
ASTM-Walther chart could be misleading at low or high 
temperatures because of the shear dependence of polymer- 
containing engine oils. However, the question of whether 
or not the cranking speeds using the base oil plus polymer 
could be higher than those obtained using the base oil 
alone at low temperatures remained unanswered. 

In the latter part of 1955 Malone and the author (6) took 
the question to the engine. By running a series of cranking 
tests on commercial 10 W and 10 W-30 oils at 0 F and then 
analyzing these same oils viscometrically in several instru- 
ments having varying shear rates and in addition obtaining 
extrapolated data, the answer became apparent. Using 
methods of statistical analysis it was shown that the correla- 
tion between cranking speeds and Forced-ball viscosities 
obtained a ta shear rate of about 2000 sec-! was about 
eight times higher than that correlation obtained by the 
use of extrapolated viscosities. Moreover, the lower the 
shear rate of the viscometer used, the lower the correlation 
value, although the lowest experimental correlation (ob- 
tained with a capillary viscometer) was still about three 
times better than the correlation obtained from the extra- 
polated data when multigraded oils alone were considered. 
And so, in the course of time and experimentation, doubt 
has been thrown on the validity of extrapolated viscosities 
when applied to engines using multigraded motor oils. 


Predicted viscosities and the non-Newtonian 
phenomenon of temporary viscosity loss 


Horowitz, in a paper given later in 1956 (7), also seemed 
to feel that the use of the Walther equation for polymer- 
containing oils was of doubtful value in obtaining low- 
temperature viscosity values and went on to develop a 
method of predicting the low-temperature viscosity of 
these polymer-containing motor oils from their low shear 
viscosities at 100 and 210 F. He worked from the premise 
that for straight mineral oils the Walther equation is 
applicable when considering the low-temperature cranking 
needs of the engine, but that the Walther equation of the 
base oil must be corrected when the base oil, contains 
polymeric additives. A second major premise was that the 
correction term need only include the low shear viscosity 
contribution of the polymer and the partial temporary 
loss of this contributed viscosity under high shear. Thus 
where the extrapolated kinematic viscosity, ve, of the base 
oil would be 

Ye = —0.6-+ 19109450440" (1 
in which ¢ = temperature in degrees Fahrenheit 

a and m = constants for the particular base oil (a and m 

always positive) 


then the predicted kinematic viscosity, vp, of the base oil 
plus polymer would be 


vp = [—0.6-+ 1010745940" p15/919_ 1924 6(210—2) +4] [2] 


in which 6, c and d = constants for a particular base oil/ 
polymer combination (d always positive, 
b and c may be positive or negative). 
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In his paper Horowitz emphasized the value of using shear 
stress rather than shear rate as a function of temporary 
viscosity loss, and in his work used an engine for cranking 
purposes which he estimated developed an average shear 
stress of 500,000 dynes/cm? (as a comparison, since, from 
the viewpoint of Newton’s concept, shear stress is equal to 
the product of viscosity and shear rate, a shear stress of 
500,000 dynes/cm? is equivalent to shear rates from 2500 
to 25,000 sec"! with viscosities from 200 to 20 poise 
respectively). 

All of the reported viscometric and cranking studies 
used in the development of his method for predicting low- 
temperature viscosities seem to have been conducted above 
the cloud points of the various test fluids. This, of course, 
is in agreement with his assumption that the major non- 
Newtonian factor in polymer-improved motor oils is the 
temporary viscosity loss occurring at high shear. It should 
be mentioned that although Horowitz felt that this method 
of analysis could be extended to temperatures of —20 F 
using his data, his major recommendation was for the use 
of the method at 0 F and above. 


Other non-Newtonian phenomena at low temp- 
eratures 


Whereas the phenomenon of temporary viscosity loss 
may occur at high as well as low temperatures, strong 
evidence was shown in 1957 (5) that some polymer- 
containing oils possess other non-Newtonian charac- 
teristics at temperatures below the cloud point. These 
phenomena are due to thixotropic gels similar to the gels 
formed by straight mineral oils but are much stronger in 
that they are quite evident even at shear stresses in the 
order of 300,000 dynes/cm? and higher. The strength of 
the gels, occurring in polymer-oil solutions seem to be 
due mainly to the presence of the polymer and it was shown 
that a polymer such as polyisobutylene (PIB) exhibited 
this strong gel-forming tendency whereas one such as 
polyalkylmethacrylate (PAMA) did not. 

The question was justifiably raised as to whether the 
engine would recognize the existence of such structures, or 
whether the structures would be masticated quickly and 


lose their viscous influence. Of more importance was the 
question of which viscosity value, measured, predicted or 
extrapolated, was most meaningful when considering engine 
speeds. And once again the questions have been taken to 
the engine. 


Phrasing the question 


The simplest and most direct method of obtaining an 
answer from the engine, it was decided, was to determine 
the viscosities of several test fluids by the methods of extra- 
polation, prediction and measurement. These data could 
be statistically correlated with the cranking data and the 
highest correlation using the individual test fluid data and 
the combined test fluid data would indicate the best 
method of obtaining viscometric data. The best method 
would show the total data to be statistically well combined 
since any separation of the data according to the test fluid 
used would most likely mean that the method of determin- 
ing viscosities was biased. If such separation existed in all 
three methods it would mean that all three methods were 
biased probably due to the interference of some variable 
besides viscosity. 


Engines and test fluids 


Some 250 cranking tests were run in two different V-8 
engines over a temperature range of from +3 to —35 F 
using three test fluids: a straight mineral oil, the mineral 
oil blended with 1.0 wt.-% PIB (5.0 wt.-% PIB V.I. 
Improver) and the mineral oil blended with 2.6 wt.-% 
PAMA (7.0 wt.-% PAMA V.I. Improver). The amounts 
of polymer chosen were somewhat arbitrary although an 
effort was made to keep the 0 F extrapolated viscosity of 
the three fluids in the same vicinity. Some inspection data 
on the three test fluids are shown in Table 1. 

The test engines, labeled C and B, were modern V-8’s 
with displacements of 265 in* and 322 in® respectively. In 
the cold cranking tests, engine B seemed to be the more 
variable. Both were mounted on dollies as shown in Fig. 4 
and could be cranked and started from an attached instru- 
ment panel. There was no external load on either engine. 


TABLE 1 
Physical Data on the Three Cranking Test Fluids 

















| | 
Viscosity, cs | 
Density, Polymer 
Fluid OF V.I. g/ml. at content of 
F 100 | 210F | (extrap.) at 60 F blend, % 
Base oil 33.6 | se 3. 2 97 0.872 | aa 
Base oil+5% PIB V.I. Improver = 7.74 2428 Beer: 0.873 1.0 
Base oil+7% PAMA V.I. Improver 62.1 | 10.73 | 1687 | 141 0.871 | 2.6 
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Fic. 4. Cold-room cranking test using dolly-mounted engines. 


Cranking Test Procedure 


Before a cranking test each engine was filled to the 
correct capacity with the test fluid and operated for one 
hour to thoroughly flush the oil galleries, bearings, etc. 
The engines were then drained and refilled to capacity 
with the test fluid. After again being operated for 15 min 
to distribute the fresh oil charges throughout the engines, 
4-ounce oil samples were removed for viscometric analysis. 

Since the engines were not to be started, the fuel lines 
to the carburetors were disconnected and the carburetors 
drained and dried to minimize fuel dilution of the test 
fluid during cranking. The engines were then put into the 
coldroom overnight for a 17 hour soak. The next morning 
they were cranked using a heavy duty rectifier as a power 
source. Use of this rectifier, which is capable of delivering 
1 to 18 volts at 500 amperes, gave better control over the 
power supply than would be obtained through the use of 
regular storage batteries. 

During the cranking operation, which was carried on 
for 60 sec at temperatures down to —25 F and for 30 sec 
at temperatures from —25 to —35F, several variables 
were recorded, among them cranking speed, starting motor 
amperage and water jacket temperature. The water jacket 
temperature was taken as the cranking temperature and 
the average cranking speed during the last half of the 30 or 
60 sec cranking period was used. 

Immediately following the cranking tests, the engines 
were removed from the coldroom, the fuel lines connected, 
the engines started and operated for at least an hour and 
the test fluid drained. This operation was a safeguard 
against rust formation since none of the test fluids contained 
a rust inhibitor. 


Viscosity Data 


Extrapolated and predicted viscosities were calculated 
at the cranking temperature from the 100 and 210 F visco- 
metric data and polymer concentrations given in Table 1. 





Added information necessary for computing predicted 
viscosities was picked off of graphs presented by Horowitz 
in the paper mentioned previously (7). (The kinematic 
viscosities obtained in centistokes from these equations 
were converted into absolute units in centipoise by multi- 
plying the kinematic viscosity by the density of the fluid 
at the cranking temperature.) 

Measured viscosities were obtained at the cranking tem- 
perature and 2000 sec~! from the 4 ounce engine samples. 
Although these test fluids were not quite the same as 
the drum stocks, having spent 15 min in the engines, the 
viscometric differences between them and the original 
drum stocks were, in general; negligible. 


Correlation Equation: The Relationship between Viscosity, 
Cranking Speed and Torque 
Viscosity is the ratio of shear stress to shear rate, or 
shear stress $5 3) 
gts shear rate  R 
or transposed 
s=pR [3a] 


However, when considering concentric cylinders or a 
journal concentrically fixed in a full bearing, the shear 
rate is proportional to the speed of the journal, N, and the 
shear stress is proportional to the torque, M, applied to 
rotate the journal at a given speed. Thus in the concentric 
(or Petroff) bearing 


M = kuN [4] 


in which k = proportionality constant. This same theor- 
etical relationship was shown by Reynolds (8) in 1886 to 
hold for a journal eccentrically rotating in a bearing. 

Experimental engine cranking studies at low tempera- 
tures by Barrington and Lutwycke (9) gave a similar 
equation of the form 


M = k'(uN)* [5] 


in which k’ = proportionality constant. Arter (2) and 
David (3), who were mentioned previously, confirmed 
Barrington’s work with their own investigations. 

Thus an equation by which the correlation of viscosity 
with cranking speed could be obtained seemed to be 
available as well as considerable low-temperature cranking 
experience by other investigators. The only added piece of 
information necessary for the use of Equations [4] or [5] 
was the cranking torque and this was obtained from the 
cranking data and from the torque—amperage character- 
istics of each engine’s starting motor. 


Graphical inspection of cranking data 


Torque was plotted versus the product of absolute 
viscosity and cranking speed on logarithmic paper. This 
was done for each test fluid in each engine using the three 
methods of obtaining viscosity. The results using cranking 
data from engine C are shown in Figs. 5, 6 and 7. Plots of 
data from engine B were similar except the datum points 
were more scattered. 
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Fic. 5. C engine data using measured viscosities. 
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Fic. 7. C engine data using extrapolated viscosities. 


Several interesting observations may be made on inspec- 
tion of these figures: 

1. The spread of datum points becomes progressively 
greater as the data are plotted from measured, predicted 
and extrapolated viscosities respectively. 

2. The data plotted using measured viscosities (Fig. 5) 
show the points from the base oil and the base oil plus 
either polymer to be well interspersed while the data 
plotted using predicted viscosities (Fig. 6) or extrapolated 
viscosities (Fig. 7) seem to show a separation of the data. 

3. The data, as well as can be estimated, seem to fall 
about a straight line. 


Statistical analysis of cranking data 


For a more quantitative view of the data it was thought 
advantageous to turn to statistical analysis. The amount of 
collected data lent itself very well to such analysis. Since 
the logarithmic plots of cranking torque versus the product 
of viscosity and cranking speed seemed to fall about a 
straight line, the equation 


M = du) (6) 


in which ¢ and 6 are constants, was chosen for correlation 
analysis. Equation [6] was transformed into the linear 
form 


log M = blog(pN)+ loge [7] 


for the high-speed digital computer. 
A least-squares regression analysis was used. The results 
of the analysis are shown in Tables 2 and 3. 


TABLE 2 


Statistics of the Data from Engine C 


Test fluid code: (1) Base Oil 
(2) Base Oil+2.6% PAMA 
(3) Base Oil+ 1.0% PIB 








Exponent | Per cent 
Viscosity Test Coef. c in bin correlation 
source fluid(s) equation | equation between 
data for M for M |Mand(pN) 
Measured | (1) 3.23 x 108 0.37 83.4 
(2) 2.40 x 108 0.41 91.8 
(3) 1.21 x 108 0.49 86.9 
Total of (2) 
and (3) 1.80 x 108 0.44 88.5 
(1) (2) and (3) | 2.34 x 108 0.41 85.9 
Predicted | (1) 2.34 x 108 0.43 77.4 
(2) 1.49 x 106 0.47 81.4 
(3) 1.11 x 106 0.51 67.1 
Total of (2) 
and (3) 1.27 x 108 0.49 73.2 
(1) (2) and (3) | 2.82 x 106 0.40 65.3 
Extra- (1) 2.34 x108 0.43 77.4 
polated | (2) 0.813 x 108 0.59 63.0 
(3) 0.986 x 108 0.55 62.3 
Total of (2) 
and (3) 1.86 x 10° 0.47 56.9 
(1) (2) and (3) | 2.31 x 106 0.44 60.2 
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TABLE 3 
Statistics of the Data from Engine B 


Test fluid code: (1) Base Oil 
(2) Base Oil+2.6% PAMA 
(3) Base Oil+ 1.0% PIB 














Exponent | Per cent 
Viscosity Test Coef. ¢ in bin correlation 
source fluid(s) equation | equation between 
data for M for M |Mand(pzN) 
Measured | (1) 1.12 x106 0.50 75.2 
| (2) 1.67 x10% 0.44 81.0 
| (3) 0.845 x108| 0.52 70.1 
| Total of (2) 
| and (3) 1.56 x 106 0.45 73.4 
| (1) (2) and (3) | 1.48 x 106 0.46 72.1 
Predicted (1) 1.11 x 106 0.53 68.7 
| (2) | 1.51 x 108 0.46 67.6 
| (3) | 1.05x10® | 0.50 54.9 
| Total of (2) 
| and (3) 1.28 x 106 0.48 61.7 
(1) (2) and (3) | 2-41 x 108 0.41 52.1 
Extra- | (1) 1.11 x 10 0.53 68.7 
polated | (2) 1.20 x 106 0.53 46.2 
| (3) 1.04 x 10° 0.53 48.2 
| Total of (2) 
| and (3) 2.53 x 108 0.42 43.4 
| (1) (2) and (3) | 1.90 x 108 0.46 53.1 














Perhaps the first important piece of information from 
this analysis is the small variation of the exponent 5 from 
0.4 to 0.6 which corresponds well with the experimental 
work mentioned previously. 

The next important piece of quantitative information 
from the statistical analysis seems to be a clear and direct 
interpretation of the engines’ cranking response to the 
three methods of obtaining viscosities. Put in very simple 
terms, the engines seem to agree most closely with measured 
viscosities over the temperature range of from +3 to 
—35 F. The per cent correlation! of the total data from 
either engine using measured viscosities is 20% higher 
than either of the other two methods of obtaining vis- 
cosities. This is without question a significant difference 
but it tends to hide other significant factors. 

When the total data are broken into the individual 
statistical analyses of the test fluids, it becomes apparent 
that the separation of the data (which was noted in the 
visual inspection of some of the figures) has been over- 
looked. For example, referring to the total measured 
viscosity data from engine C (which is well interspersed), 
the per cent correlation of M and (uN)—85.9%—is 
approximately the average of the individual test fluid data— 





1 The value of the term “‘per cent correlation’’, it should be 
explained, denotes what percentage of the variation in M is ac- 
counted for by variation of (uN). The difference between this 
value and the perfect value of 100% denotes the magnitude of 
experimental error, and/or the effect of unconsidered variables 
affecting the correlation. 


83.4, 91.8 and 86.9%. This same relationship does not 
hold for the total data from predicted and extrapolated 
viscosities although the reason is not the same in each case. 

The per cent correlation for the total data using pre- 
dicted viscosities—65.3°%—is lower than any of its compo- 
nent test fluid data—77.4, 81.4 and 67.1%. This means 
that one or all three groups of predicted viscosity data are 
separated. In this case, by combining the data from the 
two polymer-containing test fluids one obtains a per cent 
correlation of 73.2%, almost exactly between the individual 
correlations of 67.1 and 81.4% for the PIB and PAMA 
test fluids respectively, which indicates that data for these 
two test fluids are not separated. Thus, when one combines 
the total data of the PIB and PAMA test fluids noted 
above (73.2% correlation) with the data from the base oil 
(77.4% correlation) and obtains a total correlation of 
65.3%, it is apparent that the base oil data are separated 
from the base oil—polymer data. 

When the same reasoning is applied to the statistical 
data obtained using extrapolated data it becomes apparent 
that the PAMA and PIB test fluids are separated from one 
another since the per cent correlation of the combined data 
(56.9%) is lower than either of the individual data correla- 
tions (62.3 and 63.0% for PIB and PAMA test fluids 
respectively). It should perhaps be mentioned that all of 
the statistical differences discussed above may be shown to 
be themselves statistically significant. 

As previously noted, since the use of one method of data 
development (use of measured viscosities) has resulted in 
well interspersed data, it is presumed that the separations 
indicated by predicted and extrapolated viscosities are not 
real 


Comparison of predicted and extrapolated data on 
polymer-containing test fluids 


It may be recalled that the purpose in developing the 
method of predicting viscosities was to correct the evident 
errors of the extrapolation method when it was applied to 
polymer-containing lubricants. Although the per cent 
correlation of the total data (65.3% predicted versus 
60.2% extrapolated and 52.1% predicted versus 53.1% 
extrapolated for the C and B engines respectively) does not 
show much difference between the two methods, there 
does seem to be a definite improvement using predicted 
viscosities when considering the combined data from the 
polymer-containing test fluids alone (73.2% predicted versus 
56.9% extrapolated and 61.7% predicted versus 43.4% 
extrapolated). It is interesting that most of this improve- 
ment is due to the markedly higher correlation of the PAMA 
test fluid. Moreover, it may be observed that the PAMA 
correlation data using predicted viscosities are more in 
agreement with the PAMA data using measured viscosities 
than are the comparative PIB data. This relationship is 
not too unexpected when the previous discussion of the 
structure-building tendencies of PIB are brought to mind. 

It is of interest to compare the viscosity-shear curves of 
the two polymer-containing test fluids. Forced-ball 
analyses of the PAMA and PIB fluids at temperatures of 
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0, —10 and —20F are shown in Figs. 8 and 9. The 
structure-forming tendencies of the PIB test fluids are 
quite apparent in the marked thixotropy and are shown to 
exist at shear rates in excess of 3000 sec! (or 450,000 
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Fic. 8. Viscosity vs. shear rate for PAMA test fluid at 0, —10, 
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Fic. 9. Viscosity vs. shear rate for PIB test fluid at 0, —10, and 


dynes/cm?) at lower temperatures. Thus, since the predic- 
tion method of obtaining low-temperature viscosities does 
not include the influence of such low-temperature non- 
Newtonian phenomena as polymer gelation, it would be 
expected that there would be less agreement of the PIB 
fluid predicted viscosities with the engine behavior if the 
engine actually responded to such structures—as seems to 
be the case. It is quite possible, however, that the predicted 
viscosities would be in better agreement with the engine 
than shown on Tables 2 and 3 at higher temperatures 
where such structural non-Newtonian phenomena do not 
appear but where temporary viscosity loss is still evident. 

The author feels that the more erratic behavior of both 
engines when cranked using the PIB test fluid (and, to a 
lesser extent, the base oil) may also be due to the time 
dependence of such structural development since the 
engines were cooled at different rates which were dependent 
on their position in the coldroom and the presence of other 
equipment. Further work under more reproducible cold- 
room cooling rates and higher PIB concentrations would 
be interesting. 

The statistical data also support the previous observa- 
tion that engine B was more variable in cranking response 
than engine C. : 


Conclusions 
In summary: 


A comparison has been made among three methods of 
determining low-temperature viscosities by finding which 
exhibited the best correlation with cranking tests. The 
three methods were measurement, prediction and extra- 
polation. Measured viscosities at 2000 sec~! were found to 
give significantly better correlation with cranking experience 
than the other two methods. 

Since measured viscosities took into account the low- 
temperature phenomenon of polymer gelation, it seems 
that such phenomena influence cranking efforts. This 
observation was supported by the statistical evidence of a 
closer agreement between the measured and predicted 
correlations.of the PAMA test fluid, which develops little 
polymer structure at low temperatures. 

Predicted viscosities of polymer-containing fluids were 
indicated to correlate better with cranking speed than 
extrapolated viscosities, especially for the PAMA fluids, 
which in viscometric analysis showed little polymer 
gelation as just mentioned. 

The statistical analysis of the data showed, among 
other things, that the data could be treated by an equation 
of the form 


M = c(pN)P 


in which b was approximately 0.5. These results supported 
previous measurements by other investigators. 
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Evaluation of Dry Powdered Lubricants at 1000 F 
in a Modified Four-ball Wear Machine 


By S. L. COSGROVE,! L. B. SIBLEY? and C. M. ALLEN? 


The friction and wear behavior of selected solid lubricants and wear specimens has been 
studied in a modified four-ball wear machine. Data were obtained at 1000 F for sliding 
speeds of 120 and 700 ft per min under initial Hertzian contact stresses of about 250,000 psi. 
Conventional solid lubricant material ssuch as lead oxide (litharge), molybdenum disulfide, 
and graphite were evaluated. A new dry solid lubricant, metal-free phthalocyanine, was 
studied and was usually found to have superior lubricating ability. Wear specimens of AISI 
Type M-1 tool steel and titanium carbide-nickel-molybdenum cermet showed the most 
promise for high-temperature sliding systems. Initial coefficients of friction less than 0.1 were 
obtained with combinations of these materials. 


Introduction 


THE development of advanced aircraft systems has intro- 
duced new pr-blems in lubrication. Aircraft systems are 
currently being developed for such prolonged operation at 
supersonic speeds that ambient structural temperatures are 
expected to reach 1000 F. There are many components in 
such systems that require the effective lubrication of 
rubbing surfaces at these temperatures. 

Since the common mineral oils will not withstand tem- 
peratures much in excess of 250-300F, considerable 
research has been devoted to the development of synthetic 
lubricants. The temperature limits of synthetic lubricants 
in use today are in the 400-500 F range. Fluids that 
possess the necessary thermal and oxidative stability at 
higher temperatures either have been found to corrode 
excessively the metallic components in any practical system 
or do not otherwise possess the necessary lubricating 
ability. There has been some success with certain solid 
lubricating compounds in high-temperature sliding experi- 
ments and in bearings reported by Peterson and Johnson 
(1), Glaeser, Allen and Goldthwaite (2), and others (3-10). 
Thus, it seemed desirable to explore the possibilities of 
lubrication by solids at elevated temperatures. 

This experimental study was conducted to provide 
preliminary data on possible solid lubrication systems at 
1000 F for use in evaluating full-scale components such as 
bearings and gears. It is anticipated that the information 
from these experiments may be used to predict the friction 
and wear in components lubricated by certain promising 
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solid lubricants. This study may also suggest various 
methods of incorporating such lubricants into practical 
lubrication systems. 


Lubrication by solids 


Little is known about the exact mechanism of lubrication 
by solids at ordinary temperatures, not to mention elevated 
temperatures. The action of the common solid lubricants 
such as graphite and molybdenum disulfide traditionally 
has been attributed to their layer-lattice structure which 
permits adjacent planes of the material to slide easily over 
each other. However, some soft materials such as lead 
oxide (litharge), which has no layer-lattice structure, have 
shown some lubricating ability at high temperature. The 
demonstration of graphite’s dependence upon water vapor 
(11) or perhaps an oxide film at elevated temperatures (3), 
and molybdenum disulfide’s dependence upon an amor- 
phous sulfur layer (12) for satisfactory lubrication has 
indicated the existence of other mechanisms that are 
essential to the lubrication process. It has been postulated 
that, in the case of graphite, a film of water vapor will 
satisfy the free valences on the rubbing surfaces of graphite 
crystals, thus decreasing its ability to bond with other 
layers and presenting planes on which sliding will occur 
with little or no wear. 

Another essential characteristic of solid lubricants is an 
ability to attach themselves firmly to the wear surfaces, 
thus minimizing the wiping and “balling up” of the 
lubricating material. Although relatively weak physical 
adhesive forces are sometimes sufficient for normal lubri- 
cation, actual chemical bonding of the lubricant to the 
surfaces may be required at elevated temperatures. 


Selection of Materials 


Solid lubricating materials—The selection of prospective 
solid lubricating materials for this research had to be 
guided mostly by the known thermal and oxidative stability 
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of otherwise promising compounds at 1000 F. A brief 
review of the literature revealed that for many compounds 
with potentially interesting properties, data on melting 
point and stability were limited. However, based on the 
available data, the following materials were selected for 
initial screening of their friction and wear behavior: 
bismuth sulfide, boric anhydride, lead oxide (litharge), 
metal-free phthalocyanine, molybdenum disulfide, silver 


sulfide, and tungsten disulfide. In order to achieve a more 
complete investigation of lubrication by solids at 1000 F, 
boron nitride and graphite were also evaluated. Pertinent 
properties of all these materials are shown in Table 1. 
The requirement of stability at 1000 F, which has 
eliminated the possibility of using organic fluids as lubri- 
cants, would likewise be expected to eliminate the use of 
organic solids as lubricants for this application. However, 


TABLE 1 


Known Properties of Some Potential Solid Lubricating Compounds 














| | | | 
| Moh’s | Color and | Decomposition | 
Melting | Specific} hard- | crystalline temperature, Resistance to 
Material point, °F | gravity | ness | form " oxidation* 
Bismuth sulfide ~1260 7-7.8 2 | Metallic gray 1.5% at 1260 — 
| crystals, | 
| | cleavage planes 
Boric anhydride (boron ~1070 | 24 |~4 | Polymeric planes Slowly at 1700 | — 
oxide) 
Boron nitride ~4950 | 2.25 2 | White, layer-lattice 3000 Hot pressed material 
| structure | oxidizes slowly at 1300 F 
Graphite 6382 2.25 | 1-2 Black, hexagonal — Oxidizes in range 800- 
| layer-lattice | 1100 F 
Lead oxide (litharge) 1616. SF OS Ho” | Yellow tetragonal — | Converts to PbsO«4 in 
| | range 700-900 F, but 
reverts back to PbO 
| above 1000 F 
Metal-free Sublimates | ~1.5 = = — _ | Dark blue or purple, | —~1100 | Good at 1000 F 
phthalocyanine at ~1000 | | planar structure 
(latm) | | 
Molybdenum disulfide 2165 | 4.8 1-2.5 | Black, hexagonal —- | Oxidizes appreciably from 
| layer-lattice | 800-1100 F 
Silver sulfide / 1490 to 1545; — | 2.0-2.5 | Dark gray, cubic Slight at 1112 | Oxidizes on heating 
Tungsten disulfide d.2012 7.5 2012 | Oxidizes at red heat 


| 
| 
| 
| | 


—t | Grayish or bluish 


black, hexagonal 





* Oxidation temperature and rate dependent upon particle size and composition of environment. 


+ Dissolves metal oxides. Becomes plastic above 760 F. 


t Hardness measurement not possible because material crumbles readily. 


TABLE 2 


Composition and Properties of Selected Wear-resistant Materials 


(Source: Trade literature) 














| Properties at room temperature 
| Hardness, 
Major constituents, Tensile | Rockwell “C”’ 
Material per cent by weight strength, psi scale 
AISI Type 440C 17 Cr, 0.75 Mo, 1.0 C, bal Fe 285,000 | 56 
stainless steel | (25, annealed) 
Cobalt—chromium— 31 Cr, 12.5 W, 3 Fe, 3 Ni, 60-68,000 | 51-54 
tungsten alloy 2.45 C, bal Co 
Iron—chromium- 16 Cr, 25 Ni, 6 Mo, 2 Mn, 150,000 | 32 
nickel alloy 0.12 C, bal Fe | 
AISI Type M-1 tool | 4 Cr, 8 Mo, 1.5 W, 1 V, 0.8 C, 500,000 | 65 
steel | bal Fe (approx.) 
Titanium carbide— 64 TiC, 25 Ni, 2 Mo, 6 NbC 110,000 75 
nickel—-molybdenum | (approx.) 
cermet | 
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the remarkable thermal and oxidative stability of phthalo- 
cyanine compounds (13) and the promising lubricating 
characteristics of metal-free phthalocyanine in plain 
bearings at 1200 F (2) indicated that this material should 
be included in the list of prospective solid lubricants. 
Following this research, metal-free phthalocyanine was 
evaluated as a lubricant for high-temperature (1000 F) 
ball bearings (10) and was found to be quite promising. 

Selection of wear-resistant materials for use at 1000 F— 
The criteria used in the selection of wear-resistant materials 
for this study were hot hardness, oxidation resistance, and 
resistance to thermal and mechanical shock. It is felt that 
these properties are most important for high-temperature 
components such as bearings and gears. Wear specimens of 
five materials were obtained: a cobalt-chromium-tungsten 
alloy, AISI Type M-1 tool steel, AISI Type 440 C stain- 
less steel, an iron-chromium-nickel alloy, and a titanium 
carbide—nickel-molybdenum cermet. The compositions of 
all materials investigated are presented in Table 2. 


Experimental procedures and results 


A four-ball wear machine was selected for this experi- 
mental study, since the equipment could be easily adapted 
for high-temperature operation and since precision speci- 
mens of wear-resistant materials could be readily obtained. 
This machine, with appropriate modifications for operation 
at 1000 F, is shown in Fig. 1. 










Spindle 
Cooling fins 
cabyrinth seal 
-— Rotating ball 
+ collet 
Resistance _ 


furnace 
| Harcered inserts 







ey AY 
Powdered lubri 
inlet tube 


- Thermal borrier 


meosuri 
si eaten Thrust bearing 


Fic. 1. Modified four-ball wear machine for operation at elevated 
temperature. 


Lubricant Evaluations at 120 ft per min Sliding Speed 


The prospective solid lubricating compounds were 
evaluated at 1000 F for their over-all friction and wear 
behavior in the modified four-ball machine. In this equip- 
ment a $ in. ball of the wear-resistant material was mounted 
in a collet on the end of a spindle. Three other } in. balls 
of the same material were held stationary in a chuck and 
pressed against the rotating ball by means of a lever (load 
arm) and dead weight. Friction torque at the rubbing 


surfaces was measured with a calibrated spring and 
micrometer attached to a radial bar (torque arm). The 
four balls were enclosed in a chamber and heated to 1000 F 
by a resistance-wound furnace, as shown in Fig. 1, Cobalt- 
chromium-tungsten high-temperature alloy balls were used 
as wear specimens in the lubricant evaluations at 120 ft 
per min sliding speed. To facilitate the application of the 
lubricants, which were available in fine powder form, they 
were mixed with polyisobutylene (a synthetic liquid which 
decomposes to substantially 100% volatile compounds 
between 400 and 600 F) to form a paste. Thus, after the 
assembly of the thoroughly cleaned (xylene followed by 
benzene) wear specimens in their holders, a polyisobutylene 
paste of the solid lubricant to be evaluated was liberally 
applied to the wear surfaces of the bottom three balls. The 
assembly then was heated to 1000 F with the wear speci- 
mens out of contact. Just before this temperature was 
reached, the motor was turned on so that the upper ball 
was rotating. Then, at temperature, a load of 2 kg (equiva- 
lent to 176,000 psi initial maximum Hertzian contact 
stress on the wear surfaces) was carefully applied to the 
four-ball assembly. If the friction torque and general 
operating behavior were satisfactory and appeared to 
remain so after about 5-10 min operation, the load was 
increased in steps, sometimes to as high as 8.6 kg (300,000 
psi calculated maximum Hertzian contact stress). The 
experiment was terminated if the friction torque became 
too large and erratic or if vibration became excessive at 
any time during the evaluation. Otherwise, the experiments 
were conducted for about a half-hour. This procedure was 
adopted to facilitate adequate “‘wear-in’”’ of the contacting 
surfaces, and to obtain information on the load-carrying 
ability and general friction and wear behavior of each 
lubricant. After shutdown, the assembly was allowed to 
cool and the wear specimens were removed. The scar 
diameter on each of the lower three balls was measured in 
four different directions, using a traveling microscope, and 
the average of these determinations was recorded as a 
measure of the wear in each experiment. (The variation in 
these determinations reached 0.5mm for some of the 
experiments in which high wear occurred.) 

A summary of the results from these lubricant evalu- 
ations is presented in Table 3. There were, of course, 
variations in the load and in the running time from experi- 
ment to experiment, so an exact comparison of lubricant 
quality is difficult. However, it is felt that these data 
contain enough information about each potential lubri- 
cating material to enable the promising lubricants for this 
temperature range to be recognized. 

With the exception of boric anhydride and silver sulfide, 
all the potential lubricants evaluated showed frictional 
coefficients lower than the value recorded for direct metal 
contact in the absence of lubricant. Three materials— 
metal-free phthalocyanine, molybdenum disulfide, and 
lead oxide—exhibited the best over-all friction and wear 
behavior. All of the other potential lubricants had shown 
operating characteristics very similar to one of these com- 
pounds. Therefore, these three solid lubricants were 
selected for more thorough evaluation with different wear- 
resistant materials. 
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TABLE 3 


Results of Evaluations of Potential Solid Lubricants in the Four-ball Wear Apparatus 


Operating Conditions: 


1000 F ambient air temperature; 120 ft per min sliding speed; cobalt-base alloy wear specimens; single 


application of lubricant using polyiso-butylene carrier 

















Total load Conditions at end of experiment 
on the 
four-ball Running /|Averagewear-| Calculated | 
assembly, Coefficient time, scardiameter| unitload, | Operating 
Lubricant | kg of friction minutes mm psi | comments 
None, operated dry 2 0.34—0.88 5 5 Bw Ys 790 | Excessive vibration and torque 
Bismuth sulfide 2 0.24 12 Excessive vibration, seizure 
5.3 0.20-0.41 | 18 2.08 910 =| 
Boric anhydride 2 0.64 1.22 990 | Intermittentseizure and vibration, 
| excessive torque 
Lead oxide (litharge) | 2 0.12 | 13 | Excessive vibration of load arm 
| 
| 5.3 0.15 11 
8.6 0.155 | 0.59 18,260 | 
Metal-free 2 0.06-0.30 12 
phthalocyanine + 0.22 28 0.99 3,020 | Satisfactory operation 
Molybdenum disulfide 2 0.06 | 9 | 
5.3 0.08 10 | 
8.6 | 0.08-0.23 | 62 2.49 1,030 | Vibration, some seizure 
Silver sulfide 2 oe oa . 
4 0.26 | 9 Intermittent seizure and vib- 
7 0.26 8 joey: 1,750 ration 
Tungsten disulfide | 2 0.28 6 
| + 0.25 9 | Intermittent seizure and vibration 
7 0.24 14 1.72 1,750 











Evaluation of Selected Lubricants and Wear-resistant 
Materials at 700 ft per min Sliding Speed 


The three selected lubricants were evaluated with wear 
specimens of AISI Type 440C stainless steel, an iron- 
chromium-nickel alloy, AISI Type M-1 tool steel, and a 
titanium carbide—nickel-molybdenum cermet. In addition, 
flake graphite and boron nitride were evaluated, using the 
stainless steel and iron-base alloy. Since, in many applica- 
tions, the rubbing speed between the wear surfaces on 
machine elements is greater than 120 ft per min (the 
speed used previously), the spindle speed was increased to 
obtain a rubbing speed of about 700 ft per min. 

In the initial series of lubricant evaluations, the metal- 
free phthalocyanine and molybdenum disulfide exhibited 
very low coefficients of friction (0.06—0.08) during the first 
portions of the experiments. It was felt that this low 
friction might be prolonged if the lubricant were continu- 
ously replenished to the rubbing surfaces. Thus, powdered 
lubricant was injected into the contact areas during the 
next series of evaluations, using low pressure, bottled 
nitrogen gas (1-2 psi) as a carrier. Using a 1-rpm motor, 
multilobe cam, and solenoid valve assembly, four injections 
per min, each of about 2-sec duration, were aspirated into 
the test chamber through the tube shown in Fig. 1. This 
procedure supplied approximately 0.03 g of metal-free 
phthalocyanine, 0.07 g of molybdenum disulfide, 0.005 g 
of lead oxide, 0.06g of graphite, and 0.07 g of boron 
nitride per injection. These quantities appeared to be 


sufficient since it was noted that excess powder was 
expelled from the chamber after each injection. This does 
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Fic. 2. Friction-time curves for two wear-resistant materials with 
three selected solid lubricants in the four-ball rubbing wear 
experiment using a lubricant replenishing system. 
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TABLE 4 





Results of Four-ball Rubbing Wear Evaluations of Selected Lubricants and Wear-resistant Materials Using a Lubricant 
Replenishing System 


Operating Conditions: 1000 F ambient air temperature ; 700 ft per min sliding speed ; 250,000 psi initial maximum Hertzian contact stress 
(5.3 kg total load) ; Initial lubrication using polyisobutylene carrier with lubricant replenishment throughout test using nitrogen carrier 



































Duration Total | Average | Calculated Operating 
Initial of initial | Equilibrium | duration | wear scar| equilibrium comments at 
Bearing coefficient | friction, coefficient of test, | diameter,| uni* load, equilibrium 
material Lubricant of friction | minutes of friction | minutes mm psi conditions 
AISI Type Metal-free 0.16 5 0.23-0.28 30 2.19 820 Regular seizing and 
440 C phthalocyanine vibration 
stainless Molybdenum 0.25 30 0.25 30 3.99 250 Excessive vibrations 
steel disulfide 
Lead oxide 0.21 30 0.21 30 3.62 300 Vibration of torque arm 
(litharge) 
Flake graphite 0.13 2 0.13-0.22 30 4.95 160 Vibration of torque arm 
Boron nitride 0.29 1 0.20-0.29 30 4.74 170 Steady vibration 
Iron-chromium | Metal-free 0.04 5 0.04—0.30 | 30 2.50 630 Generally quiet test 
nickel alloy phthalocyanine 
Molybdenum 0.25 5 0.24-0.31 | 30 2.78 510 Continuous seizing dur- 
disulfide ing latter part of test 
Lead oxide 0.23 3 0.26-0.39 | 30 3.28 360 Vibration of torque arm 
(litharge) | 
Flake graphite 0.16 28 0.16-0.24 | 30 2.88 470 Vibration of torque arm 
Boron nitride 0.39 2 0.16-0.39 | 30 5.27 140 Excessive vibration of 
| torque arm 
AISI Type Metal-free 0.08 3 0.14 38 2.25 770 Intermittent seizing 
M-1 tool phthalocyanine 
steel Molybdenum 0.21 30 0.21 | 30 1.54 1,650 Smooth running, 
disulfide minute seizing 
Lead oxide 0.11 8 0.11-0.18 30 1.89 1,100 Smooth run generally 
(litharge) 
| 
Titanium Metal-free 0-04 30 0-04 | 30 0-62 10,190 Smooth, quiet run 
carbide— phthalocyanine} 
nickel- Molybdenum 0-14 1 0:23-0:30 | 30 3-50 320 | Some vibration and then 
molybdenum disulfide smooth operation 
cermet 
Lead oxide 0-10 30 010 =| 30 2:19 820 Slight vibration of the 
(litharge) torque arm, and 
| | seizing 
| 














not mean, however, that a greater amount of lubricant 
supplied would not have resulted in improved performance. 

The results of these experiments, which were conducted 
at a constant load of 5.3 kg on the four-ball assembly 
(250,000 psi initial contact stress), are summarized in 
Table 4. Friction-time curves for the most promising 
lubricants and wear-resistant materials are shown in Fig. 
2, and photographs of representative wear surfaces are 
shown in Fig. 3. 

Results of the experiments using this lubricant- 
replenishing technique indicate that for some alloy- 
lubricant combinations the initial low coefficient of friction 
was prolonged by a negligible amount, if any. However, it 
appeared that this system of lubricant replenishment 
worked quite well using metal-free phthalocyanine with 
the titanium carbide cermet. This combination operated 
smoothly with very low friction and wear. 


Discussion of results 

The over-all objective of this research was to provide 
information on a variety of solid lubricants and wear- 
resistant materials over a range of operating conditions 
which, in turn, could be utilized in selecting materials for 
full component evaluations. Many of the conclusions dis- 
cussed must be considered as tentative and subject to 
further confirmation, since the experiments reported do 
not present a complete evaluation of materials performance. 
However, it is felt that the results of these experiments 
may lead to some valuable conclusions on the promise of 
lubrication by solids at 1000 F and on the direction of 
future research. 


General Performance of Materials 


Under the conditions of the initial series of lubricant 
evaluations in the four-ball apparatus (Table 3) using the 














cobalt-base alloy, only two lubricants—lead oxide and 
metal-free phthalocyanine—exhibited relatively low wear 
(less than 1-mm scar diameters). The friction was moderate 
with lead oxide (coefficient of about 0.15), while metal-free 
phthalocyanine exhibited a low initial coefficient of friction 
(0.06) but a higher over-all friction (coefficients up to 0.3). 
Molybdenum disulfide lubricated the cobalt alloy with a 
low initial friction that lasted longer but the wear was 
much more drastic (2.5 mm scar diameter) than would be 
expected even though this experiment was operated over 
twice as long as the experiments with the other lubricants. 
Of course, the lubricants that exhibited poor friction and 
wear behavior with the cobalt-base alloy in the initial 
evaluations may have done better with some other wear- 
resistant materials. However, the preliminary research 
seemed to demonstrate that these three lubricants—metal- 
free phthalocyanine, lead oxide (litharge), and molybdenum 
disulfide—had enough potential lubricating ability to be 
chosen for further study. 

Under conditions of lubricant replenishment and higher 
sliding speed, and with four wear-resistant materials 
(Table 4), metal-free phthalocyanine showed lower initial 
coefficients of friction than either molybdenum disulfide or 
lead oxide. However, equilibrium friction coefficients were 
lower in several other cases, notably with lead oxide as a 
lubricant. With AISI Type 440C stainless steel, the 
iron-base alloy, and the cermet material, metal-free 
phthalocyanine gave the lowest wear. With the cermet, 
particularly small (0.62) wear scars were observed. With 
the tool steel both molybdenum disulfide and lead oxide 
gave appreciably smaller wear scars than did metal-free 
phthalocyanine. 

It was noticed in all experiments using the lubricant 
replenishing system that the friction dropped abruptly after 
each injection of the lubricant: the magnitude of this 
friction decrease varied considerably with different lubri- 
cants. This behavior was pronounced with the metal-free 
phthalocyanine. It is possible that by improving the 
replenishing techniques—perhaps by continuously supply- 
ing a controlled minute amount of lubricant to the wear 
surfaces—the wear and friction behavior of the reported 
lubricant-wear material combinations may be improved. 
(The reported friction values for the lubricant replenishing 
experiments are generally somewhat above the average of 
the low and high values between lubricant injections.) 


Chemical Behavior of Metal-free Phthalocyanine as a 
Lubricant 


By virtue of its extensive chemical bond conjugation, 
metal-free phthalocyanine is thermally stable to tem- 
peratures of approximately 1100 F. However, at tempera- 
tures approaching 1000 F, its sublimation pressure becomes 
appreciable. Experiments to date also indicate that metal- 
free phthalocyanine has satisfactory oxidation resistance at 
1000 F. 

An example of the manner in which metal-free phthalo- 
cyanine will react with most metals, in this case iron to 
form iron phthalocyanine, is shown in Fig. 4. The aromatic 
rings in the phthalocyanine molecule are essentially co- 
planar, as determined by X-ray diffraction studies. Thus, it 
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can be expected that the metal-free material would bond 
tenaciously to contacting metal surfaces to form planar 
coatings which would slide easily over each other. The 
experimental results in this program in which metal-free 
phthalocyanine exhibited low initial coefficients of friction 
with all wear materials in practically every evaluation seem 
to verify this conclusion. However, more study is required 
before the precise lubrication mechanism with phthalo- 
cyanines can be defined. 


Conclusions 


The results of this preliminary study indicate that 
satisfactory lubrication of rubbing surfaces at 1000 F may 
be obtained with low friction and wear by the appropriate 
application of certain solid lubricating compounds. How- 
ever, further development of prospective lubricant pre- 
treatment and replenishing techniques is required before 
specific lubrication systems can be recommended. Evalu- 
ations of promising wear material—lubricant combinations 
for extended periods would also be required before 
adequate life in practical mechanisms could be assured. 

Some aspects of the chemistry of lubrication by metal- 
free phthalocyanine have been postulated. However, 
further research in this direction would provide the basic 
information needed for the development of refined high- 
temperature solid lubricants and solid lubrication systems. 
Metal-free phthalocyanine has demonstrated its ability to 
form tenacious lubricating films on a potential high- 
temperature, wear-resistant material. Other compounds of 
the phthalocyanine family have properties that may 
provide even better lubricating ability, based on tentative 
concepts of their intermolecular bonding and planar 
crystalline structure. 
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Consideration of Lubricants for Temperatures above 1000 F 


By M. B. PETERSON,! S. F. MURRAY! and J. J. FLOREK? 


A study has been made of the various solid and liquid lubricants which could be considered for 
use to temperatures above 540C. This study consisted of a literature survey to isolate 
temperature-stable, low shear strength compounds, and some experimental work to evaluate 
the most promising materials. Many of these compounds were effective at high temperatures 
and the results can explain the compatibility of certain metals at high temperatures. These 
compounds were not effective at lower temperatures. A more detailed study was made of the 
sliding characteristics of metals when lubricated with silver and molten boric oxide. The 
results show that, for silver, a number of factors such as choice of bearing materials, strength, 
and impurities affect the frictional behavior. Boric oxide, under conditions of boundary 
lubrication, showed a large increase in friction when the viscosity increased above 2400 poise. 
Variations in the friction could be explained by independent variations of viscosity and 





shear area. 


No lubricants were isolated which could be considered completely effective for a temperature 
range from 27 C to above 540 C. The choice of bearing materials and designs will have to be 
made to minimize these deficiencies. 


Introduction 


TuIs paper is a review of one phase of a high-temperature 
bearing development program. The development work 
was not directed toward any particular bearing application, 
but rather was aimed at providing information which 
would serve as a guide for optimizing high-temperature 
bearing system designs to meet various requirements. The 
work described in this paper was performed under contracts 
for the U.S. Air Force. 

In the first phase of the development work, which was 
reported in reference (1), the factors which affect the 
choice of materials were investigated. Based on those data 
and the work reported in (2, 3, 4, 5), it was concluded that 
extremely high friction, surface damage, and wear will 
result with metals sliding against themselves at a tempera- 
ture where the materials soften appreciably unless a protec- 
tive oxide is formed. Some metals and alloys are better in 
this regard than others. 

The second phase of the program was aimed at assemb- 
ling information concerning lubricants which could be 
used in high-temperature bearing systems. This work is 
reported herein. 

For certain applications liquid metals and liquid glasses 
have been used at temperatures above 1000 F. These 
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lubricants can be used for certain types of bearings. In 
many applications, the loads and speeds are such that 
hydrodynamic lubrication will not be encountered. It is 
these types of applications with which we are primarily 
concerned. 

For these applications, a solid type lubricant appeared 
to be the most promising. Since very little information was 
available as to the use of such compounds at temperatures 
above 540 C (1000 F) work was primarily directed along 
these lines. A literature survey was made to isolate tem- 
perature-stable, low shear strength compounds; the most 
promising compounds were evaluated in friction tests. A 
more detailed study was made of the sliding characteristics 
of metals when lubricated with silver and molten boric 
oxide. 


Solid lubricants—general considerations 


The problem of using solids as lubricants is twofold. 
First, suitable solids of low shear strength must be chosen, 
and secondly, the best way to utilize them must be deter- 
mined. When their use is contemplated over a broad 
temperature range, both of these considerations become 
more difficult; however, the more critical problem is in 
finding low shear strength solids. Once they are isolated, 
ways and means can be found to use them. Obviously, 
the ultimate goal would be to find compounds similar in 
lubricating capacity to MoSe or graphite but capable of 
operating reliably over the entire temperature range. Such 
compounds need rather unique properties, and it is 
possible that the compounds described do not exist. 
Other compounds may give some surface protection; even 
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if these compounds are far from ideal, it would be wise to 
take advantage of the protection they do afford during 
sliding. 

Information which has been obtained at lower tempera- 
tures can serve as a partial guide for the selection of 
high-temperature solid lubricants. In general, the bond to 
the surface must be stronger than the force necessary to 
shear the compound. The fact that the bonding to the 
surface plays an important role was suggested in (6), and 
was also given as an explanation (7) for the fact that Cdl 
was an effective lubricant for titanium while MoS: was 
not. If there is strong bonding to the surface, the coefficient 
of friction will reflect the shear strength of the material; 
however, if no strong bond exi&ts, the material will be 
quickly brushed from the surface. 

Many compounds have a particular layered structure in 
which the forces between the layers are much weaker than 
the bonds within the layer. In this case, it is not the 
structure, but rather the weakness of bonding which makes 
them shear easily. A listing of such compounds is given 
in (6). The presence of a layered lattice structure does not 
seem to be a sufficient condition to insure effective lubrica- 
tion. For graphite, it has been shown in (8) that the presence 
of adsorbed water between the layers is necessary for effec- 
tive lubrication. This has also been hypothesized, but not 
proven, for MoSeg where sulfur is adsorbed rather than 
water (9). That structure alone is not sufficient is also 
indicated by the fact that other compounds, for example 
boron nitride, which is isomorphous with graphite, are 
not as effective as graphite. The ineffectiveness of BN 
could be attributed to two things: (a) its inability, because 
of its inertness, to bond to the surface; and (b) the absence 
of loosely bound electrons which Savage (8) shows are 
instrumental in the lubrication of graphite. This same 
reasoning could be applied to other compounds such as 
talc or mica. 

It was also shown in (6) that many compounds which 
do not have this laminar structure will give considerable 
surface protection. The main difference between these 
compounds and MoSz seems io be a matter of degree. The 
criteria for effective lubrication with these types of com- 
pounds is even more vague. There is, however, one criterion 
that is rather definite—that is that the solid be soft. No 
hard materials have been reported which are effective as 
solid lubricants for metal surfaces. For high-temperature 
applications, the material must also be stable and not 
appreciably corrode the sliding materials. 

With this view in mind, a survey was made of the 
various types of compounds, and information was collected 
as to their hardness and stability. In many instances, this 
information did not exist. Such materials were not consid- 
ered as lubricants. This approach was necessary in order to 
select materials for current use. The results of this survey 
are summarized briefly in the following section. 


Survey results 


In the survey of materials, consideration was given to the 
following classes of compounds: 


Halides Silicides Tungstates 
Chromates Silicates Phosphates 
Phosphides Metals Hydroxides 
Sulfates Oxides Sulfides 
Borides Molybdates Nitrides 


Of course, all compounds in these classes were not investi- 
gated. The evidence which was assembled indicated that, 
for temperatures to 980 C (1800 F) most of these com- 
pounds were either not stable or they were too hard at 
room temperature to be considered. As classes, the metals, 
oxides, molybdates and tunstates appeared to be the most 
promising as indicated by the following evidence. 


Metals 


There are several metals, other than the alkali and 
alkaline earth groups, which are soft enough to be con- 
sidered as solid lubricants. The following table gives the 
MHO’s hardness and the melting point of various soft 
metals at room temperature. 











TABLE 1 
Properties of Metals 
| 
MHO 
Metals | hardness Melting point, C 
Indium 1 155 
Thallium 1.2 304 
Lead 1.5 328 
Tin 1.8 232 
Cadmium 2 321 
Gold 25 | 1063 
Silver 2.5-3 961 
Platinum 4.3 1755 
Rhodium 4.5-5 1955 











Of the noble metals, gold does not oxidize; the oxides of 
silver decompose at 145C (AgO), and 300C (Ag20); 
platinum forms a thin, tightly adherent oxide; and rhodium 
oxide decomposes at approximately 1000 C. Based on low 
hardness and oxidation characteristics, only silver, gold, 
and their alloys seem to offer much promise as solid 
lubricants at high temperatures. 


Oxides 

In reference (1), friction tests were run with several 
oxide powders as lubricants. In order to complete this 
information, a survey was made of various oxides which 
would be stable above 540 C (1000 F). 

Much of these data, with the exception of hardness, can 
be found in (10). These data showed that only the oxides 
of Sb, Cu, Pb, W, Zn, and Cd have lower room tempera- 
ture hardness than that of NiO or nickel and can be 
considered as solid lubricants. Several other oxides were 
also studied either because of their structure or because of 
shear strength data reported in (11). 
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Molybdates 


Molybdic oxide can form a very complicated series of 
compounds. However, reactions between the fused oxides 
always belong to one of the two types 1:1 or 1:2. The 
compounds formed with other oxides are relatively stable. 
The only data found on hardness were: 








TABLE 2 
Properties of Molybdates 
Melting 
MHO hardness Point 
PbMo0.4 3 1065 C 
CaMo04 3.3 1065 C 











Even though complete hardness data were not available, 
previous results appeared promising enough to justify 
further investigation. 

The molybdates used in these tests were prepared by 
reacting the constituents in stoichiometric proportions at 
705 C. Iron, nickel, and chromium were chosen, since 
these elements are generally found in high-temperature 
alloys. Heavy metals, such as silver and lead, as well as 
sodium and potassium were also studied. 


Tungstates 


The tungstate compounds are very similar to the molyb- 
dates. The tungstates, other than normal tungstates, can be 
prepared only from solution and are decomposed to normal 
salts when heated. Of the normal salts, the following data 
were available. 








TABLE 3 
Properties of Tungstates 
Compound | MHO hardness Melting point 
| 

LiwO. | _ 742.C 
Na2WOa - 700 C 
CuWO,a 4.5 - 
AgeWO,4 - | Melts below red heat 
CaWO,a 4.5-5 ~ 
PbWO, 3 1123 C 
Bi(WOa)s - 832 C 
FeWO,a | 5-5.5 ~ 








Because of the similarity between the molybdates and 
the tungstates, tests were also run on an equivalent series 
of compounds. 


Apparatus and procedure 


Test Apparatus 

In this investigation, a low speed, reciprocating sliding 
test apparatus was used. This same apparatus was used 
in (1), and a schematic is shown in Fig. 1. The test speci- 
mens were a hemisphere sliding against a flat plate. A 
hemispherical slider was used as one of the specimens in 





Fic. 1. Schematic of friction apparatus. 


order to confine sliding to a particular area, and to allow 
wear measurements to be made in a minimum time. 

The support table on which the friction arm is mounted 
oscillated through an angle of 3.5° as the eccentric cam 
rotated. The bearing shaft that supported the friction arm 
was mounted in ball bearings at A, and allowed the arm to 
move freely in a vertical direction. A simple loading 
arrangement permitted the same load which was applied to 
the load arm to be transmitted to the specimen. As the 
friction arm oscillated, part of the friction force was 
absorbed by the flexure plate and part was transmitted 
through the strain gage arm at B. The force which this 
arm carried was recorded on a Brush recorder. The magni- 
tude of the friction force was determined by previous 
calibration of the system with dead weights. 

In operation, the friction arm and the sliding speci- 
mens were housed in a furnace. The temperature of the 
wall of the furnace was controlled at a level that would 
heat the test specimens to the desired temperature. Speci- 
men temperature was measured by a thermocouple near 
the specimens. 


Test Procedure 


The following procedure was generally used. The friction 
specimens were cleaned by using repeated applications of 
levigated alumina and water. They were then rinsed with 
pure acetone. The cleaned specimens were placed in 
position, and a load of 4.14 lb was applied. The furnace 
was moved into position, and the specimens were brought 
to the desired testing temperature. The friction values 
were continuously recorded for the first five minutes; 
thereafter, friction readings were taken every five minutes. 
At the conclusion of the test, the specimens were micro- 
scopically examined to determine the amount of wear and 
the extent of surface damage. Unless otherwise stated, 
these standard conditions were used for all tests: 


Load .. 1880 g (4.14 Ib) 
Speed .. 0.3 in./sec 
Sliding time 


} hr at constant temperature 
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In certain tests, other procedures were used; however, 
these will be described where the results are presented. 


Materials 


The composition of the test specimens used in these 
experiments are as follows: 


TABLE 4 


Composition of Test Specimens 





73 Ni15CrX 70 Ni; 14-17 Cr; 5-9 Fe; 2.25-2.75 Ti; 0.7-1.2 
Nb-Ta; 0.5 Si; 0.4-1.0 Al; 0.3-1.0 Mn; 0.2 Cu; 
0.08C; 0.01S; 

Ni 99.5 Ni 

54 Ni16 MoC 54 Ni; 16 Mo; 15.5 Cr; 2.5 Co; 3.75 W; 6 Fe; 
1 Si; 1 Mn; U 0.35 





Results 
Friction Results 


Friction tests were run on those metals and compounds 
which were selected in the survey as being most promising. 
The powders were spread on the surface of a grit-blasted 
73 Ni 15 CrX flat to a depth of approximately 3 in.; a 
load of 17 Ib was applied and the test begun. Friction was 
recorded every 10 cycles for 100 cycles. At the conclusion 
of the test, the extent of surface damage was observed. 
The results of these tests are shown in Table 5. In general, 
the friction coefficients were higher than would be desired, 
however, in most cases surface damage was prevented at 
the higher temperatures. Two types of sliding character- 
istics were observed; the powder either flowed into a 
continuous surface film preventing metal contact or was 
brushed off the surface and gave no protection. 

For metals, these data show that each of those tested 
lowered friction initially. However, after several sliding 
cycles the aluminum and the gold were worn from the 
surface. Silver and lead remained intact and lowered 
friction for 100 cycles. A test run with molten lead at 
650 C also gave low friction; this may, however, be due to 
the oxide. 

Of the oxides tested, PbO, MoO3, WOx3, CooOs3, ZnO, 
CdO, CueO, and SrO, flowed into a continuous solid film 
and prevented surface damage even though the friction 
was high in many instances. The lowest friction was ob- 
tained with PbO. This is consistent with the results 
reported in reference (12), and that previously obtained 
with molten lead. This friction level was only approached 
by MoOs which gave a value of 0.20. Although the friction 
was higher when the other oxides were used, there was no 
surface damage to the slider or the flat in any case. 

With the harder oxides, the sliding action merely brushed 
the compound from the surface and considerable galling 
resulted. 

Excellent sliding characteristics were observed with 
molten BgO3. This might be expected since glasses have 
been used as metal working lubricants at high temperatures 
for a number of years. 

With the molybdates, friction tests were first run on 
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PbMoO, obtained from the following sources: (a) from 
reaction of the constituent oxides; (b) commercially avail- 
able pure PbMoQ,; and (c) PbMoO, ore (Wulfenite). 
The friction coefficients were the same within experimental 
error and illustrate the reliability of the data and test 
method. All the other molybdates, with the exception of 
Cre (MoOq)3, prevented surface damage while yielding 
various friction coefficients. Low friction was found for 
K2Mo0O, (0.20), Agz2MoO, (0.28) and NiMoOg (0.29). 

Similar results were observed with the tungstates. 
Sodium and lead tungstate gave the lowest friction while 
the others were only slightly lower than that for WOs3 alone. 

Friction tests at lower temperatures with even the most 
promising materials indicated (with the possible exception 
of silver and lead) that the oxides, molybdates and the 
tungstates were relatively ineffective. Each of the compounds 
was brushed from the surface and considerable galling 
resulted. 

Although these data indicate that such compounds are 
not effective lubricants over a broad temperature range, 
some points of particular interest can be made. 

(a) In previous work, it has been observed that certain 
metal combinations, such as cobalt base alloys and alloys 
containing molybdenum and copper, were more effective 
in unlubricated sliding at high temperatures than other 
types of alloys. The oxides which would be expected to be 
present on such alloys are the same ones which were found 
to be most effective in the present study. This observation 
leads one to the hypothesis that the presence of these soft 
oxides on the surface, particularly of a hard metal, will 
improve the sliding characteristics markedly at higher 
temperatures. 

(b) Another point of particular interest is the correlation 
between the coefficient of friction and the melting points 
of the various materials. Such a correlation would be 
expected from Merchant’s theoretical equation for shear 
strength (2). 

S = 0.142 Lp log 3 T/T S = static shear strength 
of the crystalline solid. 
T = temperature °K. 
Tm = melting temperature. 
L = latent heat of fusion. 
p = density. 


Although the correlation between melting point and fric- 
tion coefficient is not good when the data for all the oxides 
is considered, it is reasonable for the molybdates and 
tungstates (Fig. 2). An increasing coefficient of friction, 
above 700 C, was increased. Sufficient data were not 
available, for a wide range of variables, to test the expo- 
nential behavior as predicted by Merchant’s equation. 

(c) The friction data on the lubricants indicate that 
silver and BgOg3 glass were the most promising high- 
temperature lubricants for the types of application being 
considered. Accordingly, a more thorough study was made 
of these compounds. Further, it was felt that a study of the 
behavior of a glass would provide insight concerning the 
lubricating characteristics of the molybdates and tungstates 
since these oxides are also glass-forming materials. 
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TABLE 5 


Sliding Characteristics of Various Materials as Lubricants 
for 73Ni 15 CrX Sliding on 73Ni 15CrX 




















Coeff. of Friction 
Melting 
Material point, C Testtemp,C! fInitial f Final 
Metals: 
Ag 960.5 788 0.70 0.40 
Ag 960.5 27 0.40 
Au 1063 788 0.40 0.57 
Al 660 427 0.33 1.00 
Pb 327.5 260 0.38 0.35 
Pb 327.5 649 0.33 0.17* 
Pb 327.5 27 0.26 0.24 
Oxides: 
B2Os 577 650 0.14* 
PbO 888 704 0.12 012 
MoOs3 795 704 0.20 0.20 
MoOs3 795 482 - 0.59 
Co203 d.900 704 0.39 0.28 
WOs 2130 704 0.65 0.55 
CuzO 1235 704 0.34 0.44 
ZnO 1800 704 0.50 0.33 
CdO d.900-1000 704 0.60 0.48 
SnO 2430 704 0.39 0.42 
TiOs d.1640 704 0.66 0.50 
MnOzg —0, 230 704 0.50 0.41 
La2O3 2000 704 Failed - 
Nd2Os 1900 704 Failed ~ 
NiO Ni2Os 704 Failed ~ 
at 400 C 
Fe304 d.1528 704 Failed ~ 
Cr2O3 1900 704 Failed ~ 
Molybdates: 
PbMoOsat 1065 704 0.39 0.29 
PbMoO.t 1065 704 0.33 0.32 
PbMoO.z] 1065 704 0.40 0.33 
PbMoO, 1065 27 ~ 0.50 
KeMoO,a 920 704 0.13 0.20 
KeMoO,a 920 27 0.51 - 
NiMoO,4 970 704 0.36 0.29 
NiMoO, 970 482 ~ 0.58 
AgeMoO, 600 704 0.57 0.28 
FeMoO,a —: 704 0.48 0.42 
CaMoO, _ 704 0.64 0.52 
Cro(MoQOa)s — 704 0.58 0.80 
Tungstates : 
NazWOa 700 704 0.35 0.17 
NagWO4 700 27 0.55 
Pb2WO,4 1123 704 0.35 0.35 
CuWO, — 704 0.41 0.41 
FeWO,a —_ 704 0.46 0.43 
CaWOa _ 704 0.47 0.45 
Cr(WOa)s — 704 ; 0.69 0.49 
NiWO,a _ 704 ; 0.53 0.51 
i 





* Molten film 

+ Prepared by reaction 
{ Commercially pure 
{ Ore 
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Fic. 2. Effect of melting point of molybdates and tungstates on 
the coefficient of friction for 73Ni15CrX sliding against 73Ni 
15CrX. Load 17 Ib, velocity 16.7 in./min, temperature 704 C. 


Glasses as Lubricants 

In order to check the effect of time on the friction of 
glasses, low speed friction tests were run using B2Q3 as a 
lubricant. These data are shown in Fig. 3. A friction 
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Fic. 3. Effect of sliding cycles on the coefficient of friction using 
B2Os as a lubricant. Load 37 lb, temperature 1000 F, velocity 
3.7 ft/min. 


coefficient of 0.20 was obtained initially and during the 
course of the test this increased only slightly. Since the 
friction was essentially constant with time, friction— 
temperature tests were run using this same material as the 
lubricant. 

Boric oxide powder was placed on the surface on a 
73Ni 15CrX flat. A temperature cycle test was run on this 
powder using, in one case, a hemispherical slider, and in 
another, a flat (0.26in. dia.) slider—both made of 
73Ni 15CrX. The specimens were run-in for 30 min at 
650 C, then the temperature was lowered and friction was 
continuously recorded while sliding continued. These data 
are shown in Fig. 4. The reproducibility between the two 
tests was excellent. The temperature could not be lowered 
to room temperature because of the high friction. In this 
case, the friction coefficients were independent of the 
slider geometry. The viscosity of BgO3 at 600°C is 2400 
poise (13). This is the temperature where the increase in 
friction is rapid. The viscosity at 450 C is approximately 
108 poise. 
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Fic. 4. Effect of temperature cycling on the coefficient of friction 
for 73Ni 15CrX sliding on 73Ni 15CrX lubricated with B2Os. 
Load 4.14 lb, velocity 18 in./min. 


The same friction tests were then run on PbO-B2O3 
glasses. By varying the relative amounts of PbO and 
BOs, the viscosity at any given temperature could be 
varied. The coefficient of friction as a function of tem- 
perature in the temperature cycle tests is shown in Fig. 5 
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Fic. 5. Effect of temperature on the coefficient of friction using 
88% PbO+12% BeOsz as a lubricant. 73Ni 15CrX sliding against 
73Ni 15CrX. Load 4.14 lb, speed 18 in./min. 


for a glass containing 88% PbO, 12% BeO3. At 540 C 
the friction was 0.25. As the temperature was lowered, 
friction decreased to a value of 0.14 at 480, then in- 
creased sharply to values above 0.80. As the temperature 
was lowered, friction again decreased, becoming approx- 
imately constant at 0.40 to 0.50. A similar experiment with 
a thin film yielded similar results, except that the friction 
was somewhat lower below 400 C. This lower friction, 
however, was not thought to be significant because of the 
nature of the contacting surfaces. 

A similar experiment was then carried out on a higher 


viscosity glass (76.2% PbO, 23.8%B2O3). These data are 
compared with the 88% PbO glass in Fig. 6. A similar 
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Fic. 6. Effect of temperature on the coefficient of friction 
using several glasses as lubricants. 73Ni15CrX sliding against 
73Ni 15CrX. Load 4.14 Ib, speed 18 in./min. 


trend was observed but the changes in friction were 
observed at higher temperature levels. Subsequent experi- 
ments with these PbO-BzO3 glasses showed that the 
longer they were heated above 600 C, the higher was the 
temperature at which the friction rose to its highest value. 
This has been attributed to the fact that, when molten at 
a high temperature, these glasses, because of their PbO 
content, dissolve the oxide from the surface and thus 
increase in viscosity. For this reason, there may be some 
doubt as to the exact position of the curves; the trends are 
the same however, regardless of the viscosity. 

If, in these experiments, viscous friction is assumed, 
then, based on hydrodynamic theory, the coefficient of 
friction: 

a R 
f wt 

where f = coefficient of friction 

A = area of shear 

W = load 

2 = viscosity 

R = rate of shear. 
Since the viscosity of a glass generally obeys the law 

Be Evise 
eee 


and R = V/n, the friction coefficient equals 
BAV  Evise 
= ee CO 
Wh R'T 
B = constant 
V = velocity 
h = film thickness 
Evise = activation energy for viscous flow 
R! = gas constant 
T = temperature, K, 
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or 
Evise 
loge f = loge K+ loge Atar 
where 
BV 
~ Wh 
Assuming K and A constants, then 
Evise 
loge f oc mr 


or, within a small temperature range, Eyise = const. 
loge f . 
Oge J] XK — 
T 


In order to check this proportionality, some further 
experiments were run at smaller temperature differences 
with the 88% PbO glass. This glass was chosen in order to 
minimize the corrosive effect. These data are shown in 
Fig. 7. In this temperature range, the curve reproduces the 
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Fic. 7. Effect of temperature on the coefficient of friction using 
88% PbO+12% BeOs as a lubricant, 73Ni 15CrX sliding against 
73Ni 15CrX. Load 4.14 lb, speed 18 in./min. 


data of Fig. 5 quite well. The lowest friction was obtained 
at 480C. Using these points, a plot is obtained for 
loge f vs. 1/7. These data along with those of B2Og3 are 
shown in Fig. 8. The linearity seems to hold rather well at 
high values of friction, but not at the lower. This result 
suggests that the total increase in friction cannot be 
completely explained by an increase in viscosity. The most 
logical explanation is that there are accompanying changes 
in the shear area. 
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Fic. 8. Effect of temperature on the coefficient of friction for 
73Ni 15CrX sliding against 73Ni15CrX using various glasses 
as lubricants. Load 4.14 lb, velocity 18 in./min. 


The following explanation is given, based upon the small 
amount of data available at the present time, to explain 
these experimental results. At the highest temperature, 
the glass reacts with the surface to form, at the surface, a 
thin, high-viscosity film. Friction is then high. As the 
temperature is lowered, this film is gradually wiped away 
into the bulk of the fluid and is not reformed, being 
replaced by the lower viscosity bulk material. Thus the 
friction decreases. When the film begins to solidify, the 
friction begins to increase as a result of an increase in 
viscous drag. At the same time, it appears that at a certain 
value of friction there is also a decrease in the area of shear 
as a result of the increased strength of the film. As the 
temperature is further decreased, the glass becomes solid 
and unable at this velocity to experience viscous shear— 
fracture then takes place. At this time, one of two things 
may occur. If the material is not strongly bonded to the 
surface, the film will be stripped from the surface and metal 
to metal friction coefficients will be obtained. If the films 
are strongly bonded to the surface, as was the case with 
these glasses, surface slip will occur. The reduction in 
friction is then the result of a large reduction of area. 
Sliding is then essentially that of glass sliding on 
glass. 


Silver 


Because of the promising results obtained with silver, 
further tests were also run to gain a better understanding 
of its lubricating characteristics. Temperature cycling tests 
were performed with silver films on 73Ni 15CrX. Two 
different film thicknesses (0.002 plate and 0.0095 rolled 
film), and two surface geometries (hemisphere vs. flat, and 
flat vs. flat) were used. The specimens were “run-in” for 
3 hr at 650 C, then the temperature was lowered and friction 
was continuously recorded while sliding continued. These 
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data are shown in Fig. 9. A slight increase in friction was 
noted as the temperature was lowered until 300 C (572 F) 
was reached, then a large increase in friction occurred. 
This increase occurred at the same temperature in all tests. 
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Fic. 9. Effect of temperature on the coefficient of friction, 
73Ni 15CrX sliding against 73Ni15CrX. Load 4.14 Ib, velocity 
18 in./min. 


Although this rise in friction corresponds almost directly 
with changes in the tensile strength of silver (15), further 
experiments indicated that another mechanism may be 
responsible. The friction curve for 73Ni15CrX sliding 
against 73Ni15CrX during temperature cycling tests is 
also shown in Fig. 10. These data also show that a rise in 
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Fic. 10. Effect of temperature of the coefficient of friction for 
73Ni 15CrX sliding against 73Ni 15CrX. Load 4.14 lb, velocity 
18 in./min. 


friction occurs at the same temperature as that found with 
the silver films. It has been previously determined that the 
low friction with the 73Ni15CrX combination at high 
temperatures is the result of the formation of beneficial 
oxides and the increase in friction at 300 C is attributed, in 
part, to the disruption of this oxide and subsequent metal 
contact. It is felt that the removal of the oxide film from 
the slider may be also responsible for the increase in friction 
when lubricating with silver films. 

The importance of the oxide film is demonstrated in 
Fig. 11 where oxidized and unoxidized 73Ni 15CrX sliders 
were used in combination with solid silver specimens. The 
specimens were run-in at room temperatures for 3 hr, 
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Fic. 11. Effect of temperature on the coefficient of friction for 
73Ni15CrX sliding against silver. Load 4.14lb, velocity 
18 in./min. 


then the temperature was increased. As the temperature 
increased, a corresponding decrease in friction occurred 
until 300 C was reached. At this temperature, friction 
increased with the unoxidized 73Ni CrX sliders to a value 
similar to that of silver sliding against itself. This rise in 
friction has also been observed by other investigators (2, 
15), and is associated with the marked thermal softening of 
the metal. However, a rise of equal magnitude was not 
observed with the oxidized 73Ni 15CrX sliders. 

In order to determine if the rise in friction with decreas- 
ing temperature is also associated with the disruption of 
the oxide from the slider, temperature cycling tests were 
run with 54Ni 16MoC and nickel (Fig. 12). When sliding 
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Fic. 12. Effect of temperature on the coefficient of friction of 
various materials sliding against silver-plated 54Ni 16MoC. 
Load 4.14 lb, velocity 18 in./min. 


against themselves, each of these metals showed a rise in 
friction at a higher temperature than 73Ni 15CrX sliding 
against 73Ni 15CrX. 
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When these metals were slid against a silver plated 
54Ni 16MoC flat, the rise in friction occurred at a tem- 
perature identical to that found for 73Ni15CrX. From 
these data, it is concluded that the rise in friction is associ- 
ated with the increased strength of the silver not the 
removal of the oxide. 

The reason for the lower level of friction with the silver 
plated specimens in these tests is not known. A difference 
in the actual film thickness may have been responsible; 
however, this effect was not apparent when a series of tests 
were run with different film thicknesses. More than likely, 
the higher friction was due to small quantities of impurities 
in the silver film which increased its strength. This effect 
was investigated in the following experiment using silver 
as the solid lubricant. Using the solid lubricant test under 
standard sliding conditions, friction was measured until it 
became constant with time. The test was then stopped and 
various metal powders were added to the silver and the 
test restarted. Table 6 gives the results of these tests. 


TABLE 6 
Effect of Impurities on the Lubrication with Silver 
73Ni 15CrX vs. 73Ni 15CrX 650 C 





Friction after addition 





pte ae 
Friction coefficient Metal powder 





with silver | added of powder 
| Initial 25 cycles 
0.28 Al | 0.93 0.68 
0.32 | Ni 0.65 0.37 
0.34 Fe 0.55 0.52 





These results show that the addition of impurities can 
change the measured friction values appreciably. It is 
likely that impurities can enter the silver film as a result of 
slider wear. 

Another important variable affecting the sliding behavior 
of silver films at higher temperatures is that of the sliding 
materials themselves. It was noted in the solid lubricant 
tests with aluminum that the friction was initially low but 
increased after several sliding cycles to a higher value. 
This increase was associated with the adherence of a con- 
siderable amount of aluminum to the slider. Therefore, it 
was hypothesized that more effective sliding on the solid 
film lubricant would be realized if a slider was used which 
would not weld or be soluble in the metal lubricant. Coffin 
(12, 13) has shown this same effect for various sliding 
couples. 

Tests were run using silver as the solid lubricant with 
aluminum, and steel in combination with 73Ni 15CrX. 
Coffin lists Al as partially weldable, and steel as insoluble 
in silver. The results of these tests at 430 C are shown in 
Table 7. 

These data show that the metal combination has consider- 
able effect on the lubricating properties of Ag. For Al 
sliding against Al, silver was not an effective lubricant 
since a continuous film was not formed on the surface, 
and the shear effect removed the silver from the surface. 


Consideration of Lubricants for Temperatures above 1000 F 233 


TABLE 7 
Effect of Bearing Material on Lubrication with Silver 





Coef. of 


Slider Flat friction Remarks 





73Ni15CrX 73Ni 15CrX 0.42 —_ 

Aluminum 73Nii15CrX| 0.8-1.0 | Consider Ag welded to 

| the slider 

SAE1020steel73Ni 15CrX 0.47 — 

73Ni15CrX Aluminum 0.60 —_ 

Aluminum Aluminum oo Could not form silver 
| film on the surface. 











With the 73Ni 15Cr—73Ni 15CrX combination, a con- 
tinuous film was formed on the flat surface and smooth 
sliding resulted (f = 0.42). If the test was stopped and 
an Al slider substituted for the 73Ni 15CrX, friction was 
high ( f = 0.9). Replacement of the Al slider, with steel 
or 73Ni 15CrX, reduced friction immediately to a much 
lower value and resulted in smooth sliding. At the present 
time the data are not extensive enough to generalize, but 
only to note the effect. However, these data verify Coffin’s 
results, and can be partially explained by the solubility 
concept. 

Silver still appears to be one of the best lubricants for 
use over the whole temperature range even though the 
friction is higher (especially at room temperature) than 
desirable. Another limitation of silver is that when it is 
used as a film, the oxidation of the underlying surface 
reduces the bonding; the film then has tendency to spall 
off the surface. However, it is this lack of bonding to the 
oxide which makes silver an effective lubricant above 
340 C. The silver is also sensitive to the choice of bearing 
materials and impurities which it contains. An increase in 
friction at the lower temperatures can be associated with 
the increased strength of the materials. Very little effect of 
the film thickness was found after long periods of sliding 
nor did surface geometry have a significant effect. 


Other High Temperature Lubricants 


There are a number of other lubricants which can be 
considered for temperatures above 1000 F. These materials 
have been considered in other investigations and will only 
be mentioned here. 

Graphite is one of the best lubricants available for use 
at high temperatures; however, it is seriously limited by 
oxidation at high temperatures. It has been shown (18) 
that friction will increase above approximately 370 C 
even if graphite is continually supplied to the surface. 
Maximum effectiveness of the graphite can be obtained by 
combining it with an oxide or salt which binds it more 
effectively to the surface. 

Lead oxide is effective above 205 C (12). At tempera- 
tures above 650 C there is an increasing tendency for it 
to react with the surface. It is also limited in that there is 
a tendency for PbO to oxidize to PbO, in the vicinity of 
425 C. The PbgO,4, being harder than PbO, acts as an 
abrasive to remove the film from the surface. The use of 
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lead oxide as a lubricant must be determined by the type 
of application. 

Liquid metals have been used for applications in a 
closed system where oxidation of the metal is not a prob- 
lem. An indication of their behavior is illustrated by the 
lubricating characteristics shown for lead in Table 5. The 
advantage of lead is that the transition from liquid to solid 
lubrication is possible as the temperature is lowered. The 
glasses in this investigation gave high friction upon solidi- 
fication. 

TABLE 8 


Summary of the Potential High Temperature Lubricants 








Potential 
Lubricant temp. range Limitation 
Graphite 27 C to 980 C Must be resupplied in 
80 F to 1800 F sufficient quantities to 
compensate for oxida- 
tion loss 
Silver 316 C to 982 C Oxidation of underlying 
600 F to 1800 F surface removes silver 
film 
PbO 204 C to 649 C Oxidation to Pb3O4 at 
400 F to 1200 F 800 F 
Salts and oxides | 27 C to 649 C Must resupply to com- 
with graphite 80 F to 1200 F pensate for oxidation of 
graphite 
Lead and other | 27 C and higher Oxidation at higher tem- 
liquid metals 80 F perature. Reduction in 
r fatigue life 
Glasses 427 C and higher Not effective at low 
800 F and higher temperatures 
Molybdates 538 C and higher Not effective at low 
1000 F and higher | temperatures 
CuO 538 C and higher Not effective at low 
1000 F and higher | temperatures 














Summary of results 


Consideration has been given to the useful temperature 
ranges and limitations of a number of lubricants which 
have been reported in the literature. A survey was also 
made of various compounds which could be considered as 
high temperature lubricants. Sliding tests have been run 
on these materials; and under the conditions reported 
herein the following results have been obtained: 


1. Of the materials studied, many prevented surface 
damage. Several gave low friction at 700 C but poor results 
at low temperatures. These were MoQs, 0.21; PbMoQ,, 
0.29; KeoMoO4; NagWOsg, 0.17; Ag, 0.20-0.40; B2O3. The 
best lubricants for the high temperatures were glasses and 
silver. 

2. Because of the lubricating characteristics of a number 
of soft oxides, molybdates, and tungstates at high tem- 
peratures, it is hypothesized that their formation on metal 
surfaces at high temperatures will be beneficial to both 
friction and wear and can explain the compatability of 
many high-temperature alloys. 

3. A number of factors influence the lubrication with 
films of silver. The friction coefficients are dependent on 
the strength of the silver; the addition of impurities 





increases the strength and thereby increases friction. The 
choice of sliding materials is important when lubricating 
with silver since solubility concepts hold also for thin film 
lubrication. A change in film thickness or geometry did 
not affect the steady state value of friction. 

4. Glass is an effective boundary lubricant; however, a 
rapid increase in friction was observed at lower tempera- 
ture when the viscosity increased above 2400 poise. This 
increase in friction can almost entirely be associated with 
the increase in viscosity between 10% and 106 poise. 
Variations in shear area and viscosity can explain frictional 
changes from room temperature to 650 C. A change in 
viscosity brought about by composition changes can also 
change the friction coefficient at any given temperature. 
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The Effect of Shaft Rotation on Bearing Temperatures 
By ARTHUR H. BURR! 


Heat transfer data from recent studies of rotating cylinders are utilized in the the heat balance 

method of predicting oil film temperatures for shaft and plain bearing combinations. Good 

agreement is obtained between calculated temperatures and experimental values. It is shown 

that the heat which is dissipated from a rotating shaft may be much greater than that from a 

stationary shaft and from the bearing housings, and it may be the major path for heat 
dissipation in certain cases. 


Nomenclature 


a distance from face of bearing No. 1 to the adia- 
batic plane, in. 

surface area or cross-sectional area, in? 

total exposed area of bearing housing, in? 
distance from end of shaft to bearing face, in. 
specific heat of oil, Btu/Ib-deg F 

radial clearance, in. 

diameter of shaft and journal, in. 

base of Napierian logarithms, 2.7183 

acceleration of gravity, in./sec? 

conductivity coefficient, Btu/min-in?-(deg F/in.) 
conductivity coefficient for air, Btu/min-in?-(deg 
F/in.) 


Es 
Frm eo ala oF dm 


K radiation coefficient = o(T4—To*)/(t—to), Btu/ 
min-in®-deg F 

1 length of bearing, in. 

L length of shaft between bearing faces, in. 

m_ shaft convection factor = +/(4A's/kd), in-} 

n rotative speed, rpm 
n' rotative speed, rps 
N_ Nusselt number, for air (Ad/ka) 

Nz _ load number 

po oil inlet pressure, psi 

P unit loading on journal projected area, psi 

q_ heat flow, Btu/min 

qa heat dissipated from shaft between bearing No. 1 


and adiabatic plane, Btu/min 

qo heat dissipated from overhung portion of shaft, 
Btu/min 

ge heat conducted, Btu/min 

qn heat dissipated from bearing housing, Btu/min 

goit heat carried away by the oil, Btu/min 
Q oil flow, in?/min 
r radius of shaft and journal, in. 





Contributed by the ASLE Technical Committee on Lubrication 
Fundamentals and presented at the Annual Meeting of the Ameri- 
can Society of Lubrication Engineers held in Cleveland, Ohio, 
April, 1958. 

1 Professor and Head, Department of Machine Design, Sibley 
School of Mechanical Engineering, Cornell University, Ithaca, 
New York. 


R_ Reynolds number, for air (yaVd/yag) 
t temperature, deg F 
ta temperature at adiabatic plane, deg F 
te temperature at exposed end of shaft 
to ambient temperature, deg F 
ti, tg temperatures of shaft at bearings 1 and 2 
tin, tout, il-in and oil-out temperatures, deg F 
toi, +temperature of oil-film 
T absolute temperature = t+ 460, deg R 
V surface velocity of rotating cylinder 
* position along shaft, in. 
Ya, Yo weight density of air and oil, lb/in® 
€ emissivity 
A convection coefficient, Btu/min-in?-deg F 
A’ combined convection and radiation coefficient, Btu/ 
min-in?-deg F 
X's combined convection and radiation coefficient for 
shaft, Btu/min-in?-deg F 
Ha, po Viscosity of air and oil, reyns, lb-sec/in? 
o radiation constant of Stefan—Boltsmann = 0.201 x 
10-12, Btu/min-in?-deg R4 


Introduction 


Tue heat generated in the oil film of a plain bearing may 
be removed along several paths. If oil is continuously 
circulated to the bearing under pressure, then to a sump 
where cooling occurs, the oil is likely to be the main path 
for heat removal. Heat-flow through the metal of the 
bearing housing to its surfaces, then by convection to the air 
and radiation to surrounding bodies, is commonly con- 
sidered a path for heat removal, calculable from the data 
given by Lasche (1), Karelitz (2), and others. However, in 
many designs heat is also dissipated from the surface of a 
rotating shaft. Recent data by Anderson and Saunders (3), 
Etemad (4), Dropkin and Carmi (5), and others make 
possible the calculation of the heat flow along and the 
dissipation from a rotating shaft. The equations for its 
calculation are developed in the following. These and the 
experimental work reported indicate that the dissipation 
from an exposed shaft will generally exceed that from the 
bearing shell, and for bearings without oil circulation, 
carrying exposed shafts at moderate or high speeds, the 
shaft is likely to be the major path for heat dissipation. 
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It is well known that the equilibrium temperature may 
be determined from a heat balance diagram for the condi- 
tion where the heat generated is equal to the heat dissipated. 
However, there are little published experimental tem- 
perature data which have been compared with those 
predicted from heat balance diagrams for even an element- 
ary bearing-shaft configuration. It is a purpose of this 
paper to report such a comparison for the test bearing- 
shaft combination shown in Fig. 1. 





Fic. 1. Arrangement for a test of the central bearing. 


Although the heat balance diagram is an elementary 
device, certain complexities arise in connection with it 
when the over-all problem of bearing-shaft design is 
considered. The number of unknown temperatures to be 
determined are not only the fluid film temperature but also 
the wall temperatures of the bearing and journal adjacent 
to the film. Some analysts have shown that there are condi- 
tions where the fluid and wall temperatures are nearly 
equal; others have shown that there are conditions where a 
considerable temperature gradient exists in the film both 
radially and circumferentially. In the heat balance calcu- 
lations of this paper, the simplifying assumption is made 
that oil film, bearing wall, and shaft surface temperatures 
within the bearing are equal to each other and constant in 
the circumferential direction. Such an assumption appears 
to be valid since the calculated and experimental data 
compare well. The complicating factors considered in this 
paper relate to the distribution of heat flows among the 
major paths of flow. 

Two sets of experimental data are presented. The first of 
these is for a bearing without load and without oil feed 
pressure, so that the heat dissipated by oil flow is eliminated 
as a variable. Of interest in this case is the division of heat 
dissipated by convection and radiation between bearing 
and shaft surfaces. The second set of experimental data are 
for a bearing with load and with a pressure oil feed so that 
cooling by the oil flow is introduced as an important 
variable. 


General heat transmission formulas 


For either the bearing or the shaft the heat transmitted 
or dissipated from their surfaces is the sum of that convected 


and that radiated. The following equation is common for 
the determination of such heat (6, 7, 8), the first term 
representing the convected heat and the second giving the 
radiated heat. 

q = AA(t—to)+ ceA(T*— To*) [1] 


It has been common to simplify Equation [1] to the 
following all-inclusive form: 
q = NA(t—to) [2] 


where 2X’ is a combined convection and radiation coefficient 
relating the fundamental coefficients as follows: 


\’ = A+Ke [3] 
where ae 
a ho itt [4] 
(t—to) 


Values of the radiation coefficient K are given in Fig. 2 and 
are given in the Btu-min-in. system as well as the Btu-hr-ft 
system, since bearing designers customarily utilize minutes 
and inch quantities. 
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Fic. 2. Radiation coefficient K (¢ = 0.201 x 10-12 Btu/min-in?- 
deg R*). 
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Fic. 3. Dimensions and temperatures of a shaft and bearings. 
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Shaft temperatures and heat dissipation 


In Fig. 3 there is shown a shaft with two bearings at 
different temperatures. The shaft has an overhung portion 
of length b and a portion of length L between bearings. 
Because of heat dissipation from the surface of the shaft, 
the temperature gradient may be zero at some location 
x = a between the bearings, indicating an adiabatic plane, 
i.e. one through which there is no flow of heat and which 
has the lowest temperature for the shaft portion between 
bearings. The heat dissipated by the shaft sections adjacent 
to bearing No. 1 must be determined in two parts, for 
length a and for length b. 

That portion of length a corresponds to the classical 
case of a cylinder heated at one end and no conductance at 
the other end, for which equations are readily available (9). 
The temperature at any position x is 


(t1— to) 


= ——_____—__ (e- 4 emZ + ema e-M7Z) + 7 5 
Pape eli A i AS la A 


where the symbols are given in Fig. 3, and m = »/(42's/kd). 
The factor m is given by reference (9) and elsewhere as a 
function of the convection coefficient A. Here, the combined 
coefficient ’;, Equation [3], which includes the tem- 
perature-variable radiation coefficient Ke, is substituted 
for A. On the basis that the temperature variation along the 
shaft is relatively small, \’; may be considered constant for 
purposes of integration in order to derive Equation [5]. 
The heat loss gq from the shaft over length a is 


a2 
ga = mk - (t; — to) tanh (ma) [6] 


The derivation of an equation for the length a is given 
in the Appendix. The equation is 
te—to)—(ti—to)e™2 ] 1 
sical (t2—to)—(t1— to) a. [7] 
(t1 — to)e~“™“ — (t2— to) 2m 
where the symbols are given in Fig. 3. 

For that portion of the shaft of length 6 between the 
bearing and the free end, Fig. 3, the heat loss from the end 
must be taken into account, resulting in the following two 
equations 





t= = + 
~~ (X',/mk) sinh (mb) + cosh (mb) 





to [8] 


nd? X,/mk + tanh (mb) 
qo = mk —(t—to) : 
4 1-+(Xs/mk) tanh (mb) 





[9] 


Convection coefficients 


The factor m of the preceding equations depends upon 
the combined coefficient 4's, which in turn depends upon 
the convection coefficient A. For stationary and slow-speed 
shafts, the value of A may be obtained from the following 
well-established equation for natural convection from a 
horizontal stationary cylinder of diameter d in still air (10), 


t— 4 


where the value of the coefficient has been chosen so that 
d is in inches and A is in Btu/min-in?-deg F. Values of A 
are plotted in Fig. 4. 
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Fic. 4. Natural convection coefficient A by air over stationary 
cylinders of diameter d with horizontal axes. (From Equation 10.) 


Above a certain critical speed of rotation the convection 
coefficient increases with speed, due to induced circulation. 
Values of the coefficient have only recently been deter- 
mined. The expression given by Anderson and Saunders 
(3) for a rotating horizontal cylinder in free air is 


N = 0.10 R23 [11] 


where N is the Nusselt number Ad/kg and R is the Reynolds 
number yqVd/yag. Here, d and V are cylinder diameter 
and surface velocity, respectively, and kg, ya, and pe are 
for air the conductivity coefficient, weight density, and 
absolute viscosity in reyns, respectively. Additional studies 
by Etemad (4) and Carmi and Dropkin (5) are in good 
agreement with Equation [11]. By substitution for N, R 
and V (= mdn, where n is revolutions per unit time), we 


obtain for the shaft 
wya\2/3 
A= 0.10he(="*) (n2d)i 8 [12] 
bag 


Any consistent system of units may be used, since N and 
R are dimensionless. For the temperature range indicated 
in Fig. 5, the product Rg(ya/pa)?/* remains practically con- 
stant. Hence A may be plotted against n?d. 
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Fic. 5. Rotation convection coefficient A for horizontal cylinders 
rotating above a critical speed. (From Equation 12 and for use 
with 60 F < t < 250 F and 60 F < to < 140 F.) 
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Radiation coefficients K and ¢ are thought to be unaf- 
fected by rotation. Thus, the combined coefficient \’ may 
be determined from Equation [3] using Fig. 2 and Fig. 4 
or 5. The critical speed which determines whether Fig. 4 
or Fig. 5 should be used is not readily determined. The 
proper procedure is therefore to determine values of A 
from both figures and use the higher value. 


Heat dissipated by other paths 


Heat is dissipated by convection and radiation from the 
walls of the bearing housing, and an additional amount is 
conducted through its base to the supporting structure, to 
be dissipated from it. The shapes of many housings are 
such that the heat flow is difficult to determine analytically, 
and experimental results by Lasche (1) and Karelitz (2) 
have been reported as coefficients C for use in the formula 
q = CA(t—to), where ¢ is taken as the oil film temperature. 
Karelitz, whose work was on an oil-ring bearing, defined 
A as all the outside surface area of the bearing to a distance 
four inches below the bottom of the oil reservoir, if the 
bearing pedestal extends that far. For a simple cylindrical 
housing, such as in Fig. 1 or 3, the temperature distribution 
throughout the housing, including the bushing or lining, is 
readily obtained analytically. Sample calculations indicated 
that the temperatures could be taken as the same throughout 
the housing, and in the test bearing (dimensions in the 
caption of Fig. 7), no differences could be measured. 
Hence, the equation 


qr = A nAn(t—to) [13] 


was used, with A, the total exposed surface area of the 

housing, and ¢ taken as the oil film temperature. For the 

calculation of the combined convection and radiation 

coefficient A’,;, the convection coefficient A was obtained 

from Fig. 4 for a horizontal cylinder in still air, although 

the convection from the circular ends may be different. 
The heat carried away in the oil is 


Joil = € yoO(tout — tin) [14] 


where c is the specific heat of the oil, yo is its weight density, 
Q the oil flow volume per unit time, tout, and fin the oil-out 
and oil-in temperatures, respectively. Oil flow Q is a 
function of the inlet-pressure and other factors. DuBois 
and Ocvirk have presented a chart for its calculation in the 
case of a single oil-hole and no grooves, also for an axial 
groove (11, 12). 
The total heat dissipated for one bearing is 


g = Gott +gn+ a+ qo [15] 


where qn includes any allowance made for bearing mounting. 


Temperatures determined by calculation 


A first difficulty in the calculations is the determination 
of the adiabatic plane when the two bearing temperatures 
are as yet unknown. A shaft 2 in. in diameter and 10 in. 
between bearings, rotating at 1800 rpm, was calculated for 


t; = 160 F and various assumed values of tz. Ratios a/L 
are plotted in Fig. 6. Well-designed bearings using the 
same oil should run at about the same temperatures. For 
the system of Fig. 6, a temperature difference of 10 F 
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Fic. 6. Adiabatic plane position ratio for shaft of Fig. 3 (d = 2 in., 

L = 10in., n = 1800 rpm, t: = 180 F, to = 80 F, A from Fig. 5; 

and for steel k = 36.2x10-% Btu/(min-in?-deg F/in.) and «€ 
= 0.70). 


makes a/L = 0.53 or 0.47. It appears that for many 
shafts, very little error will be made if a is estimated as 
0.50L. If a shaft overhangs its bearings unequally, the 
bearing at the larger overhang will tend to operate at the 
lower temperature, and the distance a from that bearing 
may be estimated at some value less than 0.5L, at least 
for a first approximation!. 

Heat generated in the oil-film by friction may be calcu- 
lated for a given temperature by various methods, including 
those developed by DuBois, Ocvirk and Wehe (11, 12). 
An unknown temperature is determined from the equality 
of heat generated to heat dissipated. This equality cannot 
be solved explicitly for temperature, and the latter must be 
obtained from a heat balance diagram, constructed by the 
assumption of various temperatures and the plotting 
against temperature of heat dissipated, Equation [15], and 
heat generated, as illustrated by Figs. 7 and 9. The inter- 
section point of two curves for the same rpm determines 
the heat and the equilibrium or running temperature. 

The relative quantities of heat dissipated from a bearing 
and adjacent portions of the shaft depend on rotative speed 
as well as dimensions. The test bearing and shaft configur- 
ation shown in Fig. 1, with dimensions given in the caption 
of Fig. 7, has a ratio of heat-dissipating length of shaft to 
length of bearing, 2a// = 2.0, and a ratio of shaft-dissi- 





1 For very short shafts the position of the adiabatic plane will 
have little effect upon the dissipation from either bearing. A 
calculation for a shaft 1 in. diameter and 2 in. between bearings, 
at 1000 rpm, indicates that the adiabatic plane reaches the lower 
temperature bearing when (t1—t2) becomes equal to 5.5 F. Larger 
temperature differences for this shaft may not occur because one 
bearing then supplies heat to the other. 
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100 
BEARING OIL FILM TEMPERATURE 
RISE ABOVE AMBIENT, (toir-to) ,°F- 


Fic. 7. Heat balance chart calculated for various speeds of unloaded 

test bearing (lubricant No. 1 = SAE 10 oil, negligible heat loss 

by oil flow. d = 1.375in., D = 3.0in., ] = 1.5in., 2a = 3.0in., 

r/cr = 1350, to = 75 F; and for steel shaft and bearing shell 
k = 36.2 x 10-3 Btu/(min-in?-deg F/in.) and « = 0.70.) 


pating length to shaft diameter, 2a/d = 2.2. Although the 
shaft loss varies with speed, it has the same order of 
magnitude as the bearing loss, as may be seen by an 
examination of Fig. 7. For a different shaft, one of 2 in. 
diameter rotating at 1800 rpm, with ratios (a+5)/l = 5.0 
and (a+6)/d = 5.0, the heat dissipated by the shaft was 
calculated to be six times as much as that by the bearing. 

The heat-generated lines on Fig. 7 are calculated for 
no load by Petroff’s equation. A dash line is drawn through 
the intersection points of pairs of heat-lost and heat- 
generated lines to mark the equilibrium temperatures for 
the no-load condition. These values are replotted against 
speed in Fig. 8 to form a curve for one lubricant. The 
curve for the other lubricant is obtained from a similar 
heat balance chart. 


ABOVE AMBIENT, (turt,),°F 


EQUILIBRIUM OlL FILM TEMPERATURE RISE 





© 200 400 600 800 1000 1200 400 1600 1800 
SHAFT SPEED, n, rpm 


Fic. 8. Oil film temperature rise above ambient. Calculated values 

shown by curves and test values by points. (to = 75 F, lubricant 

No. 1 is SAE 10 oil, lubricant No. 2 is a mixture approximating 
SAE 40 oil.) 


The Effect of Shaft Rotation on Bearing Temperatures 239 


Comparison with test temperatures 


A test bearing having the dimensions listed in the 
caption of Fig. 7 was constructed (13). It was mounted 
centrally on its shaft between two end support bearings, 
Fig. 1. These end bearings were insulated from the mount- 
ing and had heating coils. Their temperatures were 
controlled so that the adiabatic planes on each side of the 
test bearing were 1.5 in. from it, 

A first series of tests was made at no load so that very 
little oil was required and loading devices would not 
complicate the other heat flow paths. Heat loss to oil, 
Hou, is taken as zero. It was possible to measure friction 
torque by a simple strain-gage beam, Fig. 1, and it was 
used as a check on values of torque as calculated by 
Petroff’s equation. The measured test-bearing temperatures 
are plotted as experimental points in Fig. 8. It may be 
seen that close agreement is obtained with calculated 
values, represented by the curves. It should be noted that 
the temperature was measured in the bearing wall very near 
the oil film and that the calculated value of heat generated 
is based on film temperature, foi1, which is assumed to be 
equal to the bearing temperature, ¢}. 

A second series of tests was made with the same bearing 
and shaft but under various loads corresponding to unit 
pressures of 80 psi to 480 psi. The test bearing was loaded 
by a hydraulic cylinder, heat-insulated from the bearing. 
Oil was supplied under inlet pressures of 15 psi to 45 psi, 
and the heat loss to the oil was generally larger than by 
other paths. This may be seen in Fig. 9, a typical calcu- 
lated heat balance diagram. Journal friction torque and 
heat generated for the loaded bearing were calculated by 
the methods and factors of DuBois, Ocvirk and Wehe 
(11, 12). 
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Fic. 9. Heat balance chart calculated for the test bearing under 
load (n = 600 rpm, P = 320 psi unit load, po = 15 psi oil inlet 
pressure, to = 80 F). 


The temperature differences between points close to the 
inside and to the outside cylindrical surfaces of the bearing 
were found by measurement to be no more than 0.5 F for 
the highest heat flow possible with the test apparatus. 
Rises of oil film temperature above ambient temperature 
were calculated for four combinations of load, speed and 
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TABLE 1 
Test vs. Calculated Temperatures for Loaded Bearing 





Oil inlet Ambient Test 
Unit load pressure Load number temp. temp. rise 
¥ Po Nu to (t1—to) 
psi psi (P/pon’)(cr/r)*(d/l)? deg F deg F deg F 
80 30 3.03 81 45 44 
160 30 6.7 82 29 30 


240 45 9.3 79 | 29 28 
15 17.9 80 | 23 22 


Calculated 
temp. rise 
(tou —to) 


























oil inlet pressure, and they are compared in Table 1 with 
test values for the inner bearing surface. This covers a 
range of load numbers from 3 to 18. Agreements within 
one deg F were obtained. 

For no-load operation with gravity oil feed, circumfer- 
ential temperature gradients are not to be expected. The 
oil film is of uniform thickness, and it generates heat 
uniformly over the bearing surface. Irregular cooling is 
negligible because of the small amount of incoming oil, 
and in the test, because there is no pedestal. For operation 
under load and pressure oil feed, circumferential gradients 
are to be expected, but their effects on the prediction of 
average oil film temperature may be negligible, in small 
bearings at least. Also, in the test, the bearing housing was 


insulated from the loading device. Thus, the circumfer- 
ential conduction within the bearing metal tends to produce 
uniform temperatures in the outer wall or heat-dissipating 
surface of the bearing housing. In addition, the rotation of 
the shaft within the oil film heats the shaft uniformly. 


Conclusions 


A sound basis in heat transfer theory, together with 
coefficients, has been presented for the predetermination 
of bearing operating temperatures. The rotating shaft is 
found to be a major source of heat dissipation. To have 
neglected it for the short shaft of the reported tests would 
have made a difference of as much as 35 F between the 
calculated and the measured temperatures. Even with 
pressure lubrication, the shaft can be a major cooling 
source if the shaft is long and rotating at high speed. 

To minimize the cut-and-dry nature of the calculations 
certain approximations are indicated: uniform temperature 
radially and circumferentially throughout the bearing and 
its housing; equal temperatures in housing, oil film, and 
shaft at the bearing; a central position for the adiabatic 
plane; and a combined convection and radiation coefficient 
constant along the shaft. The test results with a housing of 
cylindrical shape and with a shaft of effective length twice 
the bearing length justify the approximations and indicate 
that basic theory may be successfully applied to bearing- 
shaft combinations similar to that of the test. 
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Appendix 


Location of the Transverse Adiabatic Plane in a Rod Heated 
at Both Ends 


Heat conduction through a homogeneous material occurs 
according to Fourier’s law (6, 7, 8). 


dt 
q= —kA— a] 


This, together with Equation [2], gives for the element of 
Fig. 10 
nd? dt 
—A(addx)\(t—to) = dg = a|-«—F| 
4 dx 
whence 
at , ‘ . 
——m-*t = —m*t 
aA 0 [b] 


where m? = 4)’,/kd, assuming 4’, and k to be constant. 


The solution of Equation [b] is 
t = Cye™*+ Coe-™7 + to 
at 


re = m(Cye™* — Coe-™*) 


whence 


—Xsltrd dx)(1-t,) 


a——~_ _— ty = ambient 
temperature 


RTO ‘ 


Fic. 10. Heat flow through an element of a rod heated at both 
ends at different temperatures. 








The constants of integration C; and Cz may be evaluated 
from the conditions that ¢ = t; at x = 0 and t = fe at 
x= L, 

The position of the minimum value of ¢ is the location 
of the adiabatic plane. Its position may be found by the 
usual method of determining minima, setting dt/dx equal 
to zero and x equal to a in Equation [d]. Accordingly 
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The Finite Partial Fitted Journal Bearing 


By MELVIN J. JACOBSON! and EDWARD A. SAIBEL? 


An exact solution is found for the finite fitted journal bearing. Numerical calculations are 

carried out for an arc of 60° and an arc of 120° for various positions of the bearing. A 

comparison is made of the load, pressure distribution, and friction force for the finite bearing 

and the infinite bearing (no side flow). It is concluded that in general the neglect of side flow 
yields a solution that may be in great error. 


Nomenclature 


e distance between center of journal and center of 
bearing 

linear velocity of journal 

polar angle measured from line of center of bearing 

and journal 

inlet, outlet edges of bearing 

pressure 

viscosity 

film thickness 

axial variable measured from central axial section 

radius of journal and bearing 

ylr 

6uUr|/e? 

half length of bearing 

L/r 


U 
6 


61, Oe 


mre re FED 


Introduction 


Ir is well known that Reynold’s lubrication theory, when 
applied to journal bearings, gives rise to a partial differential 
equation for the pressure in which the independent vari- 
ables are the polar angle @ of the bearing and an axial 
variable y. Because of the difficulty in solving the equation, 
early investigators neglected the axial effects, thereby 
reducing the problem to the solution of an ordinary 
differential equation in which the only independent 
variable is the polar angle. Discarding the axial effects is 
equivalent to assuming that the bearing has infinite length. 
Unfortunately, the solution of the infinite bearing problem 
often gives results which do not agree well with measured 
values. For example, the infinite bearing solution fre- 
quently predicts pressures in the lubricating film which 
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are much too large. This result in turn gives rise to com- 
puted performance characteristics which differ considerably 
from measured values. For example, Shaw and Macks (1) 
have compared results of the one-dimensional theory with 
experimental findings of Bradford (2) and have concluded 
that the simple theory can lead to optimistic values of 
load capacity that err by more than 100%. In more recent 
times, theoretical studies have been made of finite length 
bearing problems, an example being the work of Muskat 
and Morgan (3). In addition some numerical studies have 
been made, including those of Raimondi and Boyd (4) 
involving clearance bearings having various length to 
diameter ratios and various arc lengths. 

An analytical solution of the partial differential equation 
for the pressure is found for the case of the finite length, 
partial fitted journal bearing. The solution is valid for the 
hydrodynamical problem, which means that the pressure 
at the periphery of the bearing is taken to be ambient. A 
partial fitted bearing, as shown in Fig. 1, is one in which 





Fic. 1. Cross-section of partial fitted journal bearing. 


the bearing does not completely surround the journal and 
the radii of the bearing arc and journal are equal. The 
pressure solution has been evaluated with the aid of a 
digital computer for a number of situations, and is com- 
pared with the solution for the corresponding infinite 
length bearing. 
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The solution 


For an incompressible and constant viscosity lubricant, 
Reynold’s equation for a finite length journal bearing may 
be written as (5) 


1 @ Qa We aa 6u.U dh 
sal" a) t=) “ee [1] 
2 26\ 00) ay\ ay r a0 


When the distance between the centers of the journal and 
bearing arc is small compared with the radii of the journal 
and bearing, the film thickness for the case of the partial 
fitted bearing may be written as 


h = ecos@ [2] 


If [2] is substituted into [1] and if the dimensionless 
length z = y/r is introduced, then [1] reduces to 


7) op é op d cos 6 
_ (costa =)+ sz cos =| = B [3] 
06 06/ oz dz dé 





When the pressure is ambient along the periphery of the 
bearing arc, 


P(%1, 2) = p(O2, 2) = p(8,z0) = p(8,-—z0)=90 [4] 


y and consequently z being measured along the shaft from 
the position of symmetry, the length (dimensionless) 
being 220. 

The solution of [3] under these boundary conditions 
can be shown (6) to have the form 


. f = Le F cosh (44z)Q;(4) [5] 





t=1 


where f(@) is the solution of the corresponding infinite 
length bearing, A; and y are constants, and the Q, are 
functions of 8. In particular, 





f(9) &(42)—g(61) 
— = 9(6)—g(6,)— ———— [h(6) — h(0 6 
gH) Fg HOMO (6) 
where 
g(9) = tané [7] 
and 
Me 1 sind Ped 1+ sin @ m 
en ee "3 


The constants ; are the roots of the equation 
si1 0, F002) F201) — sin 02F{0(0;)F{2(02) = 0 [9] 


where F;) and F;®) are the hypergeometric functions (7) 








34++/(9+4A7) 3-—+/(9+4A 1 
F(26) = r| vi r ) vi : ), - snt| [10] 
4 4 ‘ve 
and 
F,2\0) = 
34++/(9+4A2) 13-+1/(94+4A?) 1 3 
= F| i ca aA Os 5isin] [11] 
+ 2 + 22 


In addition, 


02 4 
| “ cos6Q;(6)d0 


A; 
peat 8 U2] 
cosh(A;20) | cos*9Q;2(6)d0 
A, 





and Q,(8) may be written as 


6) = Fe FON) _ nF i20) [13 
= — ———— sin 
On (8) F@@,)sin@ (9) [13] 
when 
sin 6, Fy(61) #0 

and as 

O,(0) = sin OF; 26) [14] 
when 


sin 0,F{2(;) = 0 


Numerical Evaluation 


It will be observed that both the finite and infinite 
bearing solutions as given by [5] and [6] contain 8 only as 
a multiplying factor so that entire families of solutions can 
be obtained merely by specifying the inlet and outlet edges 
6, and 62 and the ratio of the length to the diameter, zo. 
The solution corresponding to one set of values of these 
parameters is then multiplied by the appropriate value of 
B to give the pressure distribution for the desired values of 
viscosity, linear velocity, radius, and maximum film 
thickness. 

The solutions for the finite and infinite bearings were 
found for the case of bearings having a length to diameter 
ratio of 0.5 and having bearing arcs of 60° and 120°. A 
high-speed digital computer was used and fixed point 
arithmetic was employed since the ranges of the variables 
were not great and since very high accuracy was not 
required. The ranges of the independent variables @ and z 
were each split into twenty intervals, giving a field of 400 
pairs of values at which the solution (6, z)/B was to be 
computed. 

The first part of the problem involved the determination 
of the constants 4; from [9]. Since the asymptotic value ), 
given by 


i= 





Per +0(1) [15] 
is available (6, 8) when # is a large positive integer, it was 
used as a starting approximation for an iterative root 
locating scheme. The method chosen was to pick two 
values of lambda which bracket the desired root, use 
linear interpolation to determine a new approximate root, 
and then to use this value as the endpoint of a new inter- 
polation. This technique was repeated until the desired 
accuracy was obtained. 

It should also be mentioned that, in using [9], the series 
expansion (7) 


Nibaak< 14s ee 24+... [16] 
Ile 2!e(c+ 1) 








was employed to compute the hypergeometric functions. 
This series is particularly good for small values of 44. For 
large 44, the convergence is slow. Fortunately, however, 
high accuracy is not necessary for large 4; since the terms 
in the solution [5] for large 7 are necessarily small. In 
making use of [16], the usual procedure was to truncate 
the series at the point where the last term computed was 
less than 2 x 10-6, 

In all examples considered, only the first eight or nine 
values of A were found necessary to give a good solution. 
In particular, the largest computed pressure found along 
2 = +20 was at most 4% of the maximum pressure which 
occurs along z = 0. It should be recalled here that the 
actual pressure along z = + 29 must be zero. 

After the quantities p(0, z)/B and f (6)/B were computed, 
they were used in the computation of the load-carrying 
capacity of the journal and the frictional force. It is known 
that the component Py of the load applied to the journal 
in the direction OC and the component Py perpendicular 
to OC, see a 1, are given by 


nd {> P vos dd0dz [17] 
an 
and 
Pu Pe. 
ry = {| ac 6d6dz [18] 
D 


while the frictional force F is given by 


ep a(pib) 


a | J [300 cond 2 4 | ats [19] 


where D is taken to be that range over @ and z for which 
p(9, 2) is positive. 

The lattice of points at which (0, z) has been computed 
formed a natural subdivision of the domain for integration 
purposes. The only blocks in the domain which were 
allowed to contribute to the integrals were those which 
had positive values of the pressure at their four corners, 
since, as is customary, negative pressures are assumed not 
to exist. In [19], the partial derivatives for a block were 
determined by averaging the two first differences obtained 
across the block in the @ direction. 


Results 


In studying the pressure distribution, load, and frictional 
force for bearings having a total arc of 60°, it was felt that 
sufficient information would be obtained if the cases 
corresponding to the inlet and outlet edges (01, 42) = 
(—60°, 0°), (—45°, 15°), (—30°, 30°), (—15°, 45°), and 
(0°, 60°) were examined. Similarly, it was decided to ex- 
amine the cases (—75°, 45°), (— 60°, 60°) and (—45°, 75°) 
for bearings having a 120° arc. It might be mentioned at 
this point that if ~:(0, z) is the pressure solution for the 
case (61, 42) and if po(0, z) is the solution for (—62,—4;), 
then it can be shown that 


po{—9,2) = —prl9, 2) [20] 
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Because of this relationship, it was not necessary to com- 
pute the pressure for the cases (—60°, 0°), (—45°, 15°), 
and (—75°, 45°). 

In Figs. 2 through 6 curves of pressure vs. angle are 
shown at various sections of the finite bearing. The pressure 
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Fic. 2. The pressure distribution for 61, 62 = —30°, 30° and 
zo = 0.5. 
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Fic. 3. The pressure distribution for 61, 02 = —15°, 45° and 
zo = 0.5. 
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Fic. 4. The pressure distribution for 61, 02 = 0°, 60° and 20 
= 0.5. 
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distribution for the corresponding infinite bearings appear 
also. In Table 1 the @ region of positive pressure, the 
maximum pressure and its @ location, the two components 
of load, and the frictional force are listed for both the 
infinite and finite bearings having arcs of 60°. Similar 
listings appear in Table 2 for bearings having arcs of 
120°. The quantities P and @ are the magnitude and 








20 
























+-04 = direction of the load, and the region of positive pressure 
5 is listed as a range over @ only, since it was essentially 
di independent of z in all cases studied. Also, the location of 
° the maximum pressure occurs at the central axial section 
| a z=0. 
° In general, the solution for the infinite bearing over- 
Fic. 5. The pressure distribution for 61, 02 = —60°,60° and estimates the maximum pressure, in some cases by over 
Se ao OS: 100%. The infinite bearing also overestimates the total 


load-carrying capacity, in general. However, note that in 
the case of the 120° bearing ranging from —75° to 45°, 
the infinite bearing predicts no region of positive pressure 
yet the finite case shows a positive region ranging from 6° 
to 45° and consequently a definite load-carrying capacity. 
fg INFINITE) It appears as though no reliability can be placed on the 
approximation of a finite fitted journal bearing by an 
infinite one. It is interesting to note, though, that the 
differences in the two tend to become more pronounced as 
the length of the bearing arc increases. 
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TABLE 1 


Some Bearing Characteristics. 60° Bearing Arc 






























































60) 
4 Is!) ad | 7% ” oh a s 
INFINITE LENGTH BEARING 
REGION OF POS. PRESS. NONE NONE 0 ,30° -15 ,45° __0,60° 
MAX. PRESS. /6 Oo Oo Ou .061 AT 
LOC. OF MAX. PRESS.| @= -60,0° @= -45,15° ei8° @*27° @*43° 
(PyiPy)/22%8 .00052 ,.0018 | .0065,.018 .031,.043 
p/22%8, @ .0018 ,16° .019, 20° .053, 36° 
(3/n eB) F .27 _ $7 .66 
FINITE LENGTH BEARING 
REGION OF POS. PRESS, NONE NONE 0, 30° -15,45° 0 ,60° 
MAX. PRESS. /£ ° Oo .010 .037 10 
LOC. OF MAX. PRESS. |@=-60, OS All z | @=-45,15° all Z| @*185 Z*0 | @*28°,2*0 | 6*46°,zZ *0 
(Py Py) /2n8 .00035,.0012 | .0027,.0065 012, .016 
P/22%,@ .0013, 16° .0070, 23° .020, 37° 
(3/ne8) F .27 51 .61 
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TABLE 2 





Some Bearing Characteristics. 120° Bearing Arc 

































































-75 
60 -60 
45 ‘sie 
0 ° 
INFINITE LENGTH BEARING 
REGION OF POS. PRESS. NONE 0,60° - 45,75° 
MAX. PRESS./p 0 AT .94 
LOC. OF MAX. PRESS. -75,45° 44° 58° 
(Py ,Py)/2a°e .030, .043 25.40 
P/2a'2,¢ .053, 35° 47, 32° 
(3/7 eP)F .66 1.46 
FINITE LENGTH BEARING 
REGION OF POS. PRESS. 6,45° 0,60° -6,75° 
MAX. PRESS. /8 033 10 .39 
LOC. OF MAX. PRESS. 30°, Z*0 @*46°, Z=0 @ *65°,Z*0 
(Py Py )/2a°8 .0023 ,.0043 .O,. 018 .057 ,.045 
P/21°2,¢ .0049 , 28 ° .019, 36° .073, 52° 
(3/neB)F 38 55 1.05 
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DISCUSSION 


Discussor: Gregory Flynn, Jr. 
General Motors Research Laboratories 


In connection with a special type of diesel engine that was 
developed for the United States Navy, we performed 
extensive tests on partial journal bearings for the connecting 
rods and found that for an application of that type a fitted 
partial journal bearing will always fail. In reporting the 


tell about the unsuccessful designs. ‘“‘Diametral clearance 
was fixed at 0.005 in. based on film thickness, calculations, 
and experience”’, (page 2), is all the detail they give of the 
many tests that were performed in order to find the 
optimum clearance. In particular, they found that failure 
was inevitable for a fitted bearing, consequently produc- 
tion connecting rods were all made with proper clearance 





Fic. 1. 


(Fig. 1). Two other engine designs have since been built 
around these partial bearing connecting rods and have 
proved to be very satisfactory. We are then faced with the 





1 A. F. Underwood and A. E. Roach, “Slipper Type Bearings 
for T'wo-cycle Diesel Connecting Rods’’, Paper 715, presented at 
the SAE Annual Meeting, January, 1952. 
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problem of reconciling the experimental results of Under- 
wood and Roach and successful field experience in hun- 
dreds of engines with the theoretical analysis of this 


paper. There are two possible explanations. 
The film thickness Equation, [2] 


h = ecos0 


of the authors is only an approximation as can be seen by 
the following development. The equations for the surfaces 
of the journal and bearing are 


x24+22 = 7 
x2+(z+e)? = 7 
The notation is explained in Fig. 2. The plane 


xcos@—zsin@ = 0 





\z 


Fic. 2. 


\ 





makes the angie @ with the direction of displacement, 
positive 6 being measured clockwise. The desired inter- 
sections of this plane with the journal and bearing are 
(—rsin 6, —r cos 6) 
—[e++/(r?—e? sin?@)sec 6] sin @ cos 8, 
—[e++/(r?2—e? sin2@)sec 6] cos? 
The square of the distance between these two points is 
h? = e?(cos?@—sin?6) + 2(r—e cos @)(r— +/(r?2—e? sin?6)) = 


8 16 
= e2 cos’? — — cos 6 sin20 + ——-sin4@ — -—-sin4@ cos@ +. 
r 4r 4 


Thus it is seen that the authors omitted terms after e2. 


While the approximation does appear to be quite good, 
nevertheless it may distort the film thickness in the analysis 
sufficiently to indicate that the bearing will support a 
load whereas the actual film thickness is of such a shape 
that no load can be supported. 

The analysis of this paper has one defect that is common 
to almost all lubrication analyses and which may explain 
why the authors conclude that such a bearing can operate. 
The position of the journal is first assumed and then the 
load that the bearing would support in this position is 
calculated. In actual bearings the order is reversed; the 
bearing is first given a load to support and then it finds a 
position—if there is any—in which it can support the load. 
Since the analysis proceeds in the opposite direction, only 
those loads are obtained that the bearing can support. 
There is no guarantee that any positions will correspond 
to the loads that a bearing is required to support in an 
engine. It would be interesting for the authors to see 
whether they can find bearing positions that will support 
the typical loads in a diesel engine. 

The fact that these authors have theoretically predicted 
that fitted bearings will work—bearings which we have 
experimentally shown will not—illustrates the extreme 
caution with which an analysis must be accepted and the 
extreme care with which one must examine its assumptions 
and its logical structure. 


Closure: 


The authors fail to understand the last paragraph of the 
discussion. The theory developed by them, as well as that 
developed by others shows a positive pressure development 
and consequently load-carrying capacity under the proper 
circumstances. In the discussion it is pointed out that 
successful field experience has been encountered in 
hundreds of engines. If the discussor has been unsuccessful 
in his experience it is probably due to the conditions under 
which he conducted his tests. Perhaps a theoretical analysis 
such as the present one would have helped him. 

It is in the nature of the problem that the solution has to 
be carried out in the order in which it was carried out. 
This, however, entails little difficulty in the present case 
since knowing the load in direction and magnitude which 
is to be carried, a series of solutions can be obtained and 
the one suitable to the given conditions used. 

As for the approximation used for the film thickness, it 
seems very unlikely that it is the cause of anything but 
very minor errors. 
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Investigation of “Meit Lubrication” 


By B. STERNLICHT!? and H. APKARIAN! 


Nomenclature 


A = area, in? 

C = constants (see Equations [1-8]) 
c = specific heat, watts-sec/lb deg F 
E = total energy loss, watts 

F = frictional force, lb 

f = coefficient of friction 

I = current, amps 

k = thermal conductivity, watts-in./in? deg F 
R = contact resistance, ohms 

U = relative velocity, ft/sec 

V = voltage drop, volts 
W = normal force, Ib 

a = diffusivity, in?/sec 

2 = viscosity, lb-sec/in® 

p = density, lb/in® 


Introduction 


Tuts paper describes an experimental investigation of the 
physical phenomena occurring at the interface of high 
speed electrical sliding contacts. Special attention was 
focused on wear and energy dissipation at the interface 
of different sets of rubbing materials. This condition has 
been described by the term “melt lubrication” in the 
work by Saibel (1) and, therefore, this terminology will be 
employed in this paper. An attempt to give analytical 
predictions of the behavior of a set of originally solid 
materials sliding on each other is made by applying known 
analytical results from related fields. 

This investigation differs from earlier work in that for 
this application, high electrical current had to be trans- 
mitted across the interface. This resulted in additional 
energy loss at the interface due to electrical contact resist- 
ance. Thus, within the scope of this investigation two 
sources of energy loss were considered. The mechanical 
friction loss represented by the term FV and the energy 
loss due to contact resistance R, represented by ?R. 

There exists excellent agreement between the present 
results and the experimental results of earlier investigators 
(Saibel (1), Bowden and Tabor (2), and others), which 
indicates that under certain experimental conditions, local 
melting of the solid material will occur. Accordingly, the 


ordinary type of dry or nearly dry friction between rigid 
bodies will be replaced by a state of relative sliding charac- 
terized by the existence of a partially molten layer of 
material. Thus, the deformation process will be charac- 
terized by a viscosity constant () rather than by a constant 
of elasticity. Under a sufficiently high continuous energy 
dissipation, a molten layer of material will be established 
and due to the relative motion of the surfaces, ‘“‘hydro- 
dynamic” pressures will be developed. These pressures 
will at least partially support the external load W. 
Although the physical picture above is a greatly simplified 
model of the actual process, for practical application it has 
proven successful in allowing the understanding of the 
most interesting features of the high speed friction process. 


Test procedures 


Tests were conducted on a high speed friction and wear 
machine! which is shown schematically in Fig. 1, and also 
on an electro-magnetic gun. The former machine was 
instrumented to measure normal force, frictional force, 
current and voltage simultaneously. The electromagnetic 
gun simulated the actual system for which this whole study 
was undertaken. In this test only current and voltage were 
measured. In both tests, wear was determined by weight 
and length measurements of the prod. 

The test results reported in this paper cover a range of 
velocity up to 2000 ft/sec and current densities up to 
600,000 amps/in?. Because of the very short test periods, 
electronic measuring instruments were chosen to observe 
the normal force, frictional force, current, and voltage 
drop. Frictional force and normal force were measured by 
the use of strain gages mounted on the prod holder. The 
voltage drop was measured between the bottom prod and 
a pool of mercury (Fig. 1). These four measurements were 
made on a four-channel oscilloscope and were recorded on 
a drum camera. A typical test run recording is shown in 
in Fig. 2. The angular velocity of the disk was obtained 
from the motor tachometer and also from a timing wave 
on the film. Retracking of the mating surface was avoided 
by transverse feeding of the prod across the disk rim. This 
resulted in a spiral path of the prod on the disk. 

Two sets of tests with 0.125 in. diameter prods were 
conducted. The first set was made with prods of high 





Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Atlantic City, N.J., 
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1 Characteristics of the machine were described in a paper 
entitled ““A High Speed Friction and Wear Machine’’ by H. G. 
Alarke, Jr. and W. W. Shugarts, Jr., 1955 Annual Meeting of 
CSLE. 
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Fic. 1. Test machine. 


melting temperature materials (including aluminum) 3. Relative sliding velocity, U 
running against a copper-plated steel disk. The second set 
employed prods made out of low melting temperature 
materials against a chrome-plated steel disk. The prop- 5 er . — f 
erties of the materials tested are given in Table 1. > Sa ye 


and the following parameters were measured: 


3. Current, J 
The variables investigated were: 4. Voltage drop, I’, at contact area 
1. Normal force, W 5. Relative sliding velocity, U 
2. Current density, J/A 6. Wear 
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Fic. 2. Oscillograph of solid tungsten on copper-plated disk. 


Discussion of test results 


The purpose of the study was to select one or more 
combinations of metals yielding the smallest value of total 
energy loss and wear. 

One set of tests was run with a copper-plated steel disk; 
the other one with a chrome-plated steel disk. 

(a) Figures 2-6 show typical performance characteristics 
for the copper-plated disk sliding against the high melting 
temperature prod metals. The experimental results show 
that normal force is inversely proportional to contact 
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Fic. 3. Graphical summation of tungsten prod 
on copper disk. 


voltage drop (Fig. 2). Thus, for a prescribed value of the 
sliding velocity it seems possible to find an optimum value 
for the normal force which will minimize the total energy 
loss. The test results suggest the following order of prefer- 
ence in material choice: i, molybdenum; ii, tungsten; and 
iii, chrome. 
(b) Figures 7-12 show typical performance character- 
istics for several materials sliding against a chrome-plated 
disk. Figures 7-9 show, respectively, friction force, wear, 
and contact resistance vs. normal force for an aluminum 
prod. 

It should be noted that the contact resistance shows a 
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Fic. 4. Graphical summation of molybdenum prod 
on copper disk. 
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Fic. 5. Graphical summation of chromium prod 


Fic. 6. Graphical summation of aluminum prod 
on copper disk. 
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Fic. 7. Friction force vs. normal force for aluminum prod on chrome disk. 
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Fic. 8. Friction wear vs. normal force for aluminum prod on chrome disk. 


variation of only 15% for a threefold increase in normal 
force. The optimum value of the normal force to minimize 
the total energy loss must be consistent with the force 
required to prevent bouncing and arcing at the prod inter- 


5, 


face. It was found from tests that a pressure of about 
600 psi would prevent bouncing and arcing. For this set of 
tests the following order of material preference was estab- 
lished: i, copper; ii, silver; and iii, aluminum. 
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Fic. 9. Contact resistance vs. normal force for aluminum prod on chrome disk. 
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Fic. 10. Graphical summation of aluminum 



































































































prod on chromium disk. 


Discussion of physical process at interface area 


Different investigators have shown experimentally that 
for most metals in sliding contact under certain operating 
conditions, the frictional force decreases with increasing 
sliding velocity. This behavior can be attributed to partial 
melting at the interface, thus partially replacing the dry 
friction between the two rigid materials by a shear resistance 
acting in the layer of molten material. At high speeds, the 
heat generated at the interface causes this transition from 
dry to fluid friction to some intermediate condition of 
“mixed” friction. The reduction in friction coefficient 
caused by the transition more than offsets the high shear 
force resulting from the increased velocity gradient in the 
molten layer. Obviously, the change in viscosity of the 
molten material and completeness of the liquid layer are of 
major importance compared with the increasing velocity 
gradient. A further physical interpretation yielding the 
same condition would be that the thickness of the molten 
layer increases locally with increasing speed, thus reducing 
the velocity gradient and resulting in smaller shear resist- 
ance for increasing values of sliding velocity. 

It can thus be postulated that hydrodynamic pressures 


G 


Fic. 11. Graphical summation of copper 
prod on chromium disk. 
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on chromium disk. 


will be generated at the interface which will at least partially 
support the normal force. The removal of material from the 
prod contact area, i.e. “wear’’, will largely depend on the 
resulting flow pattern of the molten or partially plastic 
material. 

Under the test condition of current flow across the 
sliding contacts, it was observed that contact resistance 
increased with speed. This effect may be attributed to 
steep temperature gradients in the prod and the formation 
of a molten liquid layer at the interface. Since the supply 
voltage was held constant, a reduction in current flow 
occurred with a corresponding reduction in J?R. 

The phenomena of decreasing friction force and contact 
resistance with increasing velocity result in the beneficial 
condition of minimizing wear. 

An interesting result was deduced from the analysis 
which shows that for any given relative velocity and 
combination of sliding materials, there is an optimum 
normal force which produces minimum total energy loss. 


E = [?R+FUGQ, [1] 


where C; = constant, watts-sec/ft-lb. 





Fic. 12. Graphical summation of silver prod 
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The above equation is next expressed in terms of normal 
force. It is then differentiated with respect to dE/dW and 
the minimum normal force is obtained. 

From the test results we find that (Fig. 2): 





VW =C2 [2] 
Pee one Ne [3] 
RR 
F= fw [4] 
R = C3—C,W (Fig. 9) [5] 
Rewriting Equation [1]: 
E = C2°(C3W2-—C,W3)1+fWC, [6] 
differentiating 
One eae) 7) 
dw (CsW2—C,W?)2 
Gs tyra, Fan, 2D gg EE = 0 [8] 
C4 C4 fUCQ{C, fUC, C4 


Thus, by substituting all the experimental constants 
into Equation [8] it is possible to find the five roots of the 
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equation and by proper choice of W minimize the total 
energy loss. 


Wear analysis 


Observations of sliding friction at high velocities by 
various investigators, and in this study, have shown that 
high surface temperature and melting of at least one of the 
sliding materials occurs. Indications have been that the 
extent and characteristics of the im situ film are dependent 
upon the thermal and hydrodynamic conditions involved 
in the sliding process. Consequently, these same conditions 
are the important criteria for wear of the prod. The thermal 
aspects of the metal properties (Table 1) and the generated 
frictional heat determine the time at which melting is 
initiated and the melting rate at the interface. The hydro- 
dynamic aspects, which involve velocity, load, density and 
viscosity of the molten film, define film pressures generated 
at the interface, molten layer thickness and flow or end 
leakage of the molten film. 

As a first step in the analysis, the heat flux was calculated 
for the operating conditions of speed, load and J2R loss. 
This heat flux enters both the prod and the disk and thus 
is divided. If it is assumed that there is no temperature 
gradient between the rubbing surfaces, then a heat transfer 
calculation can be made for two semi-infinite solids sliding 











TABLE 1 
Thermal Density, Specific Diffusivity, Viscosity, 
Metal Cond., Ib/in® heat in?/sec (Ib-sec/in?) x 107 Melt. Temp., 
watts-in/in? watts-sec/Ib °F °F 
p c a B 
Cu *5.00- 
@ 4112 F 0.324 111- 0.139 4.9- 1982 
@ 1112 F @ 1987 F 
123- 4.5- 
@ 1982 F @ 2192 F 
Ag 5.83- 0.374 60- 0.260 5.6- 1762 
@ 212 F @ 212 F @ 1832 F 
0.335- 69- 4.3- 
@ 1762 F @ 1762 F @ 2192 F 
0.324— 3.9- 
@ 2372 F @ 2372 F 
Al 3.78- 0.0986 308- 0.126 6.5- 1220 
@ 932 F @ 1215F @ 1220 F 
0.85- 0.086- 4.2- 
@ 1364 F @ 1220 F @ 1292 F 
0.081- 3.6— 
@ 2012 F @ 1472 F 
Cr 0.95- 0.260 115- 0.034 2940 
@ 98 F @ 212 F 
Mo 1.95- 0.369 70- 0.075 4757 
@ 212F @ 212 F 
1.57- 94 0.046 
@ 2732 F @ 2732 F 
Ww 1.60- 0.697 43- 0.054 6172 
@ 3632 F @ 3272 F 
1.84— 
@ 5082 F 























* Values assumed to be for normal temp 


. unless temp. in °F at which values were measured is indicated. 
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on one another. The two bodies are in contact over a 
finite area, which is also a heat source. The motion is 
assumed to have proceeded long enough for a steady tem- 
perature field to be established. The solution for the 
division of heat flow between the bodies was analyzed 
employing the procedure outlined in (3). Once this division 
of heat was established, it was possible to determine next 
the temperature in the contact zone. This was done by the 
calculation procedure outlined in (4, 5, 6). The results 
thus obtained indicated that sufficient energy was generated 
at the contact surface to cause melting of the prod at 
velocities well below 2000 ft/sec. These results were 
verified by examination of the prod surfaces after the test 
runs. A calculation was also made to determine the con- 
tinuous heat rate necessary to raise the temperature of 
the various prod materials to their melting point and for 
completely melting them at the rate of wear measured 
from the test data (7). It was found that only 0.2 to 1.0% 
of the total heat generated at the interface was required to 
melt the wear materials. Based on this result, it was con- 
cluded that a molten layer exists at the interface. It was 
assumed that the layer is continuous. Thus, the conven- 
tional hydrodynamic theory of lubrication was applied to 
load and wear calculations. The wear in this case is 
represented by flow of the molten film caused by end 
leakage due to hydrodynamic pressures and shear. 

In the application of Reynolds’ equation to melt-flow 
lubrication, it is recognized that parallel surfaces moving 
with relative velocity are able to support a normal force as 
a result of “‘thermal wedge”. Thus, based on thermal and 
hydrodynamic considerations, it is possible to determine 
the pressure profile that will exist between the moving 
surfaces. Integration of these pressures yields resultant 
load with magnitude equal and opposite in direction to the 
normal force. The end leakage, or flow, of the molten film 
can be calculated from the pressure gradients and film 
thickness. 

For comparison, the flow calculations were made using 
a one-dimensional analysis (8, 9) and a two-dimensional 
analysis. In the two-dimensional analysis, difference 
equations with variable density and viscosity were solved 
on a digital computer using the method outlined in (10). 

For a one-dimensional case, the calculated flow for an 
aluminum prod was found to be 2.8 x 10-5 in’. The two- 
dimensional analysis yielded flow values equivalent to a 
change in prod length of 2.9x10-%in. These results 
compare quite well with the measure of 3.2.x 10-3 in. 
Other calculated and experimental results are compared in 
Table 2. In general, there was good correlation between 
theoretical and analytical results. The maximum deviations 
were in the order of 100%. 


Conclusions 


Several important conclusions may be drawn from this 
study: 


1. For the materials tested the coefficient of friction in 
general decreases with increase in velocity. 


2. In general, the coefficient of friction decreases with 
increased J2R drop. 

3. Contact resistance increases with increase in velocity. 

4. For any combination of materials and specific velocity 
there is an optimum normal force that will result in mini- 
mum energy loss and wear. 

5. Within reasonable accuracy, it is possible to predict 
wear as a function of energy loss (Table 2). 


TABLE 2 


W = 8.5 lb; Current density = 250,000 amps/in?; Length of 
travel = 30 ft 











| 
Material Experimental Theoretical 
1500 ft/sec 1500 ft/sec 
Total loss, Wear, Wear, 
Disk Prod watts Al Al 
in. in. 
Cu Mo 10,150 —_ — 
WwW 12,450 —_ —- 
Cr 11,170 0.0002 — 
Cr Cu 10,490 0.0006 0.0007 
Ag 11,280 0.0009 0.0015 
Al 10,720 0.0032 0.0029 

















6. Based on theory and experiment, the following com- 
binations of materials are selected in order of preference: 


. Molybdenum prod on copper disk. 
. Tungsten prod on copper disk. 

. Chromium prod on copper disk. 

. Copper prod on chromium disk. 

. Silver prod on chromium disk. 
Aluminum prod on chromium disk. 


moannwp 


When the prod carried current, the coefficient of friction 
was somewhat lower than without current. This is probably 
due to the decrease in metal viscosity with increased energy 
loss caused by the J?R drop. 

The increase in contact resistance with velocity may be 
explained by the higher resistance that is exhibited by a 
molten metal over solid metal. At higher velocity longer 
length of prod is in a molten state. 
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DISCUSSION! by William J. Anderson 


Dr. Jackson’s observation that good cleanliness is not an 
assurance of long life concurs with our findings from 
NACA fatigue studies. We believe that this lack of correla- 
tion is due in part to the fact that the standard technique 
of measuring cleanliness by means of Jernkontoret charts 
is too coarse a test. When cleanliness is held to bearing 
standards it may be that other factors such as carbide dis- 
tribution and retained austenite are more important than 
cleanliness to tool steel fatigue life. 

As mentioned by the author, the fact that comparisons 
are made between fatigue performance with fresh and 
oxidized 7808 oils obtained from different vendors may 
partially invalidate these results. Base stocks used by 
different vendors may not affect the results as significantly as 
the various additives which vary markedly in composition. 

The test temperature will probably affect the influence 
of the oxidation state of the oil on fatigue because of 
volatility of oxidation products. Perhaps some of the 
deleterious oxidation products are all boiled off at 400 F. 
In our ball fatigue tests with 7808 oil (1), life decreased in 
going from room temperature to 250 F, but median life 
was better at 450 F than at 250 F. We attributed this im- 
proved median life to the formation of a very viscous 
residue which accumulated with time at 450 F. Also, 
harmful oxidation products present at 250 F may have 
been evaporated at 450 F. We would like to ask the author 
if there were any sludging difficulties encountered in these 
tests and whether or not there were any variations in the 
degree of sludging with fresh and oxidized oil. 

The polarity data of Table II indicate a random relation- 
ship between failure and polarity as measured by angle 
only; in addition to this, these data also indicate a definite 
fatigue weakness in the polar areas. If an average pole half 
angle of 40° is assumed (NACA tests on ten different ball 
materials showed an average half angie of 40°) then 6 of 
the 10 lowest lived balls and 4 of the 10 longest lived balls 
failed in the polar areas. For balls run on randomly oriented 
tracks with a homogeneous surface and a pole half angle of 
40° the probability of failure in a polar area is 0.15. Ten of 
the 20 balls examined failed in the polar areas with an ex- 
pected failure total of 3. Using the binomial distribution it 
can be shown that the probability of obtaining 10 or more 
failures in 20 such tests is about 0.02%. This is a high 
significance level indicating a definite weakness in the polar 
areas. This confirms rather than disagrees with NACA data 
which show that the polar areas are weak in fatigue. 
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AUTHOR'S REPLY? 


Dr. Antler has prepared an interesting discussion. For 
“EP” compounds containing metals, I agree that inorganic 
thermal breakdown products could provide some ‘‘EP” 
action. The paper specifically suggests that such degradation 
products of zinc dialkyl dithiophosphate (Zn DDTP) are 
present on the highly loaded valve lifter surfaces of the 
engine. This was based on the solvent treatment studies 
which showed that minor amounts of radiophosphorus 
could be readily removed with water. 

The major point raised by Dr. Antler is whether or not 
inorganic thermal breakdown products of Zn DDTP (e.g. 
zinc oxide, sulfide, phosphide, sulfate, phosphate) are in 
some way responsible for or contributing to its antiwear 
action. His suggestion that the Zn, Ni and Fe DDTP com- 
pounds may reduce wear by forming (metal oxide). Fe2O3 
spinels is an interesting one. Since we do not yet know the 
chemical composition of the films formed by Zn DDTP on 
rubbing metal surfaces, Dr. Antler’s idea cannot be ruled 
out. However, a study of the available data suggests that it 
is the phosphorus—rather than the metal or sulfur—which 
plays the key part in the antiwear action of this additive. 
The reasons for this are summarized in the following five 
points : 


1. We have conclusive evidence, as presented in this 
paper, that (a) tightly bound films containing phosphorus 
are formed by Zn DDTP on most of the rubbing surfaces 
of an operating engine, and (b) film-formation is greatest in 
those regions where Zn DDTP is known to be extremely 
effective in reducing wear—the highly loaded cam and 
valve lifter surfaces. 


2. A recent paper by Twiss, Loeser and Wiquist (1) 
shows that although both phosphorus and sulfur from 
Zn DDTP end up on cam and lifter surfaces, the amount 
of phosphorus found was much greater. For example, the 
weight ratio of P/S in Zn DDTP is about 1/2. However, 
their studies showed that the P/S ratio on the lifters at 45 hr, 
for example, was roughly 8/1. This represents a sixteenfold 
enrichment of phosphorus. Using both P-32 and S-35 
tagged Zn DDTP in a non-detergent base oil, these studies 
were made in a bench type device. 


3. We have not been able to detect zinc oxide—as Dr. 
Antler’s spinel idea would suggest—either from thermal 
breakdown of Zn DDTP or on valve lifters run on oils 
containing this additive. 


4. Although radiotracer and X-ray spectroscopic studies 
have shown that iron and steel test pieces acquire zinc when 
immersed in oil blends of Zn DDTP, I am not aware of any 
published data showing such zinc pick-up on rubbing metal 
surfaces (e.g. cam/lifter system). 





1 Discussion of paper by Jackson, E. G.; ‘‘Rolling Contact 
Fatigue Evaluation of Bearing Materials and Lubricants’. 
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2M. J. Furey’s closure to the paper “Film Formation by an 
Anti-wear Additive in an Automotive Engine’. 
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5. Dialkyl dithiophosphoric acid is practically as potent 
as the metal salts of this acid in reducing the rate of valve 
lifter wear. Furthermore, a dialkyl acid phosphate—which 
contains neither metal nor sulfur—is at least as effective as 
the metal DDTP compounds. These points are illustrated 
by the data in the following table obtained in an engine 
equipped with radioactive steel (SAE 5120) valve lifters. 


Effect of Various Phosphorus Additives on 
Valve Lifter Wear 








Lubricant Relative valve 

additive lifter wear rate 
None 100 
[(RO)2PSS]2Zn 4 
[(RO)2PSS]2Ni 1 
[(RO)2PSS]sFe 3 
(RO)2PSSH 9 
(RO)2POOH 2 








All the additives are derived from the alcohol 4-methyl-2- 
pentanol and are used in concentrations to equal the phos- 
phorus contribution of 1.3 wt.% Zn DDTP. 

It would thus appear that the contribution of inorganic 
thermal breakdown products, metal oxide spinels or sulfur 
to antiwear action is not a large one. 

Regarding Dr. Antler’s comment on e'ectron diffraction, 
we have previously used this method to examine the wearing 
surfaces of several valve lifters which had been operated on 
lubricants containing Zn DDTP. No identifiable patterns 
were found. Whether this was due to the amorphous or 
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microcrystalline nature of the surface layers or to incom- 
plete removal of the oil is not known. However, efforts to 
use electron diffraction on areas of high phosphorus concen- 
tration—as determined by the radiotracer studies presented 
in this paper—are being continued. 

It is true, as Dr. Antler points out, that “research-type 
bench machines’, as opposed to engines, may allow better 
control of test variables. However, important variables 
affecting engine behavior may be completely overlooked or 
too complex to duplicate in such laboratory devices. As an 
example, we found some time ago that valve train wear in an 
engine under “motored” conditions was considerably lower 
than that obtained under normal “fired” conditions. The 
speeds, valve spring loading, metallurgy, geometry, bulk oil 
temperatures and lubricants used were the same. This is 
one of the major reasons why further wear studies were 
carried out under normal operating conditions by using 
radioactive valve lifters. Similarly, radioactively-tagged 
antiwear additives are extremely useful tools for studying 
the mechanisms by which these compounds function in an 
actual end-application (e.g. an engine). 
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Errata Note: ASLE Transactions 
Vol. 2 no. 1. page 14. Forster, E. O. and Kolfenbach, J. J., 
“Viscoelastic Behaviour of Greases.’’ Equation [4] should read: 
7’ =Go/w 
instead of 


7’ =wGe 
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